NOTES 12(b)

HYDROSTATIC JOURNAL BEARINGS
Summary
In a hydrostatic bearing an external source of pressurized fluid forces lubricant between
two surfaces; thus enabling non-contacting operation and the ability to support a load.
Hydrostatic bearings can support large loads without journal rotation and provide large
(accurate and controllable) direct stiffness as well as damping (energy dissipation)
coefficients.
Hydrostatic bearings rely on external fluid pressurization to generate load support and a
large centering stiffness, even in the absence of journal rotation. The load capacity and
direct stiffness of hydrostatic bearings do not depend on fluid viscosity, thus making
them ideal rotor support elements in process fluid pumps. Current applications intend to
replace oil lubricated bearing with hybrid bearings to improve efficiency with shorten
rotor spans and less mechanical complexity. Current cryogenic liquid turbopumps
implement hydrostatic bearings enabling an all fluid film bearing technology with very
low number of parts and no DN limit operation. Details on the bulk-flow analysis of
turbulent flow hydrostatic bearings are given along with the discussion of performance
characteristics, static and dynamic, for hydrostatic bearings supporting a water pump.
Angled liquid injection produces a hydrostatic bearing with unsurpassed dynamic force
and stability characteristics.

Introduction
Hydrostatic bearings derive their load capacity not from shear flow driven effects
(hydrodynamic wedge and surface sliding) but rather from the combination of pressure
versus flow resistance effects through a feed restrictor and in the film lands. Figure 1
depicts thrust and radial hydrostatic bearing configurations for process fluid lubrication
turbopumps. Table 1 presents the major advantages and disadvantages of hydrostatic
bearings.

Fig 1. Hydrostatic radial and thrust bearings for process fluid rotating
machinery
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The hydrostatic stiffness is of unique importance for the centering of high-precision
milling machines, gyroscopes, large arena movable seating areas, telescope bearings, and
even cryogenic fluid turbo pumps for rocket engines. Note that hydrostatic bearings
require an external pressurized supply system and some type of flow restrictor. Also,
under dynamic motions, hydrostatic bearings may display a pneumatic hammer effect due
to fluid compressibility. However, and most importantly, the load and static stiffness of a
hydrostatic bearing are independent of fluid viscosity; thus making this bearing type very
attractive for application with non-viscous fluids, including gases and cryogens.
Table 1. Hydrostatic Bearings: Advantages and Disadvantages
Advantages

Disadvantages

Support very large loads. The load support
is a function of the pressure drop across the
bearing and the area of fluid pressure
action.

Require ancillary equipment. Larger
installation and maintenance costs.

Load does not depend on film thickness or
lubricant viscosity.
Long life (infinite in theory) without wear
of surfaces
Provide stiffness and damping coefficients
of very large magnitude. Excellent for
exact positioning and control.

Need of fluid filtration equipment. Loss of
performance with fluid contamination.
High power consumption because of
pumping losses.
Potential to induce hydrodynamic
instability in hybrid mode operation.
Potential to show pneumatic hammer
instability for highly compressible fluids,
i.e. loss of damping at low and high
frequencies of operation due to compliance
and time lag of trapped fluid volumes.

Consider the fundamental operation of a simple one dimensional hydrostatic bearing
[Rowe 1983, San Andrés 2002 ]. The flow is laminar and fluid inertia effects are not
accounted for; i.e. a classical lubrication example. Figure 2 depicts a 1D bearing of very
large width (B). A hydrostatic bearing combines two flow restrictions in series, one at the
feed or supply port, and the other through the film lands. In the feed restrictor (orifice,
capillary, etc.) the fluid drops its pressure from the supply value (Ps) to a magnitude (PR)
within a recess or pocket of typically large volume (see Figure 3). Since the recess is
deep, the pocket pressure is regarded as uniform over the entire recess area AR=bB. The
fluid then flows from the recess into the film lands of small thickness h, and discharges to
ambient pressure through the bearing sides, say Pa=0 for simplicity.
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Fig. 2 Geometry of a simple 1-D hydrostatic bearing

The flow rate (Qr) across the restrictor is a function of the pressure drop, Qt=f(Ps-PR). For
an orifice and capillary feeding,

Qr = Qo = Ao C d

2

ρ

(Ps − PR )

Qr = Qc =
;

π d4
(Ps − PR )
128 μ A c

(1)

with Ao and Cd as the orifice area and empirical discharge coefficient, respectively. (d, ℓc)
are the diameter and length of the capillary tube, typically ℓc » 20 d. The orifice
coefficient (Cd) ranges from 0.6 to 1.0, depending on the flow condition (Reynolds
number), the orifice geometry and even the film thickness. Under turbulent flow
conditions, tests and CFD analysis evidence Cd ~0.80.
Across the bearing film lands the fluid drops in pressure from (PR) to ambient pressure,
Pa. In the laminar flow of an incompressible fluid, the flow rate is a function of the
pressure drop and equals

QA = −

B h 3 ( PR − Pa )
B h 3 ∂P
=+
12 μ ∂x
12 μ L

(2)

where B is the bearing width and L is the film length with thickness h. Presently, no
surface motion along the x-axis is accounted for, i.e. the bearing is stationary. Under
steady state conditions, the flow through the restrictor equals the flow through the film
lands, i.e.
(3)
Qr = f (Ps − PR ) = 2 C l ( PR − Pa ) = 2 Ql
with Cl = B h3/(12 μ L) as a flow-conductance along the film land. Eqn. (3) permits the
determination of the recess pressure (PR) given the film conductance (Cl) and feed
restrictor parameters. For bearing design, a value of pocket pressure (PR) is desired, and
Eqn. (3) serves to size the diameter of the supply restrictor.
For the simple bearing considered, the pressure field on the bearing surface takes the
shape shown in Figure 3. Note that the recess pressure is assumed uniform or constant
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within the pocket extent (b). The assertion is not valid for flows with large Reynolds
numbers (highly turbulent), shallow pockets and with large journal rotational speeds. The
film pressure generates a reaction force,
F = B ∫ P( x)dx = B ⎧⎨ PR
⎩

L
L
+ PR b + PR ⎫⎬ = B ( L + b) PR
2
2⎭

(4)

where Pa=0 for simplicity. The force (F) is proportional to the recess pressure (PR) and
the area B (L + b). Note that, in the absence of surface relative motion, a hydrostatic
bearing has a limit load capacity, [B(L+b)]Ps.

Pressure

Ps
Pr

restrictor

Fluid at Ps

recess
film

Fig. 3 Pressure profile in a simple 1-D hydrostatic bearing

A static change in film thickness (h0+∆h) with ∆h « h0, causes the recess pressure to
change to PRo +∆PR, since the flow conductance varies. ∆PR <0 as ∆h>0. Integration of
the change in pressure gives rise to a the hydrostatic stiffness K
K =−

ΔF 3B ( L + b) PRo
=
Δh
ho
(Z + 1)

(5)

with Z = Z (P ) = (PRo − Pa ) , a = 2 for orifice or a = 1 for capillary feed. The hydrostatic
Ro
a (Ps − PRo )

stiffness is proportional to the bearing area [B(L+b]), the recess pressure (PRo), and
inversely proportional to the film thickness (ho). Most importantly, the stiffness is not an
explicit function of fluid viscosity. Figure 4 depicts the dimensionless stiffness,

K=

K ⋅ ho
p
= ro
3B( L + b) Ps Z + 1

(6)

versus recess pressure ratio, pro=PRo/Ps, for bearings with orifice and capillary feeds,
respectively. Hydrostatic bearings with orifice compensation have larger stiffness than
capillary fed bearings. Orifices are usually preferred since their diameters are larger than
those of capillaries. This is important since restrictor clogging may cause catastrophic
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bearing failure, unless a micron size filtering device is used as part of the fluid feed
(supply) system into the bearing.
Dimensionless stiffness for simple HB
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Fig. 4 Static stiffness for simple hydrostatic bearing (laminar flow w/o fluid inertia
effects, incompressible fluid)

A maximum (optimum) hydrostatic stiffness occurs for a given recess pressure pro. For a
capillary pro=0.500, while for an orifice pro=0.5857. In a capillary fed hydrostatic bearing,
the pressure drops across the restrictor should match the pressure drop across the film
lands. The optimum stiffness arises from an impedance matching between the feed
restrictor and the flow resistance through the film lands. In the figure, a low value of
recess pressure indicates a large flow resistance (small conductance) through the
restrictor, while a large recess pressure denotes a large flow resistance through the film
lands.
In sum, hydrostatic bearings with orifice restrictors offer larger stiffness than with
capillary restrictors. The bearing direct stiffness depends on the pocket pressure (< supply
pressure) and does not dependent explicitly on lubricant viscosity. Without an external
pressure supply and restrictor, there is no stiffness or load support.

Effects of excitation frequency, pocket volume, and fluid compressibility
on the dynamic force coefficients of a hybrid bearing
The analysis above explains the physics for the generation of support stiffness in a simple
hydrostatic bearing configuration. The stiffness derived is static, strictly valid for low
frequency motions. Motions at other frequencies produce notable changes in both the
stiffness and damping force coefficients. Fluid compressibility within the recess volume
and surface velocity (hydrodynamic effects) must be accounted for in a hybrid bearing
(combination hydrostatic / hydrodynamic).
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The conservation of mass within the recess of a hydrostatic bearing balances the flow
through the restrictor (Qr), the flow into the film lands (2Ql) and the time rate of change
of fluid mass accumulated within the pocket,
1 ∂ ( ρ Vrec )
(7)
ρ ∂t
where Vrec=B d(h+hR) is the recess volume, h(t) is the film thickness, and hR is the
machined pocket depth. The density and pressure in a compressible liquid are related
through the material bulk-modulus κ, i.e. dρ = ρ dP .
κ
QR − 2 Ql =

Let the film thickness h be the superposition of a steady-state value (h0) and a harmonic
motion of small amplitude Δh and frequency (ω), i.e.
h = h0 + Δh cos( ω t ) = h0 + Δh e i ω t ; and h = i ω Δh e i ω t

(8)

Note that,

PR
⎞
1 ∂ ( ρ Vrec ) ⎛
(9)
= ⎜⎜Vrec0 1 + Arec ⎟⎟ i ω Δh e i ω t
ρ ∂t
κ
⎝
⎠
with Vrec0 = Arec (h0 + hR ) . Eqn (9) shows that the fluid mass in the pocket volume varies
dynamically with changes in film thickness and pocket pressure, thus introducing a
pressure-lag effect which can induce undesirable dynamic force effects, namely
pneumatic hammer with generation of a “negative” damping coefficient. Introducing a
break frequency (ωB) [San Andrés 1991]

Qr0 (Z +1)κ
κ h03 B
ωB =
= (Z +1)
PR0 Vrec0
Vrec0 6 μ L

(10)

Note that ωB→∞ for an incompressible fluid (κ→∞). A lengthy algebraic analysis leads
to the following expressions for frequency dependent force coefficients [San Andrés
1991],
⎛
f2⎞
⎜⎜ 1 +
⎟
α ⎟⎠
(1 −α )
⎝
(11)
K( ω ) = K0
; C( ω ) = C0
2
1+ f
1+ f 2

(

)

(

)

where f = ω is a frequency ratio, α = K o is a damping loss ratio; and (K0, C0) are
ω B Co
ωB
the stiffness and damping coefficients for an incompressible fluid, i.e. one without liquid
compressibility ( κ → ∞ ),
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K0 =

with Z = Z (P ) =
Ro

2
3 B (L + b ) PR0
6 μ B L (L + b )
1
; C0 =
3
h0
( Z + 1)
h0
( Z + 1)

(P − P )
a (P − P )
R0

s

a

(12)

. Note that the static stiffness coefficient (K0) is directly

R0

proportional to the recess pressure (PR). On the other hand, the "static" damping
coefficient (C0) depends solely on the fluid viscosity and the bearing area, and it grows
rapidly as the film thickness (h) decreases. Incidentally, the surface speed (U) does not
aid to the generation of force coefficients in laminar flow hydrostatic bearings.
Figure 5 depicts the hydrostatic bearing stiffness (K) and damping (C) coefficients for
increasing excitation frequency ratios (ω/ωB). The results correspond to a bearing with a
deep pocket depth (hR/h=10) and damping loss factor (α=0.42) typical of a LH2
application. In general, the hydrostatic stiffness increases as the excitation frequency
grows while the damping coefficient drops dramatically. See [San Andrés 1991] for a
more detailed analysis with examples related to cryogenic fluid hydrostatic bearings.
Coefficients for hydrostatic bearing

Dimensionless stiffness and damping
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Fig. 5 Effect of excitation frequency on the (dimensionless) direct stiffness and
damping force coefficients of a simple hydrostatic bearing

For excitations at low frequencies, ω→0 (ω <<ωB),
K (ω =0 ) → K 0 ; C (ω =0 ) → C0 (1− α )

(13)

there is a loss of damping due to fluid compressibility effects (α>0). This reduction may
cause the bearing to become unstable even under static conditions if α >1. This
phenomenon, known as pneumatic hammer, is characteristic of gas hydrostatic bearings
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with feed pockets. Fir stability purposes, gas hydrostatic bearings avoid pockets or
volumes, using feed holes impinging directly on the bearing surface.
For excitations at large frequencies, (ω→∞, ω >>ωB),
K
K (ω → ∞ ) = K ∞ = 0
; C (ω → ∞ ) = 0
(14)
α
there is a complete loss of damping accompanied by an increase in dynamic stiffness.
For excitations at a frequency coinciding with the break frequency (ωB), the stiffness and
damping coefficients are
1+α
1
1
K o ; C ( f =1) = C ( f =0) = C o (1 − α )
(15,16)
2α
2
2
Thus, the damping coefficient is just 50% of the value obtained at low frequencies.
K ( f =1) =

The force coefficients are frequency independent in a nearly incompressible fluid (κ→0,
ωB→∞). However, even in commonly assumed incompressible liquids, the fluid bulk
modulus decreases rapidly with minute (volume) concentrations of dissolved gases.
To reduce fluid compressibility effects (avoid loss of damping) it is desirable to design
the hydrostatic bearing with a break frequency (ωB) as high as possible, and/or to operate
the bearing under dynamic conditions with excitation frequencies well below the break
frequency, i.e. f<<1.
From Eqn. (10), to increase the break frequency, large values for the following ratio are
needed,
⎛
⎞
⎜
⎟
⎛ h03 B 1 ⎞ ⎜ h02
⎟
1
⎜
⎟ =⎜
>> 1
(17)
⎜ Vrec 6 L ⎟ 6 d L ⎡ h ⎤ ⎟
R
0
⎝
⎠ ⎜
⎟
⎢1 + ⎥ ⎟
⎜
h
0 ⎦ ⎠
⎣
⎝
That is, deep pockets (hR/h0>>1) tend to aggravate the loss of damping at low excitation
frequencies.
It is notable to mention that the whirl frequency ratio for a centered hybrid bearing is
K XY
K XY
1
φ = WFR =
=
≈ 0.5
(18)
(1 − α )
Ω C XX f == 0 Ω C XX = 0 (1 − α )
Hence, hybrid bearings (combination hydrostatic – hydrodynamic) show the same limited
whirl frequency ratio as plain cylindrical bearings. This ratio could even be worse, WFR
> 0.5 if α > 0, i.e. if fluid compressibility –recess volume effects are important.

Modern applications of hydrostatic bearings
The importance of hybrid (combination hydrostatic and hydrodynamic) journal and thrust
bearings and damping seal bearings as radial support elements cryogenic turbomachinery
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has steadily grown. Compact - low count part turbo pumps operate sub critically at
exceedingly high shaft speeds (> 100 krpm) and delivering pressures as large as 550 bar.
Advanced primary power require of externally pressurized fluid film bearings to support
the expected large thrust and lateral radial loads.
Hybrid journal bearings (HJB) enable smaller and lighter turbopumps through no bearing
DN life limitation and sub critical rotor operation, i.e. at speeds below the first elastic
mode of the rotor-bearing system. HJBs offer durability, low friction and wear, accuracy
of positioning, and large direct stiffness and damping force coefficients. These features
enable the design (and operation) of un-shrouded impellers with a significant increase in
the turbopump mechanical efficiency. The growth of an "all-fluid-film- bearing"
technology for advanced and less costly (per launch cost) turbopumps demands the
development of analytical models and design tools, the testing of components, and the
implementation of the technology [San Andrés, 1990, 1995, 1997].
Note that for the cryogenic fluid application as well as others handling low viscosity
liquids, the large surface speeds and the large pressure differential determine flow
conditions with high levels of flow turbulence and fluid inertia effects. Flow turbulence
increases the lubricant “effective” viscosity, thus enhancing the load capacity due to
hydrodynamic effects and increasing the bearing energy dissipation characteristics, i.e.
more damping. Computational programs based on the Reynolds equation of classical
lubrication, i.e. no fluid inertia, are ill-prepared to render adequate predictions of hybrid
bearing performance, static and dynamic force coefficients.

Bulk flow analysis of turbulent flow hydrostatic bearings
Comprehensive computational analyses for prediction of the static and dynamic forced
response of process fluid hybrid bearings, radial and thrust, are available [San Andrés,
1990-2000]. The analyses address to the most important theoretical and practical issues
related to the operation and dynamic performance of cryogenic fluid film bearings, i.e.
geometric configuration, operating conditions, flow turbulence, fluid inertia, realistic
fluid properties, thermal effects, and two-phase flow phenomena. Extensive test
measurements were conducted to benchmark the predictive codes. A brief overview of
the physical model for the fluid flow in hydrostatic bearing follows.
Figure 6 shows the geometry of a hybrid (combination hydrostatic/hydrodynamic) journal
bearing. A liquid at high pressure (Ps) is supplied through orifice restrictors and
impinges into the bearing recesses with a mean pressure (PR). The fluid injection is
typically radial; though in some instances it could be at an angle opposing shaft rotation.
Angled injection aids to reduce the development of the fluid flow circumferential speed
and reduce, even eliminate, the cross-coupled stiffness force coefficients.
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Fig 6. Schematic views of a radial hydrostatic/hydrodynamic journal bearing

The computational model considers the fully developed turbulent bulk-flow of a fluid
whose material properties depend on its local thermo physical state of pressure and
temperature. The general transport equations including these features are [San Andrés
1995]:

∂ (ρ hψ ) ∂ (ρ h V x ψ ) ∂ (ρ h V z ψ )
+
+
=S
∂t
∂x
∂z
where
conservation of mass
equation
transport of
circumferential (x)
momentum velocity
transport of axial
momentum (z)
velocity

Variable Source term, S
0

.

ψ=1

ψ = Vx
ψ = Vz

(19)

−h

ΩR⎞
∂P μ ⎛
− ⎜κ x Vx − κ J
⎟
∂x h ⎝
2 ⎠

−h

∂P μ
− (κ z V z
∂z h

)

Above (Vx, Vz) are the buk-flow (film averaged) circumferential and axial flow velocities,
P is the pressure, and (κx κz) denote wall shear stress turbulent flow coefficients. The wall
shear stress parameters κy=κx=½(κJ+κB) with κJ=fJ ReJ, κB=fB ReB, and the friction
factors (fJ,B) depend on the bearing and journal surface conditions and the flow Reynolds
numbers relative to the rotating (ReJ) and stationary (ReB) surfaces.
The pressure field within the bearing pockets or recesses is determined from flow
continuity with the film lands, momentum exchange at the orifice plane and a viscous rise
due to journal rotation. As shown in Fig. 7, at the recess edges, an inertial pressure drop
also occurs due to the sudden transition from the recess of depth (hR) into the film lands
of thickness (h). Past the recesses, the liquid then flows through the film lands and the
pressure drops to the discharge value (Pa).
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Consider a recess with axial length (l) and circumferential extent (b). The recess area (AR)
equals (lxb) and the feed orifice has diameter do with a feed volume equal to Vsupply. CFD
predictions and measurements show the generation of hydrodynamic pressures within the
pocket, followed by sharp inertial pressure drops at the recess edges [San Andrés 1990,
1995].
Ps

MR
P

Feed orifice and
Supply volume

s

PR, recess

PR+

PR

PR−

HR

pressure

Film land

Supply
pressure

Film land

Fluid flow, MΓ
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b
ΩR

H

b

Fig. 7. Turbulent flow pressure distribution in a pocket of a hybrid bearing

The continuity equation at a hydrostatic recess establishes a balance among the mass flow
through the feed orifice (MR), the flow through the boundaries of the recess into the film
lands (MΓ), and the accumulation of fluid mass within the recess volume, VR=[AR
(h+hR)+Vsupply]. That is,
⎛ρ
⎞
M R = C d Ao ⎜ [Ps − PR ]⎟
⎠
⎝2

1/ 2

=MΓ +

∂
(ρ VR )
∂t

(20)

G G
where Ao = Cd (πdo2/4) is the effective orifice area, and M Γ = ∫ ρ h V ⋅η dΓ is the

(

)

Γ

outflow from the pocket into the bearing film lands. The circumferential pressure
downstream of the feed orifice, PR+ , is given, as in a Rayleigh step bearing]
b
⎧Ω R
⎫
PR+ = PR + μ κ x
−Vx ⎬
(21)
2 ⎨
2 (h + hR ) ⎩ 2
⎭R
Fluid inertia causes a sudden pressure drop at the interface between a recess and the film
lands. The fluid pressures, PR− , entering into the film lands bounding a recess are
2
(1 + ξ ) ⎡ ⎛ ρ e− ⎞ ⎛ h ⎞ ⎤ 2
⎟⎟ ⎥ V x , z
(22)
ρ ⎢1 − ⎜⎜ + ⎟⎟ ⎜⎜
P =P +
2
⎢⎣ ⎝ ρ e ⎠ ⎝ h + hR ⎠ ⎥⎦
where (ξ) represents empirical entrance loss coefficients at the recess edges, axial and
circumferential. The sudden pressure drop is accounted for only if the fluid flow
effectively enters into the thin film lands.
−
R

+
R
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San Andrés and Childs [1997] extend the bulk-flow model to account for fluid injection
at an angle and opposing shaft rotation. This design feature retards the full development
of the circumferential flow velocity, thus reducing the cross-coupled stiffness coefficients
which prevent the operation of hybrid bearings at large rotational speeds. San Andrés
[2007] presents time transient response predictions during the start-up of a cryogenic
turbopump to determine the lift-off speed of the rotor on its hydrostatic bearings.

Example of hydrostatic bearings for load support in a water pump
The design of a water hydrostatic bearing to replace a mineral oil lubricated bearings in a
multiple stage water pump follows. The hydrostatic bearing size, length and diameter, see
Table 2, are similar to the original bearing to reduce costs in redesigning or re-machining
the pump casing and shaft (journal). The pressurized water feeding the hydrostatic
bearing is routed from the pump discharge volute. Eliminating the lubrication system
offers distinct advantages, including better system performance, lower operational cost,
and extended periods for maintenance.
Table 2: Geometry and operating conditions of a water lubricated hydrostatic
bearing

Diameter, D=Length, L = 152. 4 mm
Nominal clearance, c =0.102 mm,
5 pockets: axial length l=51 mm, arc 41° , depth=0.381 mm
Orifice diameter: 3.2 mm (Cd=0.80)
Smooth bearing and rotor surfaces
Fluid: water at 30°C ( 0.792 cPoise, 995 kg/m3)
Nominal speed = 3600 rpm, Supply pressure= 34.4 bar
Note that L/D=1, D/c=1,465. The ratio of pockets area to bearing area, (L x D), equals
0.19, and the pocket depth to clearance ratio is 3.75. The pocket area is relatively small to
avoid excessive flow rate requirements. The pockets are shallow to reduce the likelihood
of pneumatic hammer effects and to enhance hydrodynamic effects at the pocket ends.
Hydrostatic bearings with reduced pocket areas (< 25 % of bearing area) and shallow
pockets are modern considerations relying on the desired adequate dynamic forced
performance of the bearing.
The design analysis considers the bearing operating without an applied load at its
centered position, i.e. null eccentricity. Figure 8 shows the bearing flow rate and drag
power increasing as the orifice diameter is enlarged since the pocket pressure increases.
The bearing flow rate is 1.67 kg/s (~100 liter/min), which is large when compared to the
requirements of an oil-lubricated bearing, yet not large enough to cause a severe
reduction in pump available flow rate (~ 4% pump flow routed to bearings). At the
nominal speed of operation (3.6 krpm), the size of the orifice is selected to provide the
maximum direct (support) stiffness while keeping a low flow rate to avoid a penalty on
pump performance.
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HJB design:

At nominal operating condition

L=D=0.152 m, c=102 um,
5 pocket (l=L/3, arc =42 deg)

Ps-Pa=34.4 bar, 3600 rpm

3.5

Design

3.0

Drag power (kW)

Parameters

2.5
Pocket pressure ratio
HJB flow rate (kg/s)
Power (kw)

2.0

Flow rate (kg/s)

flow

1.5
Supply pressure

1.0

Pocket pressure ratio

0.5

selected orifice diameter

0.0
2

2.5

3

3.5

4

4.5

5

5.5

Orifice diameter (mm)
Fig. 8 Performance parameters for water hydrostatic bearing: pocket pressure,
flow rate and drag power versus orifice diameter. Nominal centered operating
condition

Figure 9 depicts the stiffness coefficients, direct (KXX) and cross-coupled (KXY), versus the
pocket pressure ratio. The direct stiffness peaks at a pocket pressure ratio ~ 0.60 which
requires an orifice of diameter equal to 3.20 mm. The magnitude of direct stiffness equals
350 MN/m, which is large enough to support the static load of 5 kN with a relatively
small rotor eccentricity. Note that the cross coupled stiffness is about 50% lower than the
direct stiffness, thus indicating journal rotation hydrodynamic effects will affect greatly
the bearing dynamic forced performance.
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HJB design:

At nominal operating condition
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HJB design:

At nominal operating condition

L=D=0.152 m, c=102 um,
5 pocket (l=L/3, arc =42 deg)

Ps-Pa=34.4 bar, 3600 rpm
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Fig. 9 Direct and cross-coupled stiffnesses versus orifice diameter (and
recess pressure ratio) for water hydrostatic bearing. Nominal centered
operating condition (no load)

Figure 10 presents the viscous damping (CXX, CYX) and fluid inertia (MXX, MYX) force
coefficients decreasing with the recess pressure ratio (and also with the size of the feed
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orifice). The added mass coefficient is ~ 166 kg at the selected orifice diameter. In spite
of the large mass predicted, its effect on reducing the direct dynamic stiffness is relatively
small, as seen on Figure 8 in the (KXX - MXX ω2) curve. The direct damping coefficients
are large due to flow turbulence conditions; however, the cross-coupled stiffness
coefficients are also large. Thus, the whirl frequency ratio1, WFR= KXY /(CXX ω), is ~0.60.
This too restrictive stability indicator could easily prevent the implementation of the
water bearing into the pump application. To resolve this issue, a modification with angled
fluid injection directed against shaft rotation is recommended. See [San Andrés, 2006] for
details on the water hydrostatic operation with a load of 5 kN and for speeds ranging
from 1krpm to 5 krpm.
HJB design:

At nominal operating condition

Ps-Pa=34.4 bar, 3600 rpm

L=D=0.152 m, c=102 um,
5 pocket (l=L/3, arc =42 deg)

1000
selected design

Mxx (kg)
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Mxy (kg)
Cxx (kNs/m)

800

Cxy (kNs/m)
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Cxx = Cyy
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Mxx = Myy
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Mxy = -Myx
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Cxy = Cyx
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Recesss pressure ratio

Fig. 10. Damping and inertia force coefficients versus recess pressure ratio.
Nominal centered operating condition

1

The onset and persistence of severe (large amplitude) sub synchronous vibrations at rotational speeds
above a certain threshold speed evidences a hydrodynamic instability in rotor-fluid film bearing systems
that is due to the effect of journal rotational speed in the shear induced flow field. This condition is typical
of fixed geometry bearings. The threshold speed corresponds to the rotor speed at which a bearing loses its
effective damping, and any small perturbation from an equilibrium position will determine unbounded rotor
motions. The whirl frequency ratio (WFR) denotes the ratio between the onset whirl frequency (typically
the system first critical speed) and the threshold speed of instability. Plain journal bearings show a WFR
equal to 0.50 for small to moderate operating eccentricities (light loads), and thus instability onsets at
rotational speeds equal to twice the system first critical speed. Measurements in hybrid bearings verify
closely the prediction of WFR =0.50. In some circumstances the WFR even increases above 0.50, in
particular for low rotational speeds and large supply pressures
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Closure
Modern high performance turbomachinery operating at high speeds and large pressures
incorporate process fluid hybrid (hydrostatic/hydrodynamic) journal and thrust bearings
to reduce the numbers of parts and size, and to eliminate expensive mineral lubricant
storage and pumping, thus further satisfying stringent environmental constraints.
Despite the many advantages offered by hydrostatic bearings, rotordynamic instabilities
due to hydrodynamic (shear flow) and fluid compressibility effects are issues of primary
concern for high speed operation with large pressure differentials. Pneumatic hammer
effects are avoided by appropriate selection of the flow restrictor, by designing bearing
recesses with small volumes, and by restricting bearing operation to flow conditions
where the pressure differential is a small fraction of the liquid bulk modulus.
Fixed geometry hydrostatic bearings have limited stability characteristics with a whirl
frequency ratio (WFR) ~0.50, as in plain hydrodynamic journal bearings. The 50%
frequency whirl condition limits severely the application of hydrostatic bearings to high
speed, light weight and flexible rotating machinery. Concerted efforts have been directed
towards conceiving hybrid bearings with improved stability characteristics, and without
loss in centering stiffness and damping ability. Some of the technological advances
evolved from analysis and engineering design, while others followed empiricism and well
known past experiences.
The recommended fixes to improve the hydrodynamic stability of hydrostatic bearings by
reducing or eliminating the whirl frequency ratio (WFR) are:
a) Use textured bearing surfaces to decrease the cross-coupled stiffness coefficients.
Test results with a knurled-pattern HJB show a WFR as low as 0.30 but with a reduced
load capacity and direct stiffness when compared to a smooth surface HJB [Franchek et
al., 1995]
b) Use angled liquid injection opposing journal rotation to reduce the development of the
circumferential flow velocity leading to a virtual elimination of cross-coupled stiffness
coefficients [San Andrés and Childs, 1997]. Measurements conducted on a five-pocket
water hydrostatic bearing verify the analysis, demonstrating that angled injection aids
in reducing the whirl frequency ratio without decreasing the bearing centering stiffness
and load capacity. However, the effectiveness of angled injection is reduced as shaft
speed increases towards high values where shear flow driven effects overcome the
hydrostatic effect.
c) Introduce geometrical changes in the bearing to induce a stiffness orthotropy. For
example, circumferentially asymmetric grooved bearings can produce large anisotropy
on the rotordynamic force coefficients [San Andrés, 2001]. This design enhances
stability by rendering a lower direct stiffness in the plane of the axial grooves as
compared to the orthogonal stiffness. Measurements have demonstrated the
enhancement in performance.
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d) Implement flexure pivot-tilting pad hydrostatic bearings [San Andrés and Zhu, 2007,
San Andrés et al. 2008], see Figure 11. These bearings are mechanically complex
though nearly free of instabilities, i.e. the pads support flexibility eliminates the
generation of cross-coupled stiffnesses. This type of bearing with air as the lubricant
has shown wondrous potential for ready implementation in high-speed micro
turbomachinery.
O-ring
Grove

Alignment
Pins

Y

1.5”

X

1.5”

Load

Fig. 11. Flexure pivot hydrostatic bearing for high speed turbomachinery

Extensive analytical and experimental research has brought forward the technology of
hybrid journal bearings for advanced cryogenic turbo pump and process fluid
applications. Computational analyses accounting for flow turbulence, fluid inertia and
compressibility, and thermal effects are available to bearing designers and rotordynamics
engineers. Laboratory measurements of load, leakage and torque, and identification of
rotordynamic force coefficients aided to benchmark the computational model predictions.
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