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EXECUTIVE SUMMARY
EXPERIMENTAL FORCE COEFFICIENTS IN A SEALED ENDS SFD SUPPLIED WITH
LUBRICANT THROUGH A CHECK VALVE

LUIS SAN ANDRES AND BRYAN RODRIGUEZ, JUNE 2020

Squeeze film dampers (SFDs) add damping to rotor-bearing systems hence reducing rotor
vibrations, aiding to suppress rotor instabilities; and along with a structural elastic support element,
isolate the rotor from a stator or casing. End seals like O-rings (ORs), piston rings (PRs) and end
plates reduce side leakage and air ingestion while amplifying the viscous damping in
configurations with limited physical space. OR end seals are of particular interest as they also add
both centering stiffness and damping to a SFD.

Experiments conducted in 2019-20 continue to quantify the dynamic forced response of an
ORs sealed SFD (short length span L/D=0.2) presently supplied with a light lubricant (1ISO VG2)
at a low pressure (0.69 barg). The lubricant flows into the film land through a mechanical check
valve (preventing back flow) and exits through a hole midway between the damper center plane
and an OR. A large plenum upstream of the check valve fills in with lubricant and serves to
attenuate pressure fluctuations.

Multiple sets of single-frequency dynamic loads, 10 Hz to 120 Hz, produce circular centered
orbits with amplitudes (r) to 15% of the damper clearance (c = 0.279 mm). The experimental
results identify the test structure, ORs and SFD force coefficients, namely, stiffness, mass and
damping (K, M, C). The ORs force coefficients are frequency independent with a sizeable direct
stiffness (Kor), ~ % of the rig structural stiffness. The ORs also show a quadrature stiffness Ko;
such that (Ko/Kor) ~ 0.26 reveals a significant material loss factor. The OR viscous damping
coefficient is also significant and contributes to about 10% of the damping of the lubricated system.
The squeeze film lands produce the other 90% damping. The identified SFD force coefficients
show a near constant magnitude for three orbit radii (r/c)=0.15c max. The fluid inertia (Msrp), four
fold the bearing physical mass, is so large that the system natural frequency drops from ~200 Hz
(structure +ORs) to 90 Hz. The experimental force coefficients, Csep ~ 0.7C* and Msrp ~ 1.1 M7,
moderately agree with predictions for a fully sealed SFD. The discrepancy in viscous damping is
due to oil vapor cavitation and air entrainment into the film lands, as evidenced by recorded
dynamic pressures in the film. Importantly enough, dynamic peak-to-peak pressures in the plenum
upstream of the check valve show pressure fluctuations with magnitude proportional to the whirl
frequency. Hence, unsuspectedly, the check valve did allow for lubricant backflow.
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Nomenclature

c Damper radial clearance [m]

C Damping coefficient [N-s/m]

(o Analytical damping coefficient [N-s/m]

C Normalized damping coefficient [-]

Cst Support structure damping coefficient [N-s/m]

Cst+or Support structure damping coefficient with O-rings installed [N-s/m]
D Journal diameter [m]

Dsc Bearing cartridge inner diameter

D Journal outer diameter [m]

es Static eccentricity 45° away from X axes [m]

fa Test system natural frequency [Hz]

H H = (K -o’M)+i(wC) . Complex dynamic stiffness [N/m] i= J-1
h Film thickness

K Stiffness coefficient [N/m]

Ko,0R OR quadrature stiffness [N/m]

Kst Support structure stiffness coefficient [N/m]

Kst+or Support structure stiffness with O-rings installed [N/m]
L Film axial length [m]

M Added mass coefficients [kg]

M* Analytical added mass coefficient [kg]

M Normalized added mass coefficient [-]

Msc Mass of bearing cartridge [kg]

Mst Structure remnant mass coefficient [kg]

P Fluid film pressure [bar]

Ps Supply pressure [bar]

r Orbit radius [m]

Res (pwc?) | 1 Squeeze film Reynolds number [-]

Standard deviation [-]

T 27 | w . Period of circular whirl motion [-]



Us, Up, Uy Bias, precision and variability uncertainty [%]

Vg reo . Squeeze film velocity [m/s]

X, Y Cartesian coordinate system

z Axial coordinate [m]

0 Circumferential coordinate [rad]

U Lubricant viscosity [mPa-s]

¢, Feedhole orifice diameter [m]

® Excitation frequency [rad/s]

Cy Support (dry) structure damping ratio [-]
oon Support (dry) structure damping plus O-ring

Vectors and matrices

a Absolute acceleration [m/s?]

C Damping coefficients [N-s/m]

F Force

H Complex dynamic stiffness

K Stiffness coefficients

M Inertia coefficients

z BC displacements relative to journal
Subscripts

BC Bearing cartridge

CCw Counter clockwise

CWwW Clockwise

L Lubricated

SFD Squeeze film damper

st Support structure

st+OR Structure with ORs installed

est Estimated

app Applied



Abbreviations
DAQS
ID
OR
OR
PR

Data acquisition system
Inner diameter

O-ring

Outer diameter

Piston Ring



Introduction
Squeeze film dampers (SFDs) add damping to rotor-bearing systems hence reducing rotor

vibrations, aiding to suppress rotor instabilities; and along with a structural elastic support element,
isolate the rotor from a stator or casing [1,2]. Figure 1 depicts a schematic view of a sealed ends
SFD in series with a ball bearing supported rotor. The ball bearing inner race holds to a journal,
and the annular gap between the ball bearing outer race diameter and the bearing cartridge (BC)
hosts a lubricant film. A squirrel cage acting as an elastic support or an anti-rotation pin (dowel
pin) prevent rotation of the ball bearing outer race. External forces applied on the rotor make the
journal and ball bearing precess or whirl to squeeze the lubricant film, and which develops a
hydrodynamic pressure field that produces a reaction force characterized by both damping and

inertia force coefficients [1].
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Fig. 1. Schematic views of a one-hole-fed SFD with O-rings sealed ends. Graph modified from
original rendition in Ref. [1]

Gas turbines in aircraft engines rely on SFDs in series with ball bearings to safely cross a
number of critical speeds and to ensure stable operation at cruise speed or during maneuver
conditions. Modern aircraft gas turbines employ short length SFDs (slenderness ratio L/D < 0.2)
to minimize weight and space. Damper dimensions and radial clearance, lubricant physical
properties, operating conditions and sealing devices determine the forced performance of SFDs in
turbomachinery applications. Sealing devices such as O-rings (ORs) reduce lubricant side leakage,
contribute to reduce space and weight, while increasing damping within a limited axial length.
Whereas piston rings (PRs) are common sealing elements in SFDs for commercial air breathing
engines[3], nitrile ORs are employed in land-based turbomachinery, like compressors and steam
turbines [4,5].



Literature Review
Substantial development and application of SFDs emerged in the 1960’s, with the widespread

use in aircraft gas engines. In 1996, Zeidan et al. [6] present an exhaustive discussion on SFDs
advantages and experimental data to the date, and showcase a design procedure for their proper
application in turbomachinery. In 2002, Della Pietra and Adiletta [7,8] present a comprehensive
review on the research efforts for modeling the SFD forced performance, developing predictive
models and experimental validations against test data over forty years. The authors include a
complete description on the physical characteristics and operating features of SFDs, including end
seal configurations.

The present review discusses published literature on to the experimental parameter
identification of force coefficients with a focus on the influence of end seals on the forced
performance of SFDs.

Common end seal configurations include O-rings, piston rings and end plate seals to increase
damping in SFDs while reducing lubricant supply, air entrainment and entrapment. Elastomeric
seals, for example, offer tight sealing, are suitable for configurations with a low static load, and
operation near ambient temperature [1]. However, ORs are sensitive to high and low temperatures,
and their maximum service temperature is only 120°C [9]. Moreover, this seal type ages quickly
and its dynamic forced performance depends on the excitation frequency and amplitude of motion
[1]. Conversely, (metal) piston rings (PRs) can withstand a broader temperature range, alas their
abutted ends (slits) still allow for substantial lubricant flow [10].

Experimental and analytical efforts in the 1970’s advanced toward the understanding on the
effects of end seals on the dynamic forced response of SFDs. In 1974, Vance and Kirton [11],
experimentally investigate the generation of a fluid hydrodynamic pressure in a long SFD (length
over diameter, L/D = 0.96) with a large radial clearance. The authors demonstrate that the OR end
seals prevent film pressure variations along the axial direction. In 1978, Feder et al. [12] study a
short-length (L/D =0.3), OR sealed, statically off-centered damper performing circular whirl orbits
for its application in aircraft engines. The authors numerically integrate the film pressure profile
to determine the force components in the squeeze film and demonstrate increasing magnitude of
damping with lubricant supply pressure.

Many of the analytical models produced in this decade render reliable predictions only for
damping coefficients, since they are based on classical lubrication theory, assuming that fluid



inertia is negligible. This condition is generally not true for SFDs, due to their larger clearance,
operation at high frequencies and use of light viscous lubricants. The squeeze film Reynolds
number ranges from 1 to 50, making fluid inertia effects in dampers significant, even lowering
considerably the critical speeds of compact turbomachinery. [1].

In the 1980’s and 1990’s, a wealth of experimental investigations were developed to provide
insight, and explanations for some of the measurements and behavior which are not predicted by
classical lubrication theory in SFDs [1]. In 1989, Zeidan and Vance [13] conduct flow
visualizations in a PRs sealed SFD, given that their operation largely depends on the types of
cavitation in the film lands. Film dynamic pressure measurements and direct observations with
high speed photography in a clear acrylic housing enable the identification of oil vapor and gaseous
cavitation with increasing orbit frequency. Leakage through the PR slits permit air entrance into
the film land, thus causing oil gaseous cavitation, while the addition of backup rings provided tight
sealing, causing vapor cavitation synchronous with the rotor speed.

In 1990, Zeidan and Vance [14] expand prior work and identify five SFD regimes with distinct
types of dynamic fluid cavitation (vapor or gas) and air ingestion and entrapment in the operation
of SFDs. The experiments comprise a controlled orbit test rig, at a fixed orbit radius. The test
damper features one circumferential freed groove with four inlet holes and serrated PRs sealing
the film lands. The authors discern each regime with increasing operating speed and lubricant
supply pressure.

In 1996, Kuzdzal and Hustak [15] present the results of a test campaign assessing several SFD
configurations, including those that are sealed with three types of O-rings, to show their ability to
suppress rotor subsynchronous vibration and attenuate rotor synchronous motions installed in
modern compressors. Results from tests with different rotor eccentricities show that an eccentric
SFD does not perform well, relative to a centered damper to suppress rotor subsynchronous
vibration. The experiments validate their analytical damping equation, demonstrating that damping
increases with rotor eccentricity.

In the same year, Zeidan et al. [6] review 25 years of experience researching, experimenting
and applying SFDs into high performance turbomachinery. The authors provide design
configurations with advantages and practical limitations of SFDs and showcase theoretical models
and measurements for parameter identification and prediction of dampers’ dynamic forced

response. The lecture distinguishes OR supported dampers for their simple design and means of



providing a centering spring within a limited physical envelope. However, predicting ORs’
dynamic force characteristics is rather complex due to the material variance and the influence of
temperature, frequency and time on its properties. Furthermore, the authors note that OR dampers
are incapable of sustaining thrust loads and ORs seats or grooves must be properly offset to center
the damper journal within the clearance space.

Also in 1996, Arauz and San Andrés [16] experimentally identify the effect of a circumferential
feeding groove on the dynamic forced response of a PR sealed SFD. The sealing elements feature
minute axial holes on its outer diameter, introduced by Jung et al. in 1991 [17, 18] to lessen the
distorting pressure effect due to the jet-like out flow through the slits of a PR The short-length
damper (L/D = 0.2) performs off-centered circular orbits with frequencies ranging from 33 Hz to
83.3 Hz. At excitation frequencies above 67 Hz, lubricant vapor cavitation is present at the damper
film lands. The test results show that cavitation reduces damping, while the ability of the sealed
damper to generate larger dynamic pressures also increases the occurrence of fluid cavitation at
smaller orbit radii.

In the mid 2000’s, an aircraft engine manufacturer funded research in SFDs, to investigate
various damper operating conditions. Thus, developing an experimental campaign to measure the
dynamic forded response of SFDs with operating characteristics similar to those in air breathing
engines. Moreover, a predictive model derived from the test data delivers force coefficients over
a range of whirl frequencies and orbit amplitudes. The experiments include a variety of damper
configurations, namely, addition of feedholes and grooves to short and long film land lengths, with
small and large clearances, and two particular end conditions: open to ambient and PR sealed
dampers. In 2016, San Andrés et al. [19] summarize the conducted work and major achievements,
while giving practitioners definite answers to fundamental questions about SFD operation.

In 2017, Jeung [20] measures film dynamic pressure profiles and identifies force coefficients
(damping and added mass) in PR sealed dampers operating with supply pressures below 1 bar and
under a range of squeeze film velocities (vs = 43 mm/s to 86 mm/s). The measurements show flat
pressure zones similar to those reported by San Andrés and Diaz in 2002 [21] in an open ends
damper, thus, evidencing a regime of oil vapor cavitation and air ingestion, particularly for
operation at low an oil supply pressure (0.7 bar). The tests demonstrate that SFD direct damping
coefficients do not significantly increase with increasing amplitude of motion, while the SFD

added mass coefficients show a large increase with lubricant supply pressure. The dynamic
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pressure measurements and video graphic evidence demonstrate that air ingestion and oil
cavitation persists in the sealed ends SFD with a low lubricant supply pressure, leading to a
decrease in the direct added mass coefficients.

In 2018, San Andrés and Koo [22] further investigate and compare the performance of a SFD
sealed with PRs (PR-SFD) and one with ORs (OR-SFD), both lubricated through one feedhole
located in the midplane of the film lands. The authors find an increment in the damping coefficient
as the oil supply increases from 2.1 bar to 6.2 bar. The added mass coefficients are significant, as
they nearly double the magnitude of the test structure mass, but remain constant with increasing
supply pressure. At lubricant supply pressures above 2 bar, the OR sealed damper produces 11%
more damping, compared to the PR-SFD, since the O-rings seal lubricant better than PRs.
Additionally, the OR-SFD produces ~10% more damping by accounting the viscoelastic damping
found in the elastomeric seals.

In 2019, San Andrés and Koo [23] identify the dynamic force coefficients of a PR-SFD and a
OR-SFD with lubricant flowing through one and three feedholes at the film land midplane. Tests
with a lubricant supply pressure of 0.7 bar(g) demonstrate that the OR-SFD produces larger
damping coefficients compared to those from the PR-SFD. Additionally, damping increases with
statically off-centered circular tests in the OR-SFD by ~35%, while damping remains constant in
the PR-SFD. Tests conducted with one feedhole, show a drastic increase in damping and inertia,
for both sealed dampers, showing damping and inertia coefficients ~60% and 80% larger,
respectively.

In 2020, San Andrés and Koo [24] present a physical model for a sealed-end damper operating
with a bubbly mixture and compare predictions against experimental results. The aim is to quantify
the effects of air ingestion in SFDs applied in aircraft engines. In the dynamic load tests, as the
whirl frequency w — 0, damping C # 0, thus evidencing a quadrature stiffness representing the
friction of the PR sliding friction.

The aim of this report is to further quantify the forced performance of an OR sealed SFD
supplied with a light viscosity lubricant and at low magnitude supply pressure (~0.7 bar(g)). The
lubricant is delivered through a mechanical check valve to reduce backflow from the film land.
The experimental tests consider a range of orbit sizes and whirl frequencies; however, all

conditions maintain the same squeeze film velocity (three total = 3 amplitudes at 3 frequencies).
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This report also details the O-rings selection, installation and troubleshooting of the test
element, measurements and parameter identification procedures and tests results; namely, damping

and inertia force coefficients.
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Description of Experimental Facility and Test Damper
Figure 2 depicts the SFD test rig comprising a rigid pedestal, a journal base, four support rods,

a test journal, and a bearing cartridge (BC); and Table 1 lists the journal dimensions and measured
ISO VG2 lubricant physical properties. The elastic rods support the BC, while the journal is rigidly
affixed to a pedestal. The rods provide a structural stiffness (Kst) to simulate an elastic squirrel
cage.

Two electromagnetic shakers, connected to the BC via stingers, apply single-frequency
dynamic loads along axes X and Y, shown in Figure 2(b), to produce the orbital motion of the BC
with amplitude of radius r. A hydraulic piston, located 45° away from the X and Y axes, pulls a
static force to displace the BC to an eccentric position (e) with respect to the fixed journal. Installed
in the BC, pairs of Eddy current displacement sensors, piezoelectric accelerometers and load cells
measure the BC displacements relative to the stationary journal, the BC acceleration components
and the applied loads along the X and Y directions.

Lubricant | : N, 2 il . Top View
supply ' i

Static loader

Eddy
current
sensor

%y

(b)

Fig. 2 (a) Photograph and (b) schematic top view of SFD test rig with electromagnetic shakers and
static loader [15].
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Table 1. Dimensions of SFD test section and lubricant properties.

Journal diameter, D 126.6+ 0.004 mm
Axial film land length, L 25.4+ 0.01 mm
Radial clearance, ¢ 0.279 £ 0.006 mm
Feedhole diameter, d¢in 3.81+ 0.01 mm
Location, z=0 and & 45°
Discharge hole 4,50 £0.01 mm
diameter, dout

Location, z= %, L and 6but 240°
ISO VG 2 ol

Viscosity @25°C, u 3.06 = 0.01 mPa-s
Density @25°C, p 780 +0.02 kg/m?®
O-rings [4] Buna-N AS568 #244
Outer diameter 114.56 £ 0.10 mm
Inner diameter 107.54 £ 0.76 mm
Ring thickness 3.53+£0.10 mm

The short length SFD has a film axial length L = 25.4 mm, with diameter D = 127 mm, and
radial clearance ¢ =0.279 mm + 0.006 mm. Appendix A details the procedure to measure measured
radial clearance. Figures 3 and 4 show schematic views of the journal and BC that showcase the
flow of lubricant through the center of the stationary journal into a plenum (dead volume) and then
through a check valve at Gn=45° to exit into the middle plane of the film land length. The ORs
installed in grooves at the edges of the film land, top and bottom, perfectly seal the small film
volume in the squeeze film land. Oil exists the damper through an orifice with diameter ¢gout= 4.5
mm located at Gut=240° and at z = ¥4 L, above the middle plane of the film land length.

Figure 4 shows (a) a photograph of the test journal, and schematic views of (b) a cross section
of the journal with dimensions, and (c) an inset showcasing the O-rings (OR) locations, and the
lubricant feedhole and lubricant discharge hole. The test journal has two parts: a journal bottom
base and a top sleeve that connects to the oil inlet supply line through a large dead volume equaling
52.6 cm®. The journal, made of two parts, allows to insert from the inside a mechanical check valve
prior to its assembly and affixing to the rigid support base, see Fig. 3(b). The check valve with
diameter ¢in = 3.81 mm prevents lubricant backflow into the dead volume. Note that a piezoelectric

pressure transducer records the pressure in the said internal plenum or dead volume. Prior to tests
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with a lubricated system, the test journal plenum is filled with oil, before installing the pressure

sensor in the journal sleeve.

(a)Top view (b) Section view

Y 4 6 =90° Pressure
sensor

QOil inlet
No leakage

Sleeve *

Y - Shaker Static Loader
9;,=45° End groove
for O-ring.

Bearing
Cartridge

lon discharge
™~ Fiim

Journal

Inlet to
plenum

X - Shaker
L]

Discharge
hole

6,,,=240°

*Figure not to scale

(@) Top view (b) Cross-section view

Fig. 3 Schematic views (a) from top to feature one lubricant feedhole (6in = 45°, z = 0) and a
discharge hole (Bout = 240°, z = +¥4 L) location, (b) cross-section of journal and BC showing
ORs installed. (Drawings not to scale and with exaggerated features).
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End groove
for O-ring.

f [P T e i Pressure sensor
@ | S (b)
{ land SN - ) 2.73 mm

N\ A

— ; A 3.3 mm
5 Pressure @&
| sensor 3
hole ! ....Z2=0mm
- - 3
= . m
Feedhole In

¥

Material AISI 1018 carbon steel :
(©) \
Journal Orifice Journal
T s = 4.5 mm
YL ey 22127 mm /
YL e 226,35 MM %
L=245mm | z=0mm . T l 127 mm -
%L b z=-8635mm___ | k. Qil discharge
%L ¥ 722127 mm - 3
L—"' ™~ Film
O-ring seal . ]
Thickness: 3.28mm —To leakage > Bearing
Inner Diameter: 107.5mm Cartridge

Quter Diameter: 114.6mm

Fig. 4. (a) Photograph of test journal with end grooves and a feed hole, (b) schematic cross
section view of journal with dimensions and (c) schematic cross-section view of journal and
BC showing ORs installation with axial location of feedhole and discharge hole. (Drawings
not to scale and exaggerated features).

Figure 5 displays (a) the test journal showing the OR grooves, and (b) a section view in the
journal, with groove and OR dimensions. The journal has two end grooves for installation of the
O-rings. These grooves are 4.06 mm in width and 2.73 mm in depth. When inserted into the BC,
the ORs installed in the journal push against the ID of the BC. The ORs selected are multipurpose
Buna-N O-ring with an outer diameter of 114.6 mm and a thickness of 3.28 mm (AS568 standard
O-ring size number 244), mounted on grooves with diameter of 121.2 mm. The groove depth and
radial clearance comprise the groove gland depth, and with the groove width, make up the gland
volume, as noted in the OR manufacturer handbook [9].

Two design parameters are carefully selected to ensure proper OR fit and sealing; namely OR
squeeze and OR gland. The OR squeeze is the percentage of the OR thickness deformed after
installation in the groove, while the gland fill is the percentage of the gland volume filled by the
OR volume. If the squeeze and gland fill are too low, the OR will not seal; whereas an excessive

squeeze and gland fill could permanently deform the seal; or worse yet, make the ORs overly stiff.
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The OR and its groove dimensions satisfy manufacturer specifications for radial sealing, as stated
in Ref. [9], to allow at least 80% gland fill (hence the larger groove width compared to the OR

thickness), and no more than 25% squeeze.

a) Journal Front View b) Journal section view
l I Groove width = 4.06 mm
E f Groove depth
Groove Diameter = 121.2 mm =273 mm

Journal OD = 126.6 mm OR thickness

=3.53 mm

Gland depth
=3.01 mm

i

Fig. 5. Journal schematic views, (a) front view showing the groove and journal diameters, and (b)
journal section view displaying groove and OR dimensions. (Figure not to scale, with
exaggerated features).

A lubrication pump system circulates an ISO VG 2 lubricant through the test rig. The lubricant
has density p = 780 kg/m?® and viscosity u = 3.06 mPa-s at 23°C. The oil physical properties are
similar to those of lubricants used in aircraft engines operating at a high temperature (T ~ 200°C).
Appendix B shows measurements of the lubricant physical properties.

A pump supplies lubricant into the journal, flows first into the filled in plenum and next into
the film lands with sealed film lands. The lubricant exits the film through one discharge hole in
the BC with location depicted in Fig 3(a). A pressure gauge and flow meter upstream of the journal
measure the inlet pressure (Ps) and lubricant flowrate into the journal. The discharge hole connects
to a suction line and pump that routes the oil through a bubble eliminator and into a 150 L storage
tank. A relief valve limits the pressure in the supply line to a maximum pressure of 6.2 bar(g),
when it opens and routes the oil back to the storage tank.

For an inlet pressure Ps = 0.7 bar(g), the average flowrate through the sealed ends SFD is 1.1
LPM. See Appendix C for measurements of the flow rate vs. supply pressure for the damper

configured with open ends to ambient and ends sealed with the ORs.
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Experimental Procedure and ldentification of Force Coefficients?
The SFD parameter identification process begins by modeling the test damper as a two degree

of freedom mechanical system undergoing lateral motions (X,Y). The identification method is
common to obtain force coefficients from dynamic load tests [25]. Figure 6 displays an idealization
of the structure mass (Msc) as a point mass with springs (K’s) and viscous dashpots (C’s) that

represent the contributions of the support structure, O-rings and squeeze film damper.

Y

Fixed Table

KYY.SJ'
CY‘(sr

Structure

Koo, |
S_queeze Kyev,sep Kyvo + OR
film
Cxv.sro Cyxxor |

Structure
I 1 ]

KXX .5t
CXX.Sf

><1I'

KX X.EFD

My Coosrp
KYX.SFD
Cvxseo |- squeeze
Kyvor Kyyseo filcll'n
Kyvo OR Cyysep

Cyyvor ]»

Fig. 6. Model of test rig for planar motions of a lumped mass (bearing cartridge) and force
coefficients representing the actions of the squeeze film (SFD), support structure (st) and
O-rings (ORs). Schematic view modified from Ref. [1].

The electromagnetic shakers deliver single frequency () periodic forces F=[Fx,Fvy] expressed
as:

F H il Caiol
(t):{FX}:F[l,iI]Te ' =Fe'! (1)
Y

! This section follows portions of the uncertainty analysis presented in Ref. [20]
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where i denotes the imaginary unit. Note that Fx and Fv are out of phase by 90° to produce circular

orbit motions.

The BC with mass Msc =15.2+ 0.05 kg moves with accelerationa=[a, ,a,]" =ae'", and its
equation of motion is

Mgc a=Fy, +[Fy +For + Feeo (2)
where Fs, For and Fsrp are the reaction forces from the structure, the O-rings, and the squeeze
film damper, respectively. The physical model for each of the elements in the test rig, i.e., the
support structure, O-rings and squeeze film damper, follows the linearized model introduced by
San Andrés and Koo [20]
-F, =K, z+C,z+M, 7,

—For ~KORZ+(C+£KOJ Z (3)
@ OR

—Fep =Csp 2+ Mg Z
where z=[r,, r,]' =Z e“is a vector of BC displacements relative to the journal (see Fig. 6).
Above, (K, C, M) are 2x2 matrices of stiffness, damping and inertia force coefficients, i.e.,
K{Kxx KXY}C{CM CXY}M{MXX MXY} "
Ky Ky Cyx C, M,, M,

Note Ksrp ~ 0 as SFDs, in general, cannot generate a true static stiffness [1]. In addition, the
O-rings include both a viscous damping coefficient as well as a quadrature stiffness Ko that
represents material-like structural damping. These parameters are shown in Appendix D

During the experiments, sensors record the applied forces (F), the BC accelerations (a) and the
displacements (z) relative to the journal and along the X and Y directions.

Using the Discrete Fourier Transform (DFT) brings Eg. (2) into the frequency domain as an

algebraic  equation for each (exerted) frequency (w). That is, substituting

= plot = plot C ot & :
a, =ae"”,z, =7, Fyp =Fp € into Eq. (2) gives

_I:Est +EOR +ESFD:|:E_MBC

Q|

(5)

Since,
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_Est :(Kst +Cst_a)2Mst )7

—For ~ (Kg +1 Ky +i0Cqz)Z (6)
~Fyp =[i0Cp —0" Mg, |7
Then, Eq. (5) becomes
{[Kst +Kog +iKy—0® (Mg + MSFD)]H o[Cqy +Cor +Cqp ]}fz (E— M. 5) (7)
Or written in a succinct form as

H  Z=F-Mga (8)

(o
where Hy represents the complex dynamic stiffness of the test system and that includes the

physical parameters from the elastic support structure, the O-rings and the squeeze film damper;
Hy, =Ky +Kor +iKy =0 (Mg + Mgz ) [+i0[Cy +Cor +Corp | (92)
H, =K -0’M +ioK,q +ioC, ] (9b)
where
K. = (Kst + KOR)’ M = (MSFD + Mst)’ C = (Cst +Cor +CSFD) (10)
Above (K, C, M)L are matrices containing the stiffness, damping and added mass coefficients
of the lubricated system.
Multiple experiments over a prescribed set of frequencies and producing clockwise and counter
clockwise orbital motions produce enough information to fully determine the elements of Hc, the
complex dynamic stiffness of the lubricated system. The real part of Eq. (9b)

Re(H,)— (K, —@° M) delivers the lubricated system stiffness (KL) and added mass (ML), while

the imaginary part Im(H,_)— (@C,) estimates the lubricated system damping (CL).

The Instrumental Variable Filter (IVF) method [22], an extension of a least squares algorithm,

finds the best parameters fitting the model Re(HL) — (KL—»?ML) and Im(H,)— (@ C,) . The IVF

method minimizes the approximation errors from measurement noise, thus leading to a consistent
estimation of the damper parameters.

In the experimental procedure, the support structure force coefficients (K, C, M)st are first
obtained with a dry system (without any lubricant) and without the O-rings installed. Appendix D

details the identification procedure of the dry structure force coefficients.
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Next, still with a dry structure and with the O-rings installed in the journal and pressing against
the BC, a new set of applied single frequency forces produces BC periodic motions with amplitude
r =0.1c, r =0.15c and r = 0.2c. The dynamic loads, clockwise (+w) and counter clockwise (-w),
have a frequency (w) = 10 Hz, 20 Hz to 70 Hz

Test results with a sealed journal in a dry condition produce a complex stiffness matrix of the

form

Hqon,, = Ko +Kop +1 Ky ="M, |+i0[Cy +Coq ] (11)
and from which the O-rings representative force coefficients (K, Ko, C)or follow. See Appendix
D.

Lastly, lubricant is supplied into the clearance of the SFD at a set pressure Ps=0.7 bar(g) and
the single-frequency dynamic load tests repeat to record forces, BC displacements and
accelerations. The experimental results deliver (K, C, M)Land the SFD force coefficients are

Cep =C, —(C4+Cqr )i Mgep =M —M (12)

It is important to realize the shakers have a peak load capacity of 2,200 N hence limiting the
amplitude of the BC tangential speed vs= (re ), also known as a squeeze velocity. For the largest
amplitude (r) and excitation frequency (w), the peak vs = 24.5 mm/s and the largest squeeze film
Reynolds number Re, = (p/ 1)wc* =8.8.

As a reference for the SFD force coefficients shown next, a tightly sealed SFD operating with
small amplitude circular centered orbits produces viscous damping (C*) and added mass (M")

coefficients equal to [19]:

\ DY . zL(D?®
C

The analytical coefficients C* and M™ are valid only for Res < 10 and operation with a full film

and no oil cavitation or air ingestion
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Experimental Results
This section presents the experimental results derived from the whirl orbits produced by

periodic load excitations on the ORs sealed ends damper. The average radial clearance between
the journal OD and the BC ID is ¢=279 um +/- 6 um for all the experiments.

The (structure + OR) force coefficients are first obtained from tests with a dry (no lubricant)
system. One rig configuration has no ORs (open ends) and the other has the ORs installed. Refer
to Appendix D for details on the identification process of the dry (unlubricated) structure. The
Tables below list the experimentally estimated force coefficients and include confidence intervals
derived from the uncertainty in the measurements. Appendix E presents a detailed procedure on
the quantification of uncertainty for the experimental apparatus.

Structure force coefficients

Table 2 shows the dry structure parameters obtained from circular orbits with orbit amplitude

r/c = 0.05 and over a frequency range @ = 30 — 120 Hz. Note the test rig structure is slightly

orthotropic and its damping ratio is just ~ 2%.

Table 2. Structure physical parameters for dry (without lubricant) structure obtained from circular
orbit tests. Parameters identified in the frequency range from 30 to 120 Hz. Orbit
amplitude r/c = 0.05 and static eccentricity es/c = 0.0. Msc=15.2 kg.

Direct Cross-coupled
Structural parameter
XX YY XY YX
Stiffness Ky [MN/m] 178 £0.8 | 16.8+0.7 -0.30 0.10
Mass Mst [kg] 35104 1.1+£0.1 0.02 -0.40
Damping C, [KN-s/m] 0.6 £ 0.04 0.4 £0.02 -0.10 -0.04
Natural oo [H2] 172+1.0 | 16710 = |
Frequency ’ * M.
Damping i _
Ratio ¢y [ 0.02 0.02 ¢, =C, /2 /KM

Force coefficients for structure with O-rings
Table 3 lists the force coefficients for the dry structure with O-rings installed. The test
conditions for identification are similar to those for the structure alone. Note the structure + ORS

system remains isotropic albeit showing much larger direct stiffnesses, about a 45% increase, and
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a nearly 4.5 times increase in damping coefficients that lead to a raise in the system damping ratio
to ~ 6% (average). The O-rings thus produce a remarkable increase in stiffness and damping

coefficients thus raising the system natural frequency.

Table 3. Structure plus O-rings physical parameters for dry (without lubricant) structure obtained
from circular orbit tests. Parameters identified in the frequency range from 30to 120 Hz.
Orbit amplitude r/c = 0.05 and static eccentricity es/c = 0.0. Mgc=15.2 kg.

Direct Cross-coupled
parameter
XX YY XY YX
Stiffness Ky.on [MN/m] 259+1.1 247+1.1 -0.40 -0.90
Mass M_.on [kg] 1.4+0.1 0.7+0.1 -0.40 -0.40
Damping | C_, . [KN-s/m] 27+0.2 1.9+0.2 -0.02 0.20
Quadrature K MN/m i
Stiffness oor | ] 23+0.1 2.4+0.1 0.03 0.10
Natural K
Frequency fosion [HZ] 208+20 | 203%20 Frsor =\
BC
Damping C.
Ratio Covon [ 0.07+0.01 | 0.05+0.01 Ctior = ﬁ
st+OR BC

Estimated experimental force coefficients for O-rings.

Note the ORs’ force coefficients follow from (K,C)OR:(K,C) -(K,C), . The

st+OR st

identification assumes that the physical behavior of the O-rings follows Eq. (3), i.e., with frequency
independent stiffness (K) and viscous-like damping (C) coefficients. See Figure D.1 for a depiction
of the test system complex stiffnesses vs. frequency.

Table 4 shows the identified force coefficients for the pair of ORs installed in the rig. Note the
ORs quadrature stiffness (Ko) is representative of a physical effect at a low frequency that reveals

a structural-like damping. That is (Ko/K)=y~ 0.26 can be construed as a material loss factor.
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Table 4. ORs estimated force coefficients obtained from circular orbit tests. Parameters identified
in the frequency range from 30 to 120 Hz. Orbit amplitude r/c = 0.05 and static
eccentricity es/c = 0.0

Direct coefficients Cross-coupled

OR force coefficients
XX YY XY YX
Stiffness Kor [MN/m] 81+04 7.9+0.4 -0.1 -1.0
Damping Cor [KN-s/m] 21+0.1 15+0.1 -04 0.0
Quadrature Stiffness| Ko or [MN/m] 2.3+0.1 2.0+0.1 0.1 0.2

Complex stiffnesses for lubricated test system

With the structure and installed ORs properly identified, dynamic load experiments continued
with the test system lubricated with the 1ISO VG2 oil supplied at a low pressure (Ps=0.7 bar(g)).
The range of whirl frequencies only extends to 70 Hz as the SFD produced significant reaction
forces (damping and inertial) and the external shakers have a limit low capacity.

Figure 6 depicts the real and imaginary parts of the lubricated system dynamic stiffness,
Re(Hxx, Hyy)L and Ima(Hxx, Hyy)L , versus whirl frequency (@) and orbits with amplitude r/c =
0.1. The symbols (squares and circles) denote the experimentally derived complex stiffness,
whereas the dotted lines represent the best curve fit of the physical model to the test data. The inset
table list the correlation factors (R?) of the measured data to the curve fits. Similarly, Figures 7 and
8 show both components of Hv, with curve fits of the physical model and correlation factors (R?),
for tests with an orbit radius r/c = 0.15 and r/c = 0.2, respectively.

In Figs. 6 to 8, the intercepts of the real part of HL with the vertical axis show direct stiffness
(K) magnitudes that approximate those of the dry test system(structure+ORs). The inset tables in
Figs. 6-8 show a good correlation factor of Re(HL) with the physical model force coefficients
defined by (K, C, M)L. Incidentally, realize Re(H.) quickly decreases with frequency to reveal
large fluid inertia effects from the squeeze film.

In case of the imaginary part of Hi, the inset tables in Figs. 6-8 show a good correlation factor
R? > 0.9. Additionally, Figs. 6-8 include Im(Hst+or) to showcasing the ORs + structure quadrature
stiffness and damping. Compared to Im(Hst+or), note that the slope of Im(HL) is considerably

higher, thus evidencing a dominant viscous damping from the squeezed oil film during the tests.
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Incidentally, Im(HL.) also displays a quadrature stiffness (KoL), similar magnitude, compared to
the magnitude seen with the dry system (Kost+or). This happenstance demonstrates that the effects
of the structural-like damping in the ORs persist in the damping of the lubricated system, albeit
the viscous damping in the film (o« C) remains as the predominant source of energy dissipation for
the lubricated system.

Re(H,)=K - w’M =
30><106 ‘ (0 f) . , 20 x10° . Im(H,_I) 2
257 Test Model —_ -
AR 0| B o]
E E \ Hyy O =--- E‘ z
LK, +K,, ' > ’BB’
== 15 F
E \\8 H)(XST—OR O ----- £1O
= 10 N vvsteor > Hne E 45
@ N i K B
& W 5F 0 80 ]
5 “~ A" uu&lnuﬂ@:“@‘“#
o
0 . . . ‘
0 20 40 50 80 % 20 40 &0 80
Frequency [Hz] Frequency [Hz]
Y 6=90
r/C =0.10 R2?(Correlation factor)
Re(Hxx) Re(Hyy)
¢ =279 ym
1.00 0.99
Im(Hy) Im(Hyy)
1.00 0.99 Dis::;rg\e\;= e

Fig. 6. Real and imaginary parts of direct complex dynamic stiffness (Hxx, Hyy)L vs. whirl
frequency. ORs sealed ends damper. Lubricated test system with Ps= 0.7 bar(g). Circular
centered orbits with amplitude r/c = 0.10 (es = 0.0) and frequency w= 10 — 70 Hz. Lubricant
supplies through one feedhole (9= 45°, z = 0).
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Fig. 7. Real and imaginary parts of direct complex dynamic stiffness (Hxx, Hyy)L vs. whirl

frequency. ORs sealed ends damper. Lubricated test system with Ps= 0.7 bar(g). Circular

centered orbits with amplitude r/c = 0.15 (es = 0.0) and frequency @ =10 — 70 Hz. Lubricant
supplies through one feedhole (8 =45°, z = 0).
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Fig. 8. Real and imaginary parts of direct complex dynamic stiffness (Hxx, Hyy)L vs. whirl

frequency. ORs sealed ends damper. Lubricated test system with Ps= 0.7 bar(g). Circular

centered orbits with amplitude r/c = 0.20 (es = 0.0) and frequency range w= 10 — 70 Hz.
Lubricant supplies through one feedhole (8= 45°, z = 0).
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Table 5 summarizes the lubricated system estimated force coefficients, derived from tests
presented in Figs. 6-8, and confidence intervals for the identified parameters from the uncertainty
in the measurements. The identified stiffness coefficients (KL) show the same magnitude as the

stiffness coefficients estimated with a dry system (Kst+or), thus showing that Kskp ~O0.

In the case of the inertia coefficients for the lubricated system (ML), their magnitudes are at
least 3 times larger than the BC mass (Msc=15.2 kg). The fluid film inertia effect is so large that
the system natural frequnecy has dropped to just 90 Hz, whereas it was ~ 200 Hz for the dry system
(structure + ORs). Similarly, the viscous damping coefficients in the lubricated system are at least
one order of magnitude larger, compared to those from the equivalent viscous damping for the
(dry) structure + ORs. Note that the estimated force coefficients for the lubricated system show a
near constant magnitude, independent of the orbit radius (r/c) when considering the uncertainty of
the dentfiied parameters. Thus, the system natural frequency does not change as r/c grows. This is
also the case for the system damping ratio, with average magnitude of (L= 0.4, nearly 6.6 times

larger than that of the (dry) structure + ORs ({st+or = 0.06).

Table 5. Lubricated System: experimental force coefficients estimated from circular centered
orbits (es = 0.0) with orbit amplitude r/c= 0.1, 0.15 and 0.20 and over frequency range w=
10 — 70 Hz. Test system lubricated with Ps=0.7 bar(g).

: . uadrature
Stiffness K. , Damping C. Q

[MN/m] Inertia M [kg] [KN-s/m] Stl{mﬁlsrh;(m

r/c XX YY XX YY XX YY XX YY

0.10 23.6 21.7 65.0 51.0 27.8 27.1 1.4 1.0
' +1.1 +0.9 +8.6 +6.9 +2.1 +2.0 +0.1 +0.1

0.15 23.2 21.3 66.6 57.5 30.2 25.8 1.0 1.0
' +1.0 +1.0 +8.8 +75 +2.2 +2.0 +0.1 +0.1

0.20 22.0 20.0 60.0 46.5 31.3 26.4 1.2 0.9
' +1.0 +0.9 +7.9 +6.1 +2.3 +2.0 +0.1 +0.1

Force coefficients for SFD (only)
Table 6 summarizes the estimated SFD coefficients, from subtracting the coefficients

identified with a dry structure + ORs, as seen in Eq. 12. The measurements show orthotropy in the
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system, likely due to the connections to sensors and various inlet/outlet lubricant lines. The
identified SFD stiffness coefficients Ksrp ~ 0 and remain constant within the uncertainty bands.
With respect to derived added mass coefficients, they show up to four times Msc=15.2 kg for tests
with the smallest size orbit (r/c=0.05), and remain largely unchanged since the remnant structure

*

+ ORs coefficients, on average, are no larger than two kilograms (M, ). Note that the change

in the magnitude of Msrp with increasing orbit radius falls within the uncertainty in the
measurements, thus remaining with a constant magnitude. As for damping coefficients, they show
a ~10% decrease in magnitude by removing Cst+or, and also stay constant with increasing r/c.
Figure 9 displays the dimensionless SFD damping and added mass coefficients, Csrp = Csrp /
C", Msrp = Msrp / M™ vs. orbit radius r/c. The normalized damping coefficients Csrp ~ 0.7C” as
r/c =0, thus showing that the prediction for a (full film) tightly sealed damper does not agree with
the experimentally derived coefficients. The difference is likely due to oil vapor cavitation (see
Appendix G). The added mass coefficients Msro range from 0.8M" to 1.1M” and agree better with

the analytical formula prediction.

Table 6. Sealed ends SFD: experimental force coefficients estimated from circular centered orbits
(es = 0.0) with orbit amplitude r/c= 0.1, 0.15 and 0.20 and over frequency range w=10 - 70
Hz. Test system lubricated with Ps=0.7 bar(g).

Stiffness Ksrp Inertia Mskp Damping Csrp
[MN/m] [ka] [KN-s/m]

r/c XX YY XX YY XX YY

-2.3 -3.0 63.6 50.3 25.1 25.2
+21 | £20 | £87 | £70 | £22 | £21

-2.7 -3.4 65.2 56.8 27.5 23.9
+20 | £21 | £89 | £72 | £23 | £20

0.20 -3.9 -4.7 58.6 45.8 28.6 24.5
' +21 | £20 | £80 | £6.2 | £24 | £21

0.10

0.15
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Ps= 0.7 bar(g), ¢ = 279 ym, e;/c = 0.0

SFD damping coefficients

SFD Added mass coefficients

1.4 T 14
Ll o g Q
=42 | Prediction C., 5 12 |
g Coom | =
=XX "
U—| 1 e e ) " 1 | o -] —— F— —
gl Mxx L %
s 03 i M,e® | E 08¢
[T}
8 06 - g 06 Prediction
04 I I I < 04 1 1 1
' 0.05 0.1 0.15 0.2 0.25
0.05 0.1 0.15 0.2 0.25 . .
Orbit Radius r/c [-]

Orbit Radius r/c [-]
Fig. 9. ORs sealed ends damper: damping (Csrp) and inertia (Msrp) coefficients vs. orbit radius

(r/c). Lubricated test system with Ps= 0.7 bar(g). Estimated parameters from CCO (es = 0)
and frequency range @ =10 — 70 Hz. Lubricant supplied through one feedhole (6= 45°, z =

0).

The current findings produce damping coefficients about 10% lower than prior experimental
results obtained in the same test facility albeit conducted with lubricant supplied at a high supply
pressure (6.9 bar); see San Andrés et al. [23]. Incidentally, Ref. [22] reports that damping
coefficients from an ORs end sealed SFD increase by nearly 10% when accounting for the viscous
damping provided by the O-rings. This is also the case in the current experimental results.

Lastly, the estimated cross-coupled coefficients (K, C, M)xy and (K, C, M)yx are at least one
order or magnitude smaller than the direct force coefficients. Hence, the cross-coefficients do not

affect the performance of the test SFD. Refer to Appendix F for details on the identified cross-

coupled coefficients.

Measurements of applied load vs squeeze velocity

In the tests, the electromagnetic shakers deliver periodic loads, 90° out of phase, in the X and
Y directions, to produce centered whirl orbits with radii r=0.10c. r=0.15c¢ and r=0.20c and for a
range of excitation frequencies (70 Hz max.). Consider Kavg = 22 MN/m, Mayg =73 kg and Cavg =

28 kN-s/m as (average) force coefficients for the lubricated system coefficients, see Table 5. Note

that Mavg includes the BC mass.
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Note that Fest ~ 1 |Kayg -Mavg @ + i Cavg w| is a representation of the force delivered by a
shaker to produce circular orbits with amplitu r . Figure 10 displays Fest and the actual delivered
force Fapp Vs. frequency. Fapp, in Fig. 10 is the average from the X and Y load amplitudes. The
correlation between Fapp and Fest is rather good, thus denoting the identified force coefficients are

accurate.

Estimated load
2500 from K,y Mayg,

avg
---------------------------------- — =010
2000 F Load Limit =2200 N
rw =17.5 mm/s
Measured load (0.7 in/s) — /=015
Z 1500
? —— =020
S 1000
’ m /=020
500 B /c=0.15
H B ~ rw=18.4
mm/s (0.7 in/s) m 7c=0.10
O 1 1 L 1 1 |
0 20 40 60 80 100 120

Frequency [Hz]

Fig. 10. Lubricated System: applied (shaker) load Fapp and estimated force Fest vS. excitation
frequency w. Recorded loads over the frequency range w= 10 — 100 Hz. Oil supply
pressure Ps=0.7 bar(g).

Dynamic pressure measurements within oil delivery plenum in journal

A check valve in the journal feedhole reduces backflow, while the journal plenum is filled with
oil. A piezoelectric pressure sensor records the dynamic pressure in the oil plenum inside the
journal and in order to certify the check valve adequate operation, see Fig. 3(a). Fig. 11 shows
recorded peak to peak dynamic pressures within the oil plenum vs. excitation frequency and for
orbit radii r/c = 0.10, 0.15 and 0.20. The peak-to-peak pressures though not nil, are proportional
to the whirl frequency and not a function of the orbit radius. This shows that even with a check
valve, oil backflow is still present. Importantly enough, at 120 Hz the highest pk-pk pressure in
the plenum is about 0.6 bar, similar in size to the supply pressure. Operation at a higher frequency
may cause the oil to release its gaseous content or worse yet suction air into the plenum.

See Appendix F for measurements of the dynamic pressure profile in the film lands,

measurements of the film thickness (h) and peak-to-peak dynamic pressures in the film lands.
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Journal plenum peak-to-peak pressures Pg= 0.7 barg
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Fig 11. ORs sealed damper Ps=0.7 bar(g). Recorded peak-to-peak dynamic pressures inside the
journal plenum versus frequency. Circular entered orbits with frequency w =10 Hz to 120

Hz, with radius r/c = 0.2
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Conclusions
This report details measurements of the dynamic forced response of a short-length SFD (L/D

= 0.2) sealed with O-rings. The lubricant, ISO VG 2, with supply pressure Ps=0.7 barg flows

though one check-valve into the squeeze film land. The lubricant exits through one hole midway

between the damper feedhole and one O-ring. Single frequency loads produce circular centered

orbits with radii r/c = 0.10, 0.15 and 0.20. The parameter identification estimates force coefficients

in the frequency range from 10 Hz to 70 Hz. The major findings are:

a)

b)

d)

The ORs identified force coefficients, demonstrate frequency independence in the selected
frequency range. The ORs stiffness (Kor) is sizable, about %2 of the elastic rods’ structural
stiffness. The ORs also shows a quadrature stiffness Ko, such that (Ko/Kor) ~ 0.26 reveals
a significant material loss factor. The OR viscous damping is also significant and
contributes to about 10% of the damping of the lubricated system. The squeeze film lands
produce the other 90% damping.

The identified SFD force coefficients show a near constant magnitude with increasing orbit
radius (r/c). The added mass or fluid inertia (Msrp) is so large that the system natural
frequency drops from ~200 Hz (structure +ORs) to 90 Hz. The experimental force
coefficients, Csro ~ 0.7C* and Msrp~ 1.1 M”, moderately agree with predictions for a fully
sealed SFD. The discrepancy in viscous damping is likely due to oil vapor cavitation and
air entrainment into the film lands.

Measurements of the dynamic peak-to-peak pressure in the plenum upstream of the check
valve show pressure fluctuations with magnitude proportional to the whirl frequency.

The dynamic pressure profiles in the film lands show a steady rise in peak-to-peak
magnitude as the squeeze velocity (rw) grows. The pressure profiles show flat low-pressure
zones as the film gap increases, and spikes plus rugged multiple peak pressure zones for
Vs= rw > 21 mm/s. The pressure waves demonstrate both oil vapor cavitation and air

entrainment in the film lands.
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Appendix A. Measurement of journal radial clearance
This section shows the process to calculate the radial clearance of the test damper. The SFD

radial clearance is:

¢ =% (Dac.io — D op) (A1)

where Dy , is the bearing cartridge inner diameter and D, , is the journal outer diameter. A

dial bore gauge determines, with an uncertainty of 1.27 um (0.05 mil) the BC inner diameter (ID).
Figure Al shows the schematic and cross section view of the bearing cartridge with its dimensions.
The bearing cartridge hosts the load cells, accelerometers, and pressure sensors used to conduct
the experiments. The annular gap between interior surface of the bearing cartridge and the journal

outer surface of the journal locates the lubricant with uniform axial thickness.
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Figure Al. Bearing cartridge (a) schematic view, and (b) cross sectional view.

One set of nine measurements along three different axial planes and three radial planes in the

BC surface determine the average Dy . Figure A2 displays the D, , measurement planes

and angles.
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(a) Top view of BC (b) Cross section view of BC

Fig. A2. Bearing cartridge (a) top view, and (b) cross sectional view.

Similarly, measurements of the journal outer diameter (OD) in the top, middle, and bottom

plane at three different angles determine the average D, ,,. Figure A3 displays the journal

measurement locations. An OD micrometer, with an uncertainty of £1.78 um (£ 0.07 mil),

determines D, ,,. Table Al lists measurements of Dg. , and D, ;.
Table A2 lists the average Dg. o, D, o, for each measurement plane measurement, and c.

From measurements in nine different locations, the total average radial clearance c, is 0.279 mm.
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(a) Top view of journal (b) Cross sectional view of journal
Fig. A3. Journal (a) top view, and (b) cross sectional view.
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Table Al. Measurements of Dy oy and D, oy

Measurement angle | Measurement plane Diame_ter Diame_ter
[mm (in)] [mm (in)]
Al 127.19 (5.0074) | 126.62 (4.9852)
D1 A2 127.20 (5.0077) | 126.64 (4.986)
A3 127.17 (5.0065) | 126.62 (4.985)
Al 127.17 (5.0067) | 126.62 (4.985)
D2 A2 127.20(5.008) | 126.64 (4.986)
A3 127.18 (5.007) | 126.62 (4.985)
Al 127.19 (5.0075) | 126.62 (4.985)
D3 A2 127.20 (5.0078) | 126.64 (4.986)
A3 127.19 (5.0075) | 126.62 (4.985)

Table A2. Average clearance measurement at three axial planes

Plane Average Dec oo Average D, oD C _
[mm (in)] [mm (in)] [mm (in)]
Al 127.18 (5.0072) 126.62 (4.985) 0.282 (0.0111)
A2 127.20 (5.0078) 126.64 (4.986) 0.277 (0.0109)
A3 127.18 (5.007) 126.62 (4.985) 0.279 (0.0110)
Total 127.19 £ 0.005 126.64+ 0.004 0.279 + 0.006
Average (5.007 £0.0002 ) (4.985+ 0.0002 ) (0.0110 + 0.0002 )
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Appendix B. Measurements of Lubricant Viscosity

The viscosity of the oil used in the SFD test rig must be determined to compare and assess

possible changes in viscosity due to temperature change. The BROOKFIELD DVI Viscometer is

used to measure the viscosity of the oil vs. temperature. The viscometer consists of a spindle, a

small volume cup that acts as a reservoir for the oil, and a water bath device for oil temperature

control. With known values of rotational speed, torque, and temperature, the viscometer displays

the values of viscosity in cP (centi Poise) for a given temperature. Mobil Velocite™ Oil Numbered
Series No. 3 (ISO VG 2) is the test oil in the SFD test rig. Table B1 displays ideal properties of

the test lubricant

Table B1. Mobil Velocite ™ No. 3 (ISO VG 2) Manufacturer specification [A2]

Mobil Velocite Oil Numbered
Series No. 3 (ISO VG 2)

cSt @ 40°C 21
cSt @ 100 °C 0.95
Pour Point °C -36
Flash Point °C 84
Density @ 15 °C, kg/L 0.802

A water bath device is used to heat the oil sample in increments of 4 °C from 25 °C to 60 °C.,

while the viscometer reads viscosity values at 30rpm, such that the measurements fit a decaying

exponential function, as noted in Ref. [B1].

The following procedure shows the method to obtain a viscosity measurement.:

Place 0.5 ml of oil in the cup.

Heat the water bath to the desired temperature.
Wait three minutes for thermal equilibrium.
Turn the spindle for one minute.

Read and record the viscosity measurement.

Continue in increments of 4 °C until the maximum temperature is achieved (60°).

Figure B1 shows measurements from prior years, along with current measurements and curve

fits derived from the measurements and from the manufacturer specifications. Three
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measurement sets, performed in July 2019, represent the updated estimation of the lubricant

viscosity as a function of temperature.
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Figure B1. Qil viscosity measurements.

The current measurements indicate a dynamic viscosity of 2.2 mPa-s at 40 °C. The
manufacturer specifies a dynamic viscosity of 1.68 mPa-s at 40 °C. Prior measurements from 2014
to 2016 show an oil viscosity increment of ~15% compared to the specifications, and ~25%
compared to the most recent set of measurements. The difference between the manufactured
viscosity magnitudes and the measured magnitudes is likely due to the mix of multiple oil batches
in the experimental facility oil reservoir over the span of multiple years testing. Different batches
of the same type of oil may have different viscosity magnitudes, in addition to particulate gathering
from older batches could further alter the oil viscosity. The changes in viscosity over time are

expected, considering the accuracy of the viscometer (£ 0.1 mPa-s) and the steady increment in
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viscosity compared to measured values from 2014 to 2016. Measurements of the weight in a known
volume of a small sample of oil determines its density at room temperature of 20 °C. The oil density

p = 0.780 kg/L, is different from the manufacturer specification (see Table B1) by only ~3%. This
minuscule difference discards air entrainment in the lubricant, another cause of viscosity
increment.
Roelands et al. [B1] establish a standard relationship between oil viscosity and temperature:
= prge (B.1)
where [ is the predicted viscosity at temperature T in °C. The viscosity at room temperature (Tr =
20°C) is ug=3.40 mPa-s, obtained from the 2019 measurements. The oil temperature to viscosity

coefficient, ay, is:

_|n& 1
a, =" =002, (B.2)
T,-Ts °C

where 1,= 1.54 mPa-s and T2 = 60°C are the last values of viscosity and temperature,
respectively.
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Appendix C. Flow Measurements in Sealed Ends SFD

Figure C1 displays measurements of the lubricant flow rate vs. supply pressure into the ORs
sealed journal and open to ambient journal. The oil enters through a feedhole in the journal located
at 6 = 45° and at the midplane of the journal (z = 0). Two different flow meters record Ps vs Q:s.
The first one records the inlet flow rate from 0.05 to ~2 LPM. With an accuracy of +3% within
the full measuring range (0.05-4) LPM [C1]. The second flow meter, measuring in GPM, has an
accuracy of +5% over the full measuring scale (3.78-41.65 LPM), and a maximum resolution of
0.04 LPM [C2]. Note the gauge supply pressure, and during the test, the ORs sealed journal shows
no leakage through the O-ring seals. The same measurement is performed without any seals in the
ends of the journal. The measurements show that for the same supply pressure, the open ends
journal has a flow rate 2.70 times higher than the ORs sealed.
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Figure C1. Lubricant flowrate (Qs) vs. inlet supply pressure (Ps) for ORs sealed journal and open
ends journal. Lubricant inlet a feedhole (@ = 45° at mid-plane, z = 0) and lubricant
discharges through hole (@ =240° and z =1/4L).
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Appendix D. Identification of Physical Parameters for Dry Test System

Circular centered orbit tests (static eccentricity e s= 0) with a dry system (no lubricant supplied)
serve to estimate the test system structural parameters. These parameters are the structure stiffness
(Kst), system remnant mass (Mst) and structure damping (Cst). Prior to the tests, a scale measures
the BC from disassembling the testing apparatus, such that Msc = 15.2 £ 0.05 kg. Two orthogonally
positioned electromagnetic shakers deliver single frequency loads, 90° out of phase, over a
frequency range from 30 to 120 Hz. Multiple tests with clockwise (+) and counter clockwise (
—w ) frequencies produce data to determine the complex dynamic stiffness of the dry system. The
amplitude of the circular motions is r/c=0.05.

Figure D1 presents the measured real and imaginary parts of the complex dynamic stiffness
(H) and the physical model curve fits for the dry system versus frequency. The graphs include
results for tests conducted without ORs installed (Hst), and with OR seals in place (Hst+or). Note
thatas @ — 0, Im(Hst+or ) does not have a null magnitude, showing a quadrature stiffness (Ko,or).
This demonstrates the dissipative forces in the elastomeric seals, that quantify their identified
equivalent viscous damping. However, Im(Hst) shows that Ko, is nil.

Table 2 lists the dry system without ORs identified force coefficients, the dry system natural
frequency and damping ratio, with the bearing cartridge mass, valid over a frequency range f = 30-
120 Hz. Similarly, Table 3 displays the dry system identified force coefficients with ORs installed.
Table 4 shows the OR identified force coefficients. Note that the shown force coefficients, are
representative of the selected frequency range.

Measurements of the real part of the complex stiffness Re(Hst+or) show the elastomeric seals
do increase the system stiffness considerably, up to ~45 %, compared to Re(Hst) This causes an
increment in the system natural frequency by ~ 25%. Addition of the ORs to the dry structure

significantly increases the damping ratio by 3 times in the X axis, and two times in the Y axis.
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Fig. D1. Dry test system (without lubricant). Real and imaginary parts of system direct complex
dynamic stiffness versus excitation frequency. Centered circular orbit dynamic load tests.
Orbits with radius r/c = 0.05 and static eccentricity es/c = 0.0. Frequency range from 30 Hz
to 120 Hz.

The inset table in Fig.D1 shows the correlation factor in Re(Hst) and Re(Hst+or), is high (R?>
0.9), indicating that the model represents the stiffness of the structure and ORs. However, the
correlation factor in Im(Hs) is low (R?<<1), indicating the structural damping (Cst) is not of
viscous type, as expected. Incidentally, the identified damping with quadrature stiffness (Cst+or +
Ko,or) shows good correlation (R? > 0.9) to the model. Albeit, the viscoelastic and structural
damping Cst+or/C*~ 0.08 remains a small portion of the analytical viscous damping in the SFD

The experimental results show that the system is slightly orthotropic (Kxx > Kyy, Cxx > Cyy,
Mxx > Myy) since the experimental apparatus includes several inlet and outlet lubricant lines and
connections to the various sensors. The experimentally derived force coefficients (K, C, M) have

a total uncertainty of Uk = 4.3%, Uc = 6.3%, Um = 12.6%, that establish confidence intervals in

the estimated force coefficients.
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Appendix E. Uncertainty in identified Force Coefficients?

This section presents the calculation of the uncertainty in the identified SFD force coefficients.
The total uncertainty of the estimated force coefficients is comprised of bias uncertainty, precision
uncertainty (curve fit) and measurement variability. Us, and Up denote the bias and precision
uncertainties, respectively.

Bias uncertainty (Ug)

Bias uncertainty in sensors and transducers is defined as the systematic difference between the
reference measurement and the recorded value [E1]. Although proper calibration and obtaining
measurements within the linear range of the sensor remove large known biases, there is an error
associated with the sensors and DAQS resolution.

The DAQs consists of a NI cDAQ-9172 board with eight NI 9215 analog input boards that
record the output voltage from the sensors. The product specification sheet [E2] states that over
the maximum admissible voltage of +10.4 V, the NI 9215 board has a percent of reading

uncertainty (gain error) equal to U =1.1%, and a percent of range uncertainty (offset error)

B, gain

Ug gt = 0.8%. The NI cDAQ-9172 board has an analog to digital converter (ADC) with a

resolution of 16 bits [E3], with the input voltage of £ 10.4 V. Thus, the highest voltage resolution
in the DAQs over the voltage range corresponds to 0.31 mV. The bias uncertainty in the DAQs

over a maximum input voltage of + 10.4 V is:

Ug pag = \/U 2B,offset +U 2B,gain =1.3% (E)

The eddy current sensors used to measure the BC relative displacements to the journal have a
sensitivity of 40 mV/um. Within the highest DAQ resolution of 0.31 mV, the eddy current sensors
have an uncertainty of 7.75 um. The mean absolute recorded displacement at the nominal
whirling motion for measurements recorded in the nominal condition r/c = 0.15 and Ps = 0.7 bar(g)

from w = 10 - 70 Hz, is 10.50 pm, thus the displacement uncertainty is U, , = 0.1%.

The piezoelectric accelerometers have a sensitivity of 10.93 mV/(m/s?), along with the DAQ

resolution of 0.31 mV, gives an uncertainty of 0.03 m/s? [E4]. For the mean absolute recorded

2This section follows portions of the uncertainty analysis presented in [20]
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acceleration of 3.22. m/s? in the nominal condition r/c = 0.15 and Ps = 0.7 bar(g) from o = 10 —

70 Hz, the uncertainty in the measured acceleration is Ug , = 0.9 %.

The load cells have a sensitivity of 2.25 V/N and an uncertainty of = 0.14 N due to the voltage
resolution in the DAQS. For the mean absolute recorded dynamic load of 22.83 N in the nominal

operating conditions, the uncertainty in the load measurement is U, = 0.8% .

The individual measurement uncertainties comprise the bias uncertainty in the dynamic

complex stiffness from measurements in the average condition:

Us,, =\Usong’ +U%, 0 TU% | =1.2% (E.2)
Subtraction of the force coefficients of lubricated system force coefficients with ORs installed,
from the force coefficients of the dry system with ORs installed and the force coefficients of the
dry structure force coefficients determines the SFD force coefficients. Thus:
(K,C,M)srp = (K,C,M)L-(K,C,M)&- (K,C,M)or (E.3)

Therefore, the propagation of the bias uncertainty in the estimated force coefficients is:

Us,, =Ug +U%  +U% =2.1% (E.4)

Precision uncertainty (Up)

Precision uncertainty is related to the estimation of the force coefficients in the physical model
curve fit. Circular excitations over a range of selected frequencies estimate the complex dynamic
stiffness of the system to identify their force coefficients. Curve fits of the physical model Re(H)
= (K-M %), Im(H) = (C »*) estimate the force coefficients. The coefficient of determination (R?)
defines the goodness of fit between the physical model and the measurements for both curve fits
[E5] in the real and imaginary parts of H. R? is also defined as the ratio of the sum of squared

regression SSR, divided over the total variation, SST:

N , (E.5)
s SSR _ iZﬂ:(yi - fi)
ST Y w-w

Where yi denotes each measurement value of Re(H) and Im(H), from 1 to N frequency

measurements, while y is the mean of the yi measurements. Then, fi is the physical model value
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corresponding in Re(H) and Im(H)to each y;, measurement. Coleman [E6] presents the confidence

bounds for the coefficients estimated by the curve fit of the physical model:
¥ it Zitd\/§ (E.6)

Where tq is the inverse Student’s t cumulative distribution function, given a 95% confidence
level. Sis a vector of the diagonal elements from the estimated covariance matrix of the coefficient
estimates, (ATA)1SSR2. Where the matrix A represents the Jacobian of the measured values in
Im(Hxx, Hyy) and Re(Hxx, Hyy) with respect to the curve fits of the physical model, Re(H) =
(K-M ®*) Im(H) = (C»®) The matrix AT is the transpose of A, and SSR is the sum of squared
regression, as noted in Eq. E.5. For a nominal condition of r/c = 0.15 and P = 0.7 bar(g), the
average of the direct force coefficients is K=22.22 MN/m, C = 31.12 kN-s/m, and M=61.95 kg.
From Eqg. E.6, the precision uncertainty due to the curve fit in the physical model in the estimated

force coefficients is:

U, =‘”thK —2.8% E.7)
Uy, =%=4.3% (E.8)
U, ="”'f\‘/|ﬂ= 6.0% (E.9)

Uncertainty due to variability (Uy)

The uncertainty due to variability is related with the repeatability of measurements. To address
the repeatability in the experiments and in the estimated force coefficients, multiple test sets
include three sets of measurements in the same operating conditions. A total of nine tests (three in
each r/c = 0.1, r/c = 0.15 and r/c = 0.2 ) comprise the experimental results for a lubricated system.
The tests sets have a standard deviation that demonstrates the variability in the measurements. The

confidence intervals due to variability [E2] are:
v, =t,S, (E.10)

Where tv = 2.45 denotes the t Student’s value for a 95% confidence interval, and Sv is the

standard deviation in the N=3 test sets:
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S, \/(N 1)2( (E.11)

Where x represents the estimated force coefficients, X, the average of all the measured data
and i is the index number. Table E1 shows the lubricated system identified force coefficients for
ORs sealed SFD operating at the nominal condition r/c = 0.15 and Ps= 0.7 bar(g), over a frequency

range o = 10 -70 Hz.

Table E1. Identified system force coefficients(K,C,M). for ORs sealed SFD. Supply pressure Ps=
0.7 bar(g), r/c =0.15 and frequency range from 10 Hz to 70 Hz.

Test # Kxx Kyy Cxx Cyy Myx Myy
[MN/m] [MN/m] [KN-s/m] | [KN-s/m] [ka] [ka]

1 23.84 21.56 33.10 28.03 63.21 53.75

2 23.20 21.29 33.41 28.94 66.72 57.63

3 23.2 21.56 33.7 29.46 68.46 59.21

Substitution of Egs. E.11 in E.10 divided over the average estimated force coefficients gives

the uncertainty due to variability in the identified force coefficients:

u,, =‘/’?K= 2.6% (E.12)
Uy o =%:4.2% (E.13)
Uy =24 =10.9% (E.14)

Total uncertainty

The propagation of the total uncertainty in the identified SFD dynamic forced coefficients is:

« =\Up 2 +Ugh +U, 2 =4.3% (E.15)

¢ =Up 2 +U, 2 +U, 2 =6.3% (E.16)
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Uy = Uphy +U% o +U, ) =12.6% (E.17)
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Appendix F. Lubricated System Cross-coupled Dynamic Stiffnesses

Figure F1 displays the real and imaginary parts of the cross-coupled complex dynamic
stiffnesses Re(Hxy, Hyx)L, Im(Hxy, Hyx)L, and physical curve fits (KCM model). In the model,
Re(HL) — (KL — @®ML). and Im(HL) — (CLw). The damper operates with a constant supply
pressure of 0.7 bar(g) and with whirl orbit radii r/c = 0.1, 0.15 and 0.2. The inset tables list the
cross-coupled damping and added mass coefficients, along with R? to the KCM model. The model
curve fits show low correlation factor R? < 1, with real and imaginary values of Hxy and Hyx at
least one order of magnitude lower than H. show values of stiffness, Additionally, the stiffness
and damping coefficients approach zero, thus, the cross-coupled coefficients in the lubricated

system are negligible for the direct SFD coefficients..
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Fig. F1. Lubricated OR sealed ends damper (c = 279 um). Real and imaginary parts of cross-
coupled complex dynamic stiffnesses (Hxy, Hyx)L vs whirl frequency Parameters identified
in the frequency range from 10 to 70 Hz. CCO with radius r/c = 0.1, r/c =0.15 and r/c = 0.2.
Ps= 0.7 bar(g).
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Appendix G Measurements of dynamic pressure in the damper film lands®
Figure 10 shows the location of the pressure sensors, in the bearing cartridge (BC). Six

piezoelectric dynamic pressure sensors (P1-Ps) installed in the BC around its circumference. Two
groups of three transducers (P1-3, P4-6) spaced by 90°, record the film dynamic pressure at the top,
bottom and middle (Top, Mid, Btm). Each group (P13, P4-6) is spaced by 15° A piezoelectric
pressure sensor (P7) measures the film dynamic pressure in the oil plenum inside the journal (see
Fig. 3(a)). This section shows measured pressure profiles in the film lands, from the CCO, as well
as an analysis of the dynamic pressure, as a function of the orbit radius r and whirl frequency w.
Figure G1 shows section views of the BC: (a) top view, (b) axial view and (c) unwrapped view,
with the position of the pressure transducers.

This section presents measurements obtained from pressure sensor P4, located at 6 = 225° and
z=0 for an ORs sealed damper supplied with lubricant at Ps = 0.7 bar(g). Figures G2 to G4 show
recorded dynamic pressure profiles for whirl radii r/c = 0.10, 0.15 and 0.20, respectively. The
figures display three whirl periods (T= 11ms). The recorded film thickness h, from pressure

measurements in the same location is:

hwy = ¢ +Xwcosl + Yosind (G.1)
X = rcos(wt +¢x) (G.1a)
Y = rcos(wt +¢y) (G.1b)

Where r is the orbit radius, ¢x and ¢v are the arguments of the fundamental components of the
Fourier series-built functions from the measured displacements along the X,Y axes. In Figs. G2-
G4, the dotted lines Parmand Po mark the atmospheric and absolute zero pressure. In the Figures,
all the pressure profiles for squeeze velocities below r«~21 mm/s show a sinusoidal shape without
flat pressure peaks, valleys or distorted profiles, where cavitation or air entrance are present in the
film lands. Above this magnitude of squeeze velocity, the dynamic pressure profiles show flat
zones near the maximum film thickness region, below Pam, denoting oil vapor cavitation. In the
squeeze region where h decreases, at ro > 21 mm/s, the dynamic pressure shows sharp spikes,
characteristic of bubbles bursting, marked with a red ellipse. In this case, the bubbles bursting
could either be from cavitating oil or air in the film lands. Incidentally, various pressure profiles
at ro > 21 mm/s denote a flat pressure peak, marked with a green ellipse. This is particularly

noticeable in Fig. G3, in at ®=90 Hz and Fig. G4 at =70 Hz. Thus showing that in regions where

3 This section reproduces information presented in Ref. [20].
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the dynamic pressure should keep increasing, but remains fairly constant, thus evidencing air
entrapped in the film lands being compressed by the squeeze film.
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Fig G1. Schematic views of the location of pressure sensors in the BC: (a) top view, (b) axial
view and (c) unwrapped view. Schematic views taken from Ref [16].
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Fig. G2. ORs sealed damper Ps=0.7 bar(g). Dynamic film pressure (P) and film thickness (h)
recorded at 6=225° (P4) versus time (t/T) for measurements at mid-plane (z =0). Circular
entered orbits with frequency w =90 Hz to 140 Hz, with radius r/c = 0.1
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Fig G4. ORs sealed damper Ps=0.7 bar(g). Dynamic film pressure (P) and film thickness (h)
recorded at 8=225° (P4) versus time (t/T) for measurements at mid-plane (z =0). Circular
entered orbits with frequency w =40 Hz to 90 Hz, with radius r/c = 0.2



Figure G5 shows the recorded peak-to-peak dynamic pressures, for CCO tests with lubricant
pressure Ps = 0.7 barg. The peak-to-peak pressures show a steady increase, with similar magnitude
up to 80 Hz. At frequencies above 80 Hz, the pressures show an unclear trend for the orbit radii
r/c = 0.15 and 0.10. In the lowest orbit radius, the magnitude of the pressures substantially drops
at 90 Hz and increases steadily again up until 140 Hz. For r/c = 0.15, there is a sudden drop in the
peak-to-peak pressure magnitudes. In the recorded pressures, either the flat pressure zones with oil

vapor cavitation or air entrainment likely disrupt the increasing peak-to-peak pressure amplitude
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Fig G5. ORs sealed damper Ps=0.7 bar(g). Recorded peak-to-peak dynamic pressures at 6=225°

z=0 (P4) versus frequency). Circular entered orbits with frequency w =10 Hz to 140 Hz,
with radius r/c = 0.10, 0.15 and 0.20
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