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EXECUTIVE SUMMARY

Thermohydrodynamic Analysis of Bump Type Gas Foil Bearings: Model and Predictions
TRC-B&C-2-08

Ready use of gas foil bearings (GFBs) into high temperature applications requires accurate
model prediction accounting for transport and disposal of thermal energy. Adequate thermal
management is a pervasive performance problem and engineering design challenge in micro gas
turbines, for example. The current research introduces a thermohydrodynamic (THD) model for
mechanical energy dissipation and thermal energy transport by the thin gas film and cooling gas
streams (inner or outer), as well as heat conduction into the bearing cartridge. A bulk-flow model
describes the transport of momentum and thermal energy within the gas film. Equivalent heat
transfer coefficients represent multilayer convection/conduction paths. The model also accounts
for shaft thermal expansion and centrifugal growth due to increases in rotor temperature and
rotor speed. Material properties of the underlying foil structure degrade as the temperature
increases.

THD model predictions show a larger minimum film thickness (and smaller journal
eccentricity) when compared to those for the isothermal flow model, in particular with large
static loads, because increases in gas film temperature result in net increases in gas viscosity.
Larger shaft temperatures mean larger gas film temperatures with shaft thermal expansion
reducing the operating bearing clearance, and leading to increases in drag torque. As the shaft
temperature increases, the journal eccentricity and the minimum film thickness decrease due to
the reduction in the operating bearing clearance. A cooling flow stream on the back of the top

foil increases the heat flow transport to reduce the film temperature.

Note from Editor: TRC-B&C-2-08 reproduces Quarter 1 Progress Report to NASA (Nov.
2007). Current report edited four times prior to its release to TRC members.
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NOMENCLATURE

c Thin film radial clearance, a function of temperature [m]
Cp Gas specific heat at constant pressure [I/kg-K]

D Diameter [m], D=2 R

ex, ey Journal eccentricity components [m], e=+/ey +e;
E Young’s modulus [N/ m’]

h film thickness [m]

H, Bump height [m]

h Heat convection coefficient [W/m?-K]

kg (simple) Bump foil stiffness/unit area [(N/m)/m’]
L Bearing axial width [m]

ly Half bump arc length [m]

Ly Pad circumferential length, R(©- ©) [m]

Nu Nusselt number

Np, N Number of bumps, Number of bump strips

P Gas pressure [Pa]

R Radius [m]

R, Ideal gas constant [J/kg-K]

p Preload [m]

Sc, St Centrifugal growth and thermal expansion [m]

T Bulk Temperature [°C]

t Time [s]

ty Bump thickness [m]

t Top (thin) foil thickness [m]

uw Bulk-flow gas velocities in circumferential (x) and axial (z) direction
Un Mean circumferential flow velocity [m/s]

wy top foil transverse deflection [m]

XY, Z Inertial Cartesian coordinate system [m]

x=R 0,z Coordinate system on plane of bearing [m]
ar Thermal expansion coefficient [-]
00 Inlet pre-swirl factor for circumferential velocity [-]
K Thermal conductivity [W/m-K]
P Gas density [kg/m’]
A Thermal inlet mixing ratio [-]
7, Gas viscosity [Pa-s]
% Poisson’s ratio [-]
c, 1
K
Circumferential coordinate [rad]
Rotor angular velocity and whirl frequency [rad]

3

Prandtl number, ¢, =

fe XS
8

TRC-B&C-2-08



Subscripts
cooling  Cooling gas flow

Ltp Leading and trailing edge of top foil, and offset position
f Thin gas film

i, o Inner and outer

0 Outer flow region

S Shaft (journal)

supply Fresh gas (natural) supply at the leading edge of top foil
B Bearing

F Foil

a Ambient
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INTRODUCTION

The widespread usage of foil gas bearing (GFB) into oil-free turbomachinery relies on
overcoming intermittent contact and damaging wear at start up and shut down, temporary rubs
during normal operating conditions; and most importantly, engineering thermal management to
ensure reliable GFB performance in high temperature environments. Although, gains have been
made in specific loading [1-2], high-temperature material limits, coating endurance and stability,
and adequate thermal management still restrict application of GFBs into high power density gas
turbines.

Advancements in GFBs toward their reliable operation in high temperature environments
require of accurate performance prediction that accounts for thermal effects. The report details
the extension of the existing GFB computational model — isothermal & isoviscous ideal gas, see
Refs. [3-4], to include the thermal energy transport within the thin gas film region, heat
convection from/into the thin film into/from the rotating shaft and the top foil, and heat
conduction through the bump strip layer and into/from the bearing housing.

Model predictions follow for a generation I GFB with axial length L and diameter D of 38.1
mm which supports a shaft with an increasing temperature from 25 °C (room temperature) to
150 °C (moderately high temperature), which simulates a engine shaft with heat conducted from
a hot turbine, for example. Model predictions also reveal the effect of an adequate cooling
mechanism (proven thermal management [5]) to carry away heat conducted from hot

components or generated due to the mechanical power dissipated within the gas film.

LITERATURE REVIEW

The archival literature shows a few references that include modeling of heat flow transport in
gas bearings. Salehi et al. [6] implemented a simple Couette flow approximation to predict the
temperature field evolving around the bearing circumference. Comparison of exit temperature
predictions to measurements conducted on a test GFB are in reasonable agreement. Most
important, however, is the finding that about 80% of the thermal energy is conducted by the top
foil and advected to a cooling stream forced axially at one end of the bearing.

Peng and Khonsari [7] introduce a more comprehensive thermohydrodynamic (THD) model
to predict the steady-state performance of GFBs. A simple elastic foundation represents the foil

structure with coupled Reynolds and thermal energy transport equations solved simultaneously
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for prediction of the gas film pressure and temperature fields. No shaft centrifugal growth and
thermal expansion are accounted for. The outer cooling flow regime determines appropriate heat
convection coefficients. Predictions reveal a nearly uniform film temperature along the bearing
axial direction; and with an increase in load capacity since typical gas viscosity increases with
temperature. Comparison of predicted temperatures to test data given in Ref. [6] is noted as
excellent. However, Radil and Zeszotek [8] find a decrease of ~30 % in load capacity for a GFB
tested at increasing temperatures ranging from 25°C to 650 °C. Apparently, temperature
dependent mechanical properties of the structural components and actual dimensions (thermal
growth) need be accounted for reliable predictions.

Le Lez [9] implements a bulk flow model to predict the gas film pressure and temperature
fields within GFBs. The top foil and the bump strip layer are modeled as a nonlinear elastic
foundation with dry friction between the top foil and the bearing housing. Analysis of the
thermohydrodynamic model uses an upwind scheme to solve the energy transport equation,
which accounts for heat convection/conduction to the shaft and bearing housing. Predicted gas
film peak temperatures increase as the journal eccentricity (load) increases. The THD model
predicts a larger load capacity than an isothermal flow model with the same operating conditions.

Feng and Kaneko [10] predict the gas film pressure and temperature fields within
multiwound foil bearings. A FE model of the Reynolds and energy transport equations provides
the gas film pressure and temperature fields. Model predictions show that the THD model
predicts larger load capacity and drag torque than the isothermal flow model. The gas film peak
temperature increases as the static load increases and as the rotor speed increases. A comparison
of model predictions to test data, obtained for a bump type GFB tested in Ref. [6], shows
reasonable agreement.

Sim and Kim [11] predict 3D gas film temperature fields within a flexure pivot tilting pad
gas bearing using Reynolds equation and energy transport equation. The model accounts for heat
flux from the gas film to the shaft/bearing housing and the shaft thermal expansion and
centrifugal growth. Predictions show that the gas film temperature increases as the rotor speed
increases. The film temperature hardly changes with increasing static loads and for different
numbers of tilting pads. The THD model predicts larger direct stiffness and damping coefficients
than the isothermal flow model, in particular at high rotor speeds, due to an increase in the gas

viscosity and a decrease in the bearing actual clearance.
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Thermal seizure and failure of a GFB are the result of inadequate thermal management and
poor design with little consideration to the whole rotor-bearing system — thermal and structural.
A micro-turbine manufacturer [12] using proprietary GFB technology downplays the importance
of thermal effects and notes that engineered energy conduction paths in the bearing cartridge are
paramount to the success of their product application. Hence, the implementation of a realistic
thermal model for GFBs must include not only the mechanical energy dissipation occurring
within the gas film, but most importantly the heat convection and conduction paths into and out
of the bounding surfaces (shaft and bearing) with due attention to the structural-thermal coupling
that changes the GFB structural properties, sizes of components (shaft diameter and operating

minimum film thickness).

THERMODYNAMIC ANALYSIS OF GAS FOIL BEARINGS
DESCRIPTION OF THERMAL ENERGY TRANSPORT MODEL

A comprehensive thermohydrodynamic (THD) model for thermal energy transport in a gas
foil bearing-rotor system does not include just the thin film gas region but also the cooling
streams, inner and/or outer, typically found in existing rotor-GFBs systems, as well as the
conduction through the bearing shell and in the rotating shaft. Figure 1 (a) shows the schematic
view of a bump-type foil bearing supporting a rotating hollow shaft. The graph depicts the
coordinate systems and major components of the GFB. For generality, two cooling gas flow
streams are supplied as noted. Figure 1 (b) illustrates a cross-sectional view of the GFB with the
cooling streams, inner and outer. For purposes of the discussion below, consider — as in a gas
turbine — the shaft is at a high temperature Ts due to a heat conducted from a hot section. The

two cooling streams are:

(a) Inner flow stream, at supply temperature and pressure (T e b, ) flowing through the hollow
shaft to cool directly the shaft inner surface at temperature 7 ; and/or

(b) Outer flow stream, at supply temperature and pressure (TCU,PCO )ﬂowing axially through

one end of the FB structure to cool directly the back face of the top foil at temperature 7F,.

Along the bearing axial coordinate (0 <z< L), the outer stream temperature (7p) increases

TRC-B&C-2-08 3



as it removes heat, while its pressure (Pp) decreases to ambient condition (P,).
Importantly enough, there is also pressurized gas flowing axially through the thin film
region separating the rotating shaft from the topfoil front face. In this region, the gas

hydrodynamic film pressure (P, is generated while its temperature (7y) varies. The outer

stream (T . P )also sets the inlet or entrance conditions into the thin gas film. Note that the

inner gas film is characterized by a minute film thickness (/4;), while the outer flow
underneath the top foil has a larger gap with characteristic length equal to a bump foil height
(45).

Within the thin gas film, mechanical power generated by fluid drag and heat convected from
the hot shaft is removed' by the inner film gas flow and also conducted through the top foil at
temperature 7r. The outer cooling stream, at temperature 7 increasing axially, advects part
of the conducted heat; while the remnant heat flows through conduction into the bearing

housing at temperature 7 and disposed into an external fluid medium at temperature 7, .

In practice, however, one or the other cooling methods will be implemented. It would

not be efficient to implement both methods at once.

" This assertion implies the gas film is at a lower temperature than the shaft outer surface. The opposite case, i.e.
where thermal energy flows from the film into the shaft, requires the shaft to be at a lower temperature and an inner
cooling stream. Note that a solid shaft (journal) becomes a source or sink of thermal energy for the cases described
above, respectively.
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= Top foil
= Bump strip layer
ﬂ Hollow shaft

— Inner flow stream

film flow

Vl Bearing housing

= External fluid
= medium

Outer flow _
stream : Top foil

P Cos TCo

Thin film flow

Inner flow
stream

Hollow shaft

(b) Side view (opened-up view)
Figure 1. Schematic view of cooling flows in gas foil bearing: inner cooling stream (Tg;

P¢)) flows through hollow shaft; and outer cooling stream (T¢,, Pco) flows through thin
film region and underneath top foil. Outer cooling flow exits to ambient pressure (P,)
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THERMOHYDRODYNAMIC MODEL FOR PREDICTION OF GFB PERFORMANCE

Refer to Figs. 1(a) and 1(b) for a geometrical depiction of the foil bearing, coordinate
systems, and nomenclature for the cooling streams, inner and outer. Figure 2 shows the

nomenclature for the temperatures in the gas foil bearing and shaft system. Consider:
a) Ideal gas with density p= % T where P and T denote absolute pressure and temperature,
g

and R, is the gas constant.

b) Gas viscosity () is a function of absolute temperature only, 1.e. u=c, T .

c) Gas Specific heat (c,) and thermal conductivity (x,) determined at an effective temperature
and regarded as invariant in the thermal process.

Inner cooling
flow

Hollow shaft
RSi‘"!"'

inner radius
Hollow

shaft

Hollow shaft R Y.
outer radius So

Top foil RF Y.
radius
Bearing housing Rg; 1
inner radius ! Bearing

housing

) ] Drag
Bearing housing p . V...000 dissipation
outer radius power (gas
film)

Ambient

Figure 2. Nomenclature for temperatures in gas foil bearing, hollow shaft, bearing shell,
and cooling flow streams
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A bulk-flow model describes best the transport of thermal energy [13]. Hence, the noted
pressures and temperatures below represent meaningful averages across the film thickness. This
assumption is less restrictive for the pressure than for the temperature. The gas flow paths
modeled include:

(a) Thin film gas region, between rotor surface and top foil, generating the hydrodynamic

pressure field (P/i(_) )) able to support static and dynamic loads. In this region, the gas film

temperature (Tf@ : )increases due to the dissipation of mechanical energy from viscous drag,

and importantly enough, due to convection of heat from the /ot shaft and carried away by the
gas film flow. In addition, some heat also flows into the top foil, part of it advected by the
outer flow stream and with the rest conducted into the bearing shell.

(b) Outer cooling flow stream region supplied axially at one bearing end with feed

conditions(TC ,P. ) This cooling stream increases in temperature (T o(® z)) , as it removes

heat from the back surface of the top foil; while its pressure (P )decreases toward

0(@,2)
ambient pressure P, , as it exits the other end of the bearing (z=L).

(c) Inner cooling flow stream region at uniform cold temperature (T - )In this region, typically

of a large diameter, enough gas flow is supplied so that its temperature does not vary along

the axial direction.

Hydrodyancmic pressure and tempearure transport with thin film gas flow region

The gas film thickness (h fom ) separating the rotor from the top foil is very small compared to

the shaft outer radius (RSO) and bearing axial length (L). Furthermore, the gas kinematic

viscosity (v=w/p) is relatively large, and hence the flow regime within the gas film region is
typically laminar and not influenced by fluid inertia. That is, the characteristic Reynolds number

2
Qny

14

based on shaft angular speed () is relatively small, i.e. Re, = <1.
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Under these considerations, the steady state, laminar flow Reynolds equation for an ideal gas

of density p, J% - flowing within a thin film thickness #, is
g f '

3 3
o[ MmP 0P L9 h,P, 0P, v 9 By h, 1)
ox\ 2uR,T, ox | 0z(12uR,T, Oz "9 ox|( R,T,
QR —5z 5z 121
where U, (2) = > . (l—e g )"‘OCQ QRSO e’ with 6 =— 2f is the mean circumferential

(m,h™) ¢

flow velocity [14,15], proportional to shaft surface speed and evolving in the axial direction due
to the imposed pressure gradient from the outer cooling flow. Above, ag is an empirical inlet

flow pre-swirl factor. (x, z) are the circumferential and axial coordinates on the plane of the

bearing. R, is the gas constant, and the gas viscosity y= ,u(T ) is a function of the gas absolute

temperature.

For a perfectly aligned journal, the film thickness (#,) in a GFB with a mechanical preload
(rp) at an offset angle (®)) is [4];

hy=c-r, cos<®—®p)+eX cos(®) + ey sin(@) + w, )

where, ¢, ey, ey, and w, are the bearing radial clearance, journal center displacements (ey, ey) and
top foil elastic deflection, respectively. See Fig. 3 for the geometry of a journal and arcuate top

foil with mechanical preload, and their disposition in the Cartesian coordinate system (X ,Y).
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¥p=C - Cnm c: Radial (foil) clearance

7,=0 : Null preload cm: Assembled radial clearance

r,=c : Journal — top foil contact A Local film thickness considering,
local aerofoil deflection, w,

Figure 3. Geometry of a journal and arcuate top foil with mechanical preload

The numerical solution of Reynolds Eq. (1) implements a control volume — finite difference
scheme with the exact advection model, Ref. [16], ensuring numerical accuracy and stability for
operation at high journal rotational speeds, in particular.

The bulk-flow temperature transport equation is derived from integration across the film

thickness of the 3D thermal energy transport equation as given in Ref. [13].
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o(p, h,UT,) o(p, h, W, T - A
Cp_f ( féfx ! f)+ ( féfz : f) +hfF<Tf_TE)_th(TS" _Tf)

aP oP 12
Ufhf +Wf hf A +— Hy
ox oz hf

€)

{Wf +;U U, - Um)z}

Convection of heat by fluid flow + diffusion to bounding surfaces = compression work + dissipated energy

where ng and }7  are the heat fluxes per unit area from shaft into the inner film and from
inner film into the top foil front surface, respectively. Above, 7, T; and 7}, are the thin film gas

flow temperature, journal outer surface temperature, and the top foil inner surface temperature,
respectively. Typically, a heat convection coefficient 4 is a function of the flow conditions
(laminar or turbulent), gas thermal conductivity, and a characteristic diffusivity length, i.e. film

thickness. (U,, W, ) are the film flow velocity components along the circumferential and axial

direction, respectively, and determined from the momentum transport equations. c, denotes the

gas specific heat, and gas density p ’ =% T
g s

Appendix A details numerical discretization and solution procedure of the governing
equations (1,3) for thermohydrodynamic analysis of GFBs, and Appendix B presents the
evaluation of the heat convection coefficients for heat transport from the gas film into the
rotating shaft and the outer bearing housing.

The boundary conditions for the inner film gas pressure and temperature fields

{P T, }are

(a) at the inlet plane z=0), {G), <0< @t}

,(0,0,¢)=F. ; T,(0,0,1)=T (4)

?Reynolds equation for the pressure field is of elliptic type, thus requiring of boundary conditions on the entire
closure of the flow domain. On the other hand, the temperature transport equation is of parabolic type with specified
boundary conditions at the inlet plane(s) where gas flow is supplied.

In addition note that due to the asymmetry in temperature conditions, an assumed pressure field symmetric about
the bearing midplane, i.e. Pf(z+ 7 L)= Pf(z) when 0<z< % L , is physically impossible. Prior analyses, see Ref. [7]
for example, use this incorrect assumption.
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where (PC T, ) are the pressure and temperature of the outer cooling stream supplied at one

end of the GFB.

(b)_at the leading edge angle (@) of top foil, for {0 <z< L} ,

P (0,,2,6)=Py(©,, 2); T,(0,,21)=T,(®,) )
with T, =f(TO (0,).T, (@t,z,t)), and {P,,T,}as the gas pressure and temperature underneath

the top foil (outer flow cooling stream).

(c) at the trailing edge angle (©,) of top foil, for {0 <z< L} ,

P,(0,,2,t)=P,(®,,2) (6)
with the exit temperature leaving the topfoil, 7, =7, (®,,z,7), determined by solving Eq. (5).
Note that the inlet temperature 7, at the top foil leading edge () results from mixing of a
fraction of the Aot film stream leaving the top foil with temperature 7, with the externally

supplied cold outer stream flow at temperature 7o)

(d) at the exit plane, z=L , {@, <OL @t}

F (®,L1)=F, @
where P, denotes ambient temperature. The exit film temperature T, (@,L,t) is determined

from solution of the thermal energy transport Eq. (3).

PREDICTIONS OF GAS FILM PRESSURE AND TEMPERATURE

FIELDS
Model predictions follow for a generation I GFB with axial length L and diameter D equal to

38.1 mm. The bearing housing and bump dimensions studied are identical to those of a GFB
tested in Ref. [4]. Table 1 displays the bearing geometry and operating conditions for the GFB

studied. Ambient conditions are noted as 25 °C and 1 bar in pressure.
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Table 1. Geometry and operating conditions of Generation | GFB

Parameters Values
Bearing radius, R=D/2 19.05 mm
Bearing length, L 38.1 mm
Foil arc circumferential length, /, 120 mm
Nominal radial clearance, ¢ 70 um
Top foil thickness, ¢, 102 pm
Bump foil thickness, #, 102 ym
Bump pitch, s 4.572 mm
Bump half length, /, 2.032 mm
Bump height, 4, 0.381 mm
Number of bumps, N, x strips, N; 25x1
Bump foil Young’s modulus at 25 °C, £ 213 GPa
Bump foil Poisson’s ratio, v 0.29
Bump foil stiffness, k;z 3.16 GN/m’

Gas properties

Air

Gas Constant, R <

286.7 J/(kg-K)

Viscosity, 1

1.85x 107 Pa-s

Conductivity, K 0.0257 W/m.K
Density, p 1.169 kg/m’
Specific heat, c, 1,020 J/kg.K

Ambient pressure, P,

1.014 x 10°Pa

Ambient temperature, 7,

25 °C (298 K)

The gas properties in Table 1 are nominal at room temperature (25 °C). Note that gas
viscosity () and conductivity (x ) change with gas temperature. Appendix C provides the air
material properties () and (k) versus temperature, as implemented in the analysis program.
Figures C1 and C2 include predictive formulas, where (x) and (y) denote the variables in the
horizontal and vertical axes, respectively. The linear fit correlation coefficients (R’) are close to
unity. Note that gas specific heat (c,) is taken as a constant (1,020 J/kg K) since it does not change
significantly with temperature. For example, ¢, varies from 1,005 J/kg K at -150 °C to 1,067 J/kg
K at 400 °C [17].
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Note that, in Appendix D, predictions of shaft centrifugal growth and thermal expansion for
increasing rotor speeds and temperatures show a significant reduction in the nominal radial
clearance (¢ = 70 um in Table 1) during rotor operation.

The current analysis assumes an ambient (or supply) air temperature Ty, = 25 °C. The
whole bearing housing surface is at 25 °C, and the shaft temperature varies from 25 °C to 150 °C.
Hence, the thermal gradient is from the hot shaft to the bearing housing.

Note that top foil detachment doest not allow for sub-ambient pressures [3]. Thus, ingress of
(fresh or cold) air flow from the axial sides of the bearing into the gas film is unlikely to occur.
In reality, fresh gas flow is naturally drawn into the thin film at the largest gap between the top
foil leading and trailing edges. Hence, an adequate thermal energy and flow mixing condition’
occurs at this location.

Figure 4 presents the predicted (a) film pressure P, and (b) bulk-flow film temperature 7
fields for the GFB operating at a rotor speed of 40,000 rpm. A static load of 5 N is applied
toward 180° (vertical downwards — along X direction, see Fig. 1). The shaft surface temperature
(Ts) 1s at 25 °C and no feed cooling gas flow is supplied. The predicted journal eccentricity,
journal attitude angle, and minimum film thickness are 26.6 um, 60°, and 42.3 um, respectively.
Along the circumferential coordinate, 0 < 8 < 200 °, the film temperature increases as the gas
flows and removes the shear induced mechanical energy. However, for & > 200 °, the
temperature drops due to (a) the gas expansion - reduction in pressure — that cools the gas film,
and (b) due to the negligible shear dissipation energy - further downstream- once the top foil
detaches. The prediction shows that the inlet gas film temperature at the top foil leading edge
increases slightly from 25 °C to 25.5 °C*, while the peak temperature of ~29 °C occurs at the
bearing mid-plane, just downstream of the peak film pressure ~200 °. Note that the simple
Couette flow approximation [6,18] predicts a peak temperature at the top foil trailing edge and

underestimates the actual peak film temperature, in particular for heavily loaded GFBs. This

3 ) denotes the fraction of upstream gas flow (trailing edge of top foil) re-entering the thin film of the GFB at the

leading edge of the top foil. Note that 7z, +m supply = 11 =Am,, where 71, , Pty s M > and m,,, are

inlet ; mRec
recirculation flow, fresh supply flow, inlet film flow, and, upstream flow at the trailing edge, respectively. A simple

thermal energy balance, i.e., s, T, T, leads to 7, :(mRECTREC ity Tsuomis ) /’hmzez . The

Rec + mSupply Supply = m[nletT

Inlet
thermal inlet mixing ratio A (<1) depends on the bearing configuration and applied cooling method.
*The inlet mixing flow temperature is found iteratively using the calculated recirculation flow temperature and the

fresh air supply flow temperature of 25 °C with a mixing ratio 4 which satisfies ir,, = 0.5m,,,, -
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approximation is strictly valid for operation at small journal eccentricities and ignores the effects

of gas compressibility.

(a) Pressure

A2
s

1 .08 i
SN

Dimensionless
pressure, p/pa

Axial node 360

number 0 %0 180 270

Circumferential angle [deg]

(b) Temperature

£,
i
Ty

Temperature [° C]

Axial node
number

0 90 180 270 360

Circumferential angle [deg]

Figure 4. Predicted gas film (a) pressure and (b) temperature fields in a GFB operating at
a rotor speed of 40,000 rom. Static load of 5 N applied toward 180°. Supply air (Tsuppy),
shaft (Ts), and bearing housing (Tg) temperatures at 25 °C. No axial cooling gas flow
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The following results refer to thermal boundaries (a) insulated or adiabatic walls, i.e. no heat
transfer to/from the bounding walls and, (b) heat convection/conduction from hot shaft into gas
film and heat conduction from gas film into bearing cartridge at 25 °C.

Figure 5 shows predicted gas film peak temperature versus static load at a rotor speed of
40,000 rpm for an adiabatic walls condition and for heat convection to the bounding walls, i.e.
shaft and top foil. In general, predictions show that the peak temperature, which occur along the
bearing mid-plane, increases as the static load increases. Differences in the magnitudes between
the two model predictions increase significantly as static load increases. The difference in the
peak temperature of 2 °C (= 31 °C - 29 °C) with a static load of 5 N increases to 34 °C (= 89 °C -
55 °C) with a static load of 75 N, for example.

Figure 6 depicts predicted journal eccentricity and minimum film thickness versus static load
at a rotor speed of 40,000 rpm for the adiabatic walls condition and for the heat convection
to/from the bounding walls. The figure also shows predictions from an isothermal flow model [3].
The isothermal flow model neglects altogether the thermal energy transport and assumes a
constant gas film temperature (7y=T,p). As the static load increases, the predicted journal
eccentricity increases and the minimum film thickness decreases. The isothermal flow model
predicts the largest journal eccentricity and the smallest minimum film thickness, while the
adiabatic walls model predicts the smallest journal eccentricity and the largest minimum film
thickness. For the adiabatic walls model, the increase in the gas film temperature (max. ~ 85 °C)
increases the gas viscosity (~14.3 %); see Appendix C, thus leading to the increase in the
minimum film thickness. Note that current model predictions do account for the change in the
modulus of elasticity for the underlying foil material (Inconel X750) due to the increase in the
gas film temperature. However, the effect of the change in the material modulus of elasticity on
the bearing performance is insignificant with the moderate increase in the film temperature.
Appendix E shows that the modulus of elasticity for the Inconel X750 material decreases by

~1.7% with temperature increasing to 85 °C, for example.
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Figure 5. Predicted gas film peak temperature versus static load for adiabatic walls
condition and for heat convection to bounding walls at a rotor speed of 40,000 rpm.
Supply air (Tsuppy), shaft (Ts), and bearing housing (Ts) temperatures at 25 °C. No axial
cooling gas flow
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Figure 6. Predicted journal eccentricity and minimum film thickness versus static load for
isothermal flow, for adiabatic walls condition, and for heat convection to bounding walls
at a rotor speed of 40,000 rpom. Supply air (Tsupp), shaft (Ts), and bearing housing (Tg)
temperatures at 25 °C. No axial cooling gas flow
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Figure 7 shows predicted gas film peak temperature versus rotor speed for increasing shaft
temperatures from 25 °C to 150 °C. The predictions account for heat transfer from the journal
and to the bearing housing surface, at constant temperature of 25 °C. The static load is 5 N and
no cooling gas flow is supplied. As the shaft temperature increases, the gas film peak
temperature also increases. The gas film has a lower temperature than the shaft since heat flows
from the shaft to the outer bearing housing and due to the mixing of the recirculation film flow
with the ingress of fresh air at the top foil leading edge. For the shaft temperature of 25 °C, the
gas film temperature increases as the rotor speed increases. On the other hand, the film
temperature decreases with increasing rotor speeds for the higher shaft temperatures. As the rotor
speed increases, the ingress of fresh air into the bearing clearance increases, thus decreasing the
film peak temperature, in particular for high shaft temperatures.

Figure 8 shows the predicted shaft thermal expansion versus shaft temperature. As the shaft
temperature increases from 25 °C to 150 °C, the shaft thermal expansion increases linearly to 30
um, i.e., ~ 43 % of the nominal radial clearance of 70 um.

Figure 9 shows the predicted actual (operating) radial clearance versus rotor speed. The
actual radial clearance is calculated by subtracting the shaft thermal expansion, shown in Fig. 8,
and centrifugal growth from the nominal radial clearance of 70 pum. Note that the shaft
centrifugal growth, which is a function of a rotor speed and component material properties, is 1.8
um at the maximum rotor speed of 50 krpm. At 50 krpm, as the shaft temperature increases to

150 °C, the bearing radial clearance reduces dramatically to ~38.2 pum.
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Figure 7. Predicted gas film peak temperature versus rotor speed for operation with
increasing shaft temperatures (Ts) at 25 °C, 50 °C, 100 °C, 150 °C. Supply air (Tsyppr) and

bearing housing temperature (7g) at 25 °C. Static load of 5 N. No axial cooling gas flow
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Figure 9. Predicted actual radial clearance versus rotor speed for operation with
increasing shaft temperatures (Ts) at 25 °C, 50 °C, 100 °C, 150 °C. Supply air (Tsupp) and

bearing housing temperature (7g) at 25 °C. Static load of 5 N. No axial cooling gas flow

Figure 10 shows the predicted journal eccentricity and minimum film thickness versus rotor

speed for increasing shaft temperatures and a low static load of SN. As the rotor speed increases,

the journal eccentricity decreases and the minimum film thickness increases. As the shaft

temperature increases, the journal eccentricity decreases. The minimum film thickness increases

with temperature at low rotor speed but decreases with temperature at high rotor speeds. Note

that both the increase in gas viscosity and the decrease in actual bearing clearance, due to

temperature rise, ultimately affect the minimum film thickness.
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Figure 10. Predicted journal eccentricity and minimum film thickness versus rotor speed
for operation with increasing shaft temperatures (Ts) at 25 °C, 50 °C, 100 °C, 150 °C.
Supply air (Tsuppy) and bearing housing temperature (Tg) at 25 °C. Static load of 5 N. No
axial cooling gas flow

Figure 11 shows the predicted journal attitude angle versus rotor speed for operation with
increasing shaft temperatures. For a shaft at temperatures < 150 °C, the journal attitude angle
increases as the rotor speed increases, while it is nearly constant for a shaft at temperatures of
150 °C above 20 krpm. In general, at rotor speeds < 50 krpm, the journal attitude angle increases
significantly as the shaft temperature increases but the journal has a nearly constant attitude
angle at a high rotor speed of 50 krpm.

In Fig. 12, the predicted bearing drag torque increases linearly as the rotor speed increases.
An increase in shaft temperature increases the gas viscosity and reduces the bearing actual
clearance, thus resulting in the increase in the bearing drag torque, in particular at high rotor

speeds.
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Figure 11. Predicted journal attitude angle versus rotor speed for operation with

increasing shaft temperatures (Ts) at 25 °C, 50 °C, 100 °
bearing housing temperature (7g) at 25 °C. Static load of

C, 150 °C. Supply air (Tsyppry) and
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When a cooling gas flow is forced through the foil bearing underlying structure to carry away

heat from a hot shaft and mechanical energy dissipated within the gas film, an equivalent heat

transfer coefficient %, represents a multilayer conduction/convection. See Appendix B for the

definition of /%, , which also includes a heat transfer coefficient for an outer cooling flow stream

hro .

Figure 13 shows predicted gas film peak temperature versus axial cooling flow for increasing
static loads at a rotor speed of 40,000 rpm. The supply (ambient) air and cooling air temperature
Touppiy = Teooting = 25 °C. The shaft and bearing outer surface temperature 7s = Tpo = 150 °C. The
peak temperature decreases, as the cooling flow increases and as the static load increases. The
predictions imply that an adequate thermal management using a (limited) cooling flow takes
away heat from the back of the top foil and controls the gas film temperature. However, note that

the rate of decrement in the predicted peak temperature reduces as the cooling flow increases.

_> Cooling feed flow increases

180
160
— 140 ~ —— s T —— -0 100 N
(&) 75N
=~ 120 - — — — —j—_—= 50N
e L < 25N
w® 100 -
o Static load
o .
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[
x 60 -
o Rotor speed: 40 krpm
& 40
Shaft temperature:150 ° C
20 1 Bearing temperature: 150° C
Cooling flow temperature: 25 ° C
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Figure 13. Predicted peak film temperature versus axial cooling flow for increasing static
loads. Rotor speed of 40,000 rpm. Supply air and cooling air temperature (Tsuppiy = Tcooling)
at 25 °C, shaft and bearing outer surface temperature (Ts = Tgo) at 150 °C
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CLOSURE

A compressive thermohydrodynamic model of GFBs does not only account for thermal
energy transport within the gas film region but must also include detailed heat flux paths from
the gas film to the bearing housing and into the shaft. This report details the gas film pressure
(Reynolds) and temperature transport equations in a GFB and the calculation of the overall
(equivalent) heat transfer coefficients representing heat transfer from/into the thin film into/from
the rotating shaft and the top foil and heat conduction through the bump strip layer and into/from
the bearing housing. The model equations estimate the actual foil bearing clearance from
thermoelastic relations depending on material properties, rotor speed and components’ thermal
growth.

Predictions show a peak gas film temperature at the bearing mid-plane and just downstream
of the peak film pressure. As the static load increases, the film peak temperature also increases.
For the shaft and the bearing housing at constant room temperature of 25 °C, the predicted THD
minimum film thickness (or load capacity) is larger than that from an isothermal flow model due
to the increase in the gas viscosity with temperature. The THD minimum film thickness is
smaller than that for an adiabatic walls condition. An increase in the shaft temperature and shaft
thermal expansion decreases significantly the bearing operating clearance, thus resulting in a
decrease of the minimum film thickness and the journal eccentricity, in particular at high rotor
speeds. The bearing drag torque increases with shaft temperature due to an increase in the gas
viscosity and a decrease in the bearing operating clearance. Implementation of axial cooling flow
through the GFB enhances heat convection, thus decreasing peak temperatures.

The present study demonstrates that adequate thermal management aids to control the
bearing operating clearance and enhances the load capacity for operation in high temperature
environment. Implementation of a cooling flow through GFBs decreases the gas film
temperature, thus reducing the likelihood of thermal seizure and bearing failure. In addition, an
engineered thermal expansion of the bearing cartridge (with a large thermal expansion

coefficient) can help to compensate for a reduction in the bearing clearance.
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APPENDIX A: NUMERICAL SOLUTION PROCEDURE FOR
GOVERNING EQUATIONS FOR THERMOHYDRODYNAMIC ANALYSIS
OF GFBS

The numerical solution of Reynolds Eq. (1) implements a control volume — finite difference
scheme with the exact advection model, Ref. [16]. Figure A1 shows the configuration of a

control volume. The balance of mass flow rates’ through the control volume faces equal
M,~M, +M,-M, =0 (A1)

where the indices #, s, e, w denote the north, south, east and west faces. The mass flow rates are

) h
Me = _De (PfE _PfP )+Um(z) ﬁ(ae}?fp +b€PfE )AZ 5
g8 Je

h
M, = ‘Dw(pr - P, )+Um<z) gR%("vvpf‘w +b, 0, )AZ; (A2)

g fw

M, =-D, (PfN —pr); M; :_Ds(pr _Pfs)

with the following definitions for the diffusion coefficients:

h. 3P Az h. P Az
e — fe L Cle (_J ; Dw = T S CZW R E (A3)
12,ufgﬂ%nge Ax 12%%% Ax
h, 3P h.3P
, — fn fn Cln(Ax J’ DS — fs .fs Cls ﬂ
R2u R, T, "\ Az 20y R T, Az
and
2
cr i, \1te cr, A, \lter
Cl, = e:—E( ); Cl, = W:—W( ); Cl,=1; Cl, =1 (Ad)
2 2 (eﬂe_l) 22 (eﬂw 1)

with i B e P (A5)
hy “ Py, hy " Py

as local Peclet numbers defining the flow condition through the faces of the control volume , i.e.

the ratio of advection (shear) flow to pressure driven (Poiseuille) flow. The thin film gas

> Please note that Reynolds equation is just the mass continuity equation onto which the momentum transport
equations for thin film flows are integrated into.
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pressures at the interfaces surrounding the control volume are interpolated as

Py =a,P, +b,P; P =a,Pr +b,P,

_ b (A6)
Py =aby +bPy; Py =a,Py +b, Py

where b's=1-a's and a is a function of the local Peclet number within the respective control

volume.

Ax Ax

A
A
4
\4

| |

1 1

1 : p 1 7y
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|
= M M
% Z 4 e
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Circumferential direction

Figure A1. Configuration of control volume for integration of flow equations (¥ = P; or T)).
Subscripts E,W,N,S for east, west, north, and south nodes; and subscripts e,w,n,s for
east, west, north, and south faces of control volume

Substituting Egs. (A3-A6) into Eq. (A1) and arranging leads to an algebraic equation for the

nodal pressures:
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4,8, +B, P, +C, P —D, Py —D P =0 (A7)
where

hf-ebe

>

hf,aw
Aw = _Dw _Um(z) ‘

w Je

B,

hpa, hgb,
(D, +D,,+D, +D;)+U,,., - Az
Iy, Ty

Algebraic Eq. (A7) for the control volume shown in Fig. Al is solved using the TDM
algorithm [19], sweeping along the circumferential direction at a fixed axial (z) position. The
process is iterative until the found pressure field does not vary within a certain tolerance and also
satisfying a minimum mass flow residual within each control volume. After completion of the
iterative process, integration of the pressure field on the bearing surface renders the GFB
reaction forces [3].

Integration of Eq. (3) on the control volume in Fig. A1 leads to:

" o b Ut ) A =(py by U T ) Ax

+QSAxAz:(S1+CDf)AxAz (A9)

where Og =h 1 (T 7 ) th ( -T f) is the heat flux from the thin film into the shaft and

124, , 1 2
into the top foil front surface. @ = T We+ EU m T (U r=U, ) is the mechanical power
S

0Py 0P,
converted into heat, and S1 = (U rhy—— ox Ly Weh, PR ) is the (reversible) compression work.

Implementation of the upwind® scheme [13] for the thermal flux transport terms gives:

(py i, UST,) Az =M1, = M,,0] Ty, -[-M,.0] T,

% The numerical scheme follows prior work with bulk-flow models in high pressure annular seals
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(o by UST,) Az =M, T, =|M,.0]T, ~[-M,.0]T, (A10)

(o, hyU,T, ) Ax=M,T, =[m,.0], -[-p,.0]T,

S . . .
(py 1y UST;) Ax=MT, = M,,0]T, ~|-M,,0|T,
where the mass flow rates are
M,=(p;h Uy ) Az M, =(p; hUS) Az, (Al1)
M, =(pshy Wy ) Axy My =(phe W) Ax
1.e., identical to those in Eq. (A2). Above [[A,B ]] = max (4,B) . Substituting Eq. (A10) into Eq.
(A9) and arranging leads to the algebraic equation for nodal temperatures:
T
Ap Ty, + B Ty + Cp Ty + D Ty + D Ty =S¢ (A12)
where

w

D =c, [[—Mn,o]]; Dy =c, [[MS,O]]

and

ST = (e +hyy ) AxAz ;ST =—{(ZJFTE thg Ty )+Sl+CDf}AxAz

The heat convection coefficients ( 4., hy ) are derived using the Reynolds-Colburn analogy

between fluid friction and heat transfer [20,21] for fully-developed flow, see Appendix B.
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APPENDIX B: HEAT CONVECTION/CONDUCTION MODELS FOR
GFBS

Heat transport from top foil into outer cooling stream and conduction into
bearing housing

For a GFB and a hot hollow shaft, Figure B1 depicts the various heat flow paths and a simple

representation with thermal resistances. The heat flow (Qf-_,F ) convected by the film into the

top foil inner surface is conducted through the top foil and further conducted and advected into

the bearing inner surface. The outer cooling gas stream flowing within the gap between the top

foil and the bearing housing carries away heat (Or_,, ) conducted through the top foil backside,
while the inner cooling gas stream flowing through the hollow shaft carries away heat (Qg ¢ )
convected from the hot shaft. The thin gas film also carries away heat (O, s ) from the hot shaft

outer surface.

The radial heat flows through arc size 40, ie. Q=¢RA® . The heat flow rate

q f—>F = hfF (T f _TE.) convected from the thin film into the top foil surface is further

conducted through its thickness (A, ), and equals to

. K . .
9r-F = A_(TF" ~Tr ): dr>o0t 9r-p, (B1)
Ip
where NG :ZFO (TFO - TO)

is the heat convected into the outer cooling stream, and

C.IF—>BZ. zZ_Z(TF" _TBI.) (B2)

is the heat conducted through the material of the bump layer into the bearing housing.

" This equation is strictly valid for R 5~ R e R -
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Figure B1. Simplified schematic diagram for heat flux paths in GFB system

The total heat flux into the bearing housing adds the convection from the outer flow stream

and the conduction through the bump material, i.e.

98 = 4o, + dr—p =hos (To — T, )+Z_Z(TF0 _TB,-) (B3)

For simplicity, assume only radial heat conduction through the bearing shell with

thickness A, :(RBU -R, ) . Hence, a simple analysis shows that the heat flow rate per unit length

equals

(q'—>Bl. )RB,. = Q—>B = (B4)
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where, for a thin bearing shell,

Q—>B~Kiﬁ(TBi —T(,) (B5)

Ip
Finally, the heat flux O, is disposed by convection into an external fluidic media at

temperature 7 .

Q—)B :hBoo RBO (TBO _Too) (B6)
Above, hy, is a heat convection coefficient depending on the external fluid material properties

and flow conditions determining either natural or forced convection processes.

In spite of its apparent simplicity, the radial heat flow analysis will render foil ((T " )i , and
bearing (T s )i , temperatures, as well as a cooling outer stream temperature (7o) which vary in the

circumferential and axial directions, 1.e. 7, (@,z) for example.

Without an outer cooling flow stream, the heat transfer on the back of the top foil is

by natural convection and further conduction into the bearing through the bump strip layers. In

this simplistic scenario, the heat flow model is much simpler and fully described by an overall or

equivalent heat transfer coefficient }Zq that represents a multilayer conduction/convection. The

heat flow convected by the film into the top foil inner surface is conducted through the top foil

and further conducted and advected into the bearing inner surface, i.e.
O o= hyRy, (T, =T )

—>=0,p= KZRF (7 -1, (B7)

Ip

o

—):QF_>B = }7F0 RFO (TF _TO)+ Z_F RBeq (TF _TBi)

A, Ny

t
R, =_— 5
B,,

where a bump equivalent radius denotes the narrow contact area (/axial length)

of N bumps with thickness A

tg -

Since the outer stream is stagnant, then,
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QF—>0 hFO Ry (TFO —To) = =0p,5 = hopRp (TO _TBi) :
In the absence of an outer cooling stream, the heat flow is conducted into the bearing to be

finally disposed into an external fluidic medium at 7, i.e.

—= QB—)oo = hp,, RBO (TBO _Too)

Eliminate the internal temperatures in the equations above by adding each heat flow divided

Op g >=0,p5=

by its respective thermal conductance (=1/resistance). This simple process leads to

Ofr=dyrRpy=hy Ry (T ~T,) (BS)
where the equivalent heat transfer coefficient is
R
Ry In| B2
1 1 1 R i Ry, Rp
— =+ + + +
A, “ Ag 1 1

—
Ry hro Ry hog

Conversely, an outer cooling stream with a large flow rate takes away most of the

heat from the back of the top foil, with little conduction into the bearing. In this case, the heat

flow reduces to the simple expression

Ofor =4 ¢ Re =heg, Ry (T = T) (B10)

1 1 A, Ry,
— = —+ + —

(B11)

as also given by Peng and Khonsari [7].
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Temperature field in rotating shaft
The inner cooling gas stream flowing through the hollow shaft is regarded as a sink of
thermal energy. That is, this cooling mass flow rate is large enough to maintain a constant

temperature 7, while advecting (removing) heat flow from the shaft inner surface ¥ at
temperature 7 . Note that the thin gas film with temperature 7ralso carries away heat from the

shaft outer surface at temperature 7 .

The energy transport equation for the rotating shaft in polar coordinates (r,0.z) is [22]

oT. 1 d 1 d d
Q—5= ] ———(qo. | +—1 ¢ B12
€rPs 00 rdr( qrs) rd®(q®s) a’z(qzs)} (B12)
where the components of the heat flux vector are
: 10T . oT, . oTy |
=— K =Ky =K B13
Tos =" 00" Sor > BTy (B13)

The shaft temperature must be periodic in the circumferential direction. Hence,

T, (0,r,z)=T;(®+27,r,z). Other boundary conditions include

a) Heat convection through inner and outer surfaces of hollow shaft, i.e.

At r=Rg [q, } Ospc, =Ry hye (T, - T, (B13)

And, r=R; |4, Ry |=Os., =R hy (T =T, ); (B14)
Recall O, , 7 =45, R . The equations above show the heat flows removed by the inner

cooling stream and by the thin gas film, respectively.

b) Specification of shaft temperature at z=0 and z=L for {0 SO<2mRg <r< RSU} . Accurate

(a-priori) knowledge of the shaft temperature fields at the inlet and exit axial planes is quite
difficult. In actuality, the model should not just consider a piece of hollow shaft of length L
but rather a longer shaft span with physically known operating temperature conditions.
Presently, assume for simplicity:

1. The inner cooling stream flow is so large that the shaft inner surface temperature 7 does not

vary axially or circumferentially, i.e. it is a constant; and

¥ Recall that the shaft is regarded as hot with temperature T > T>Te
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2. A high speed (Q) rotor condition tends to make more uniform the shaft temperature in the
circumferential direction.

The considerations above imply that most of the heat flow within the shaft is transported

: : : . T, .
radially. Hence, ¢ =g, =0; ¢, =—xj —>5; and the heat conduction Eq. (B12) reduces to
r

Zs

d 1 d dT.
S g )20 ~ 4] s g BI5
rdr(rqrs) rdr(r er (B15)

Integration of this equation leads to a shaft temperature distribution along the radial coordinate

/)

Ty (r)=Ty +(Ty, - Ty )—5—% (B13)

o)

And from the heat convection at the inner and outer surfaces of the hollow shaft,

_Q.Sac,. Z_RS,. }_lscl. (Tsl. _Tcl.) = Q'Saf =RS0 ESf(TSU _Tf) (B14)

equal to

The equation above is incompatible with the assumption of pure radial heat flow and a hot shaft

since it requires that if (TSI_ -1 )> 0—> (Tjf -1 ) >0, 1.e. heat flows from the thin film into the

shaft. More scrutiny of the heat conduction model is thus needed.

However, if the whole shaft is regarded at a uniform Aot temperature, then 7, =7 =T, and

heat can flow into the thin film and/or into the cooling stream. Note that in this case, the shaft
acts as a source of thermal energy with heat flowing along two opposite radial directions, i.e.
through the inner and outer surfaces of the hollow shaft.

Table B1 summarizes each of the heat flows and their relevant physical description. See Fig.

B1 for a definition of all temperatures, interfacial and within solids.
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Table B1 Summary of radial heat flows (convection and conduction)

Heat flow per unit axial length Description
: . 7 Heat convected from thin film into
Orsr =4r5F F T UFRE ( fF ) front (inner) surface of top foil
_Kp R — Heat conducted through top foil (inner
SET A ( £ F) to outer surfaces)

Heat conducted through bump foil —
B ) from top foil back surface into
bearing inner surface

Or 0 =hyo Ry (TF —To) Heat convected from back surface of
o top foil into cooling outer stream

Op,p = }703 Ry (TO_ TB) Heat convected from cooling outer
' ’ ’ stream into bearing inner surface

: K Heat conducted through bearing shell
0,5 :R—B(TB,. _TB,,)
BU
ln( %3’ j
- o Heat convected from outer surface of
= R, (T, -1
Opsen = Mo B, ( B, °°) bearing into external fluid medium
- . 7 Heat convected from shaft outer
= R =hy R (T, —-T
Osr =ds—y Rs, = hy SO( 5 ) surface into gas film
Ky ( T, T, ) Heat conducted through hollow shaft
Q_)S — i o
RS
In !
[RS( ]
_Q.S»cl. _ Zsci RSi (Tsi _Tq ) Heat from hollow shaft convected by

cooling inner stream

Heat transfer convection coefficients (Taken from [21])

The Reynolds-Colburn analogy between fluid friction and heat transfer [20,21] for fully-
developed flow is used to determine the heat convection coefficients. The mean heat transfer

over the entire laminar/turbulent boundary is:

S, 92 = f/2 (B15)
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c, H

where §, =— is the Stanton number, and ¢, = i1s the Prandtl number, and

pe,V, K

e

f=a, [H[Cm %Jr by j ] is the Fanning friction factor based on Moody’s equation. Above

V, 1s a characteristic fluid velocity relative to the velocity of the surface of interest. From the

relationships above, the heat convection coefficient is:

— c vV
e (B16)
= _1pe,Vifs — _1pc, Vi1,
and by analogy, Bz;#; J:EW (B17)

Where Vg and fp s are the fluid velocities and friction factors relative to the bearing and journal
surfaces.

In a centered journal bearing with characteristic clearance c, the mean velocities Vg s~ /2 QR.

pPQRc
Y7,

The friction factor for laminar flow is /=12/Re., where Re, = 1s the circumferential flow

Reynolds number. Algebraic substitution of f'into Eqgs. (B17) renders

o=, =3 O minar ow 0F Nu=T23 o1 (B18)
C K

r r

The archival literature presents many other formulas — empirically based - for turbulent flow
heat transfer coefficients, including evolving or fully developed thermal conditions, as well as
for fixed wall temperature or constant heat flux into a wall. For example, a well known formula

for turbulent flow conditions sets the Nusselt number as [21]

¢ h
K

Nu=—"—=0.023Re"* p!” (B19)

where c+=4p is a characteristic length for the outer cooling stream, and Re is an axial flow

Reynolds number, a function of the axial pressure drop (Pq -P, ) .
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APPENDIX C: AIR PROPERTIES AS A FUNCTION OF TEMPERATURE

Figures Cl1 and C2 depict the air material properties x# and x versus temperature, as

implemented in the analysis program. The graphs include predictive formulas, and where (x) and

(v) denote the variables in the horizontal and vertical axes, respectively. The linear fit correlation

coefficients (R’) are close to unity. Note that gas specific heat (¢p) 1s taken as a constant (1,020

J/kg K) since it does not change significantly with temperature. For example, ¢, varies from 1,005

J/kg K at -150 °C to 1,067 J/kg K at 400 °C [17].
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Ref. [17]

y = 4x10° x + 1.65x10”
where x = temperature and y = air viscosity
Goodness: R* = 0.9863
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Figure C1. Air viscosity versus temperature [17]
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thermal conductivity [W/m.K]
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where x = temperature and y = air thermal conductivity
Goodness: R* = 0.9971
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Figure C1. Air thermal conductivity versus temperature [17]
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APPENDIX D: CENTRIFUGAL GROWTH AND THERMAL
EXPANSIONS OF SHAFT AND BEARING CARTRIDGE

Centrifugal growth (S¢) of the rotating shaft reduces the actual bearing clearance as the rotor
speed (Q) increases. The shaft growth depends on the shaft geometry and material properties
[23]:

R,p, Y’

SC=W{(1—VS)AI+(1—VS)A2—(1—VS2)R3} 1

4 =(R}+R)(3+v,) A4, =RZ(3+V,)

where E;, v,, and p, are the shaft elastic modulus, Poisson ratio, and density, respectively. The
shaft has an outer radius R, and, if hollow, an inner radius R, Figure D1 shows the calculated
shaft centrifugal growth versus rotor speed for an alloy steel (AISI 4140 [24]) solid shaft (R, =
19.05 mm, R; =0 mm) and hollow shafts with (R; = 12.7mm, and R; = 6.4 mm). The shaft

centrifugal growth increases dramatically as the rotating speed increase, i.e., Sc~ Q7 in

particular for a hollow shaft with a large inner diameter, i.e. a thin wall. At a high rotating speed
of 100 krpm, a hollow shaft with (R;= 12.7mm,) has a radial growth of 17 pum, i.e., ~24 % of the

nominal radial clearance of 70 pm, for example.
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Figure D1. Centrifugal shaft growth versus increasing rotor speed for an alloy steel (AISI
4140) shaft with an outer radius R, = 19.05 mm. Solid shaft (R=0) and hollow shafts with
inner radii (R=6.4 mm, and R~=12.7 mm)

Shaft (or bearing) thermal expansion (37 ) is proportional to the temperature difference (AT )
through the material thermal expansion coefficient (& ) [25], i.e.

Sy =a;R AT (C2)

As the rotor speed and static load increase, an increase in the thin film temperature causes
thermal expansion of the rotating shaft and the bearing housing. For typical shaft and bearing
materials (Inconel 718, Inconel X750, AISI 304, and AISI 4140 Steel) with a radius of 19.05 mm,
Fig. D2 shows shaft thermal expansion versus temperature. The thermal expansion coefficients
for Inconel 718, Inconel X750, AISI 304, and AISI 4140 steel are 13 x10° 1/K, 12 x10° 1/K, 18
x10° 1/K, and 12.3 x10° 1/K respectively [24, 26-28]. For the AISI 4140 steel with a thermal

expansion coefficient @7 = 12.3 x10° 1/K, the thermal expansion is as large as 32 pm, almost

half the FB nominal radial clearance of 70 um, at a moderately high temperature of 150 °C. The
findings above thus reveal the need for an adequate cooling mechanism (proven thermal

management) in high temperature GFBs.
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Figure D2. Shaft thermal expansion versus temperature for typical shaft and bearing

materials
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APPENDIX E: FOIL MATERIAL PROPERTIES FOR INCREASING
TEMPERATURES

The predictions also account for the effect of temperature on the mechanical properties of the
bump foil structure. Accurate prediction of GFB performance at high temperatures requires
incorporating changes in the structural stiffness and thermal conductivity of the underlying foil
structure. Inaccurate thermal models without considerations of the heat flux into the bearing
structure can easily lead to incorrect predictions.

Figure E1 shows the modulus of elasticity versus temperature for Inconel X750 super alloy, a
typical foil material. As the temperature increases from 20 °C to 800 °C the modulus of
elasticity decreases from 214 GPa to 120 GPa (40 % decrease). In actual GFB operation, the
large variation of the modulus of elasticity will change a bump foil stiffness. Thermal
conductivity of the Inconel X750 foil material, which increases with temperature, as shown in

Fig. E2 can also affect the force coefficients of GFBs.

250

200 +

150 -

100 -

50 -

Modulus of elasticity [GPa]

O T T T T
0 200 400 600 800 1000

Temperature [° C]

Figure E1. Modulus of elasticity versus temperature for Inconel X750 super alloy [27]
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Figure E2. Thermal conductivity versus temperature for Inconel X750 super alloy [27]
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