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EXECUTIVE SUMMARY

Metal mesh foil bearings (MMFBs), easy to construct and inexpensive, are a promising
reliable bearing technology for oil-free microturbomachinery operating at high speeds and high
temperatures. Research at TAMU has demonstrated the near friction-free operation of MMFBs
operating at high speeds (60 krpm max.) and showing substantial energy dissipation (large
damping) characteristics due to the multitude of micro slips within its metal mesh structure.

This report details further experimental work on a metal mesh foil bearing (MMFBs) towards
determining its rotordynamic force coefficients from dynamic load tests. The test rig comprises
of a turbocharger driven shaft and overhang journal onto which a MMFB is installed. A soft
elastic support structure akin to a squirrel cage holds the test bearing, aiding to its accurate
positioning relative to the rotating journal. Two orthogonally positioned electromagnetic shakers
excite the test element via stingers. These shakers, 45° away from the vertical direction, hung
from a hardy metal frame. The test MMFB comprises of a cartridge holding a Copper wire ring,
2.7 mm thick', and a top arcuate foil made of Inconel, 0.12 mm thick. The journal diameter and
bearing length equal 38 mm. The constructed MMFB offers a compact sized bearing design in a
space envelope similar to that of commercially available bump type foil bearings.

Initial impulse load measurements were conducted on the bearing and support cage alone to
identify the soft structure stiffness and damping coefficients, as well as the effective bearing
system mass. The identified structure stiffness and damping coefficients are relatively small
when compared to the MMFB force coefficients.

A PC based DAQ system is customized to build the dynamic loads, sine-sweep in form; with
specified amplitudes to ensure the bearing displacements (relative to the rotor) are within
prescribed limits. Experiments were conducted with no journal rotation and with the journal
spinning at 50 krpm (833 Hz) and with a static (pull) load of 22 N acting on the bearing.

Bearing motions (displacements and accelerations) result from the application of dynamic
load vectors with excitation frequencies ranging from 250-400 Hz. The forces and bearing
motions are recorded and later processed in the frequency domain. The identification procedure
requires of (sets of) two independent load vectors to render four impedance coefficients, whose

real and imaginary parts reveal 4 stiffness and 4 damping force coefficients, both parameters

' A prior bearing, with same mesh density or compactness (20%), had a thicker mesh (6.9 mm), see Refs. [1-3]
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being frequency dependent. Multiple independent tests show the identified force coefficients are
consistent, as per repeatability, for excitation frequencies lower than 350 Hz only.

Tests are conducted with an applied vertical pull load of 22 N, without journal rotation and
with the journal spinning at 50 krpm (833 Hz). A discussion of the force coefficients follows
over the range of frequencies [250-350 Hz] where the test data is most repeatable. In general,
however, the current MMFB force coefficients are less frequency dependent than in prior
measurements.

With no journal spinning, the force coefficients correspond to those of the bearing structure
alone since the journal and bearing are in contact. The direct stiffnesses are relatively invariant
(~0.4MN/m) with frequency while the damping coefficients decrease (600 Ns/m to 200 Ns/m),
as expected. The cross coupled coefficients are nil.

Journal rotation induces airborne operation with a hydrodynamic gas film separating the rotor
from its bearing. Hence, cross-coupled stiffnesses coefficients appear though with magnitudes
lower than those of the direct stiffness coefficients. The principal stiffnesses (0.35 to 0.45 MN/m
within 250-350 Hz) are similar in magnitude as those obtained without journal rotation
suggesting the air film stiffness is quite high. Surprisingly, direct damping coefficients are nearly
constant (~ 400 Ns/m), i.e. not decreasing as frequency grows.

The measurements evidence a test bearing system with lots of damping, overdamped in
actuality. Analysis of the energy dissipation in the test MMFB reveals a material loss factor () >
1.0. This loss factor is at least two fold that obtained with a similar size MMFB, but with a
thinner metal mesh ring. The tested MMFB has a remarkable large damping ability!

Further testing produced failure of the bearing top foil without compromising the integrity of
the test journal and drive turbocharger. Once the bearing is repaired with a new top foil, work
will continue to perform measurements and parameter identification at other rotational speeds.
Efforts to improve the robustness of the identification procedure will be in place. In addition,
measurements with bump-type foil bearings (of exactly the same size) are forthcoming to

provide a one to one comparison with the MMFB force coefficients.

Dr. Luis San Andrés proofread and edited five times an original draft by Thomas Chirathadam. Dr. San Andrés
spent no less than 30 hours analyzing the test data, rewriting profusely all sections of this report.
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Bearing accelerations, X and Y directions [m/s’]
DFT of XY bearing accelerations [m/s’]

Bearing damping coefficients [Ns/m]

Support structure damping coefficients [Ns/m]
Journal diameter [m]

Bearing cartridge inner and outer diameters [m]
Metal mesh ring inner and outer diameters [m]
Energy dissipated (viscous and hysteretic)[J]
Sine sweep force function [V]

Force applied at the lowest test frequency [V]
Rate of change of applied force in voltage [V]

External excitation force [N]
DFT of excitation forces [N]

Kop+j @ C,p. Bearing impedance coefficients [N/m], j= J-1
Bearing stiffness coefficients [N/m]

Support structure stiffness coefficients [N/m]
Bearing axial length [m]

Bearing mass[kg]

Inertia force coefficients [Ns/m]

Estimated test system masses [kg]

Time [s]

27/ @. Time period [s]

Top foil thickness [m]

Bearing displacements relative to journal [m]

Bearing absolute displacements along X, Y [m]
DFT of bearing X, Y displacements relative to journal [m]

Metal mesh bearing loss factor [-]

Excitation frequency [rad/s]

Low frequency excitation [rad/s]
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Aw Rate of change in excitation frequency [rad/s]

Q Rotor speed [rad/s]

g Damping ratio [-]

Matrices and Vectors

F {Fx, Fy}" Lateral reaction force vector [N]

H K +io C. Matrix of bearing impedance coefficients [N/m]
K,C,M Matrices of stiffness, damping and inertia force coefficients
z {x.vp}" . Bearing displacement vector, time domain [m]
Acronyms

DFT Discrete Fourier Transform Operator

MMFB Metal Mesh Foil Bearing
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INTRODUCTION

Lubricated film bearings and seals in rotating mechanical systems play a fundamental role in
their dynamic forced performance. A bearing reacts to rotor lateral motions with dynamic forces
characterized by stiffness and damping coefficients. The rotordynamic (linear) force coefficients
are a function of the bearing geometry and lubricant (gas or liquid), and operating conditions
including rotor speed and applied load. Gas bearings and seals also show frequency dependent
force coefficients because of the lubricant compressibility, in particular at high rotational speed
and high frequency operation. Bearing direct stiffness and damping coefficients largely
determine the placement of rotor bearing system (RBS) critical speeds and damping ratios; while
cross-coupled stiffness coefficients, ensuing from hydrodynamic film shear from rotor spinning,
can lead to loss of effective damping and the onset of rotordynamic instability, typically at

fractional frequencies of rotor speed and coinciding with system natural frequencies.

Gas bearing lubricated rotor bearing systems are compact with less number of parts and more
efficient because of their high temperature operation with minute power losses. Oil-free RBS are
nearly maintenance free and offer long operating life. Gas foil bearings typically find application
in moderate load systems like micro power generators, Air Cycle Machines (ACMs), cryogenic
turbocompressors, and turbo expanders. A metal mesh foil bearing (MMFB) is a type of gas foil
bearing that incorporates a thin metal mesh ring and a pre-formed smooth top foil within a
bearing cartridge [1]. While mechanical energy dissipation in commercially available gas foils
bearing (GFB), bump-type for instance, is primarily due to Coulomb dry-friction, MMFB offer

larger energy dissipation due to material hysteresis as well as dry-friction.

OVERVIEW OF RESEARCH IN METAL MESH FOIL BEARINGS AT TAMU

Metal mesh foil bearings are a non proprietary bearing technology whose underspring
support is made of commercial materials. Hence, their construction is simple and inexpensive.
These are major advantages when compared to commercial bump-type foil bearings. San Andrés
and students [1-3], with TRC support, spear head the technology development in MMFBs in a
concerted effort to demonstrate their reliable high speed operation with large loads (per unit

area), extremely low frictional losses, and unique rotordynamic force characteristics.

San Andrés ef al. [1] report constructing the first prototype of a MMFB (L=D=28.00 mm)

with a metal mesh ring made of 0.3 mm Copper wire and compactness of 20 %. With the test



bearing installed on a shaft with a slight preload, static load versus bearing deflection
measurements display a cubic nonlinearity with large hysteresis indicating significant
mechanical energy dissipation. Identified structural stiffness and viscous damping coefficients,
similarly as in metal mesh dampers [4]; i.e., decrease with increasing motion amplitudes.
However, with increasing frequency, while the viscous damping coefficient rapidly decreases,
the stiffness grows. A structural loss factor (material damping), not viscous damping, best
describes the mechanical energy dissipation of metal meshes. The experiments reveal a loss
factor () as high as 0.7, higher than that in bump-type foil bearings, for example. In Ref. [1], the
authors noticed that the metal mesh ring undergoes significant sag or creep, resulting in the
reduction of the magnitude of the force coefficients, upon operation and multiple dismantling

and re-assembly processes.

Adequate load capacity, low frictional loss and reliable rotordynamic performance are
important for the ready application of MMFBs into oil-free turbomachinery. San Andrés et al.
[5] demonstrate the readiness of the novel bearing technology by measuring the MMFB break-
away torque, rotor lift off and touchdown speeds during multiple start up and shutdown tests.
Further, Ref. [2] extends the work reporting measured bearing load capacity and drag torque for
rotor speeds to 60 krpm. During airborne operation, i.e., with a gas film separating the rotating
journal from the bearing, the friction coefficient is orders of magnitude smaller than that during
dry-friction operation at start up (and shut down) where rubbing contact prevails. The tests also

demonstrated that a solid lubricant (coating) reduces the friction while in contact operation.

San Andrés and Chirathadam [3] employ unidirectional impact load tests to identify the
direct and cross-coupled rotor dynamic force coefficients of a lightly loaded MMFB, floating on
a test journal spinning at 50 krpm (833 Hz). A near centered operation is assumed thus leading to
Kxx=Kyy and Kyy= -Kyy, for example. The test bearing force coefficients obtained with no journal
rotation and with rotor spinning at 50 krpm (833 Hz) are similar in magnitude and trend over the
excitation frequency range [10-200 Hz]. The results show the minute hydrodynamic gas film
generated while the bearing is airborne does not affect significantly the bearing structural force
coefficients. Bearing motions, recorded during rotor speed coast down tests, are complex in
character with distinctive subsynchronous whirl frequencies of large amplitude. The

subsynchronous whirl motions may be due to the MMFB stiffness hardening characteristics.



The report presents more rotordynamic measurements conducted with a new bearing whose
metal mesh is just ~ 2.7 mm. The bearing is compact in size and robust in construction, still

maintaining the same mesh density as the first prototype MMFB [1-3].

A REVIEW OF EXPERIMENTAL FOIL BEARING FORCE
COEFFICIENTS

Experiments towards the identification of bearing force coefficients are important not just to
verify performance of the mechanical element but also to benchmark predictive tools, hence
aiding in the bearing design process and providing confidence in the use of the test element in
actual rotor bearing systems (RBS). Often predictive tools are inaccurate or not yet mature
enough’, thus the need to perform experiments towards characterization of the bearing dynamic

performance.

Bearing rotordynamic force coefficients are, by definition, changes in reaction forces due to

small amplitude motions about an equilibrium position. The typical linear model for a bearing or

- e bHe Sl Wl @

F=-Kz-Cz-M? (1b)

seal is

where F={Fy, Fy}' and z={x ,y(,)}T are vectors of lateral reaction forces and displacements,
respectively. The matrices K, C, M contain the stiffness, damping and inertia force coefficients,
respectively. Stiffnesses represent the ratio of force to displacements, while damping coefficients
denote changes in force due to variations in velocity, etc. Inertia force coefficients (M), until
recently ignored, are relevant in dense fluids bearings and seals operating at high speeds and with

large pressure differentials.

Identification of bearing force coefficients requires of external forces acting on the test
element and the measurement of ensuing bearing dynamic displacements. Tiwari [6] reviews the
most popular test techniques and analysis methods to identify linearized force coefficients in
fluid film bearings. The methods include time and frequency domain procedures, while

experimentation focuses on the types of dynamic load excitation most efficient for a particular

? The assertion is particularly true in foil bearings and many types of seals with complicated surface textures.



procedure. The review also includes physics based mathematical modeling with governing
equations of the test bearing element or rotor-bearing system, parameter extraction algorithms,
and uncertainty in the estimates. The classification of identification techniques is based on the
method used to excite the test element or system: short duration (impacts and shock loads),
periodic load excitation, fixed or sine-sweep and including imbalance induced forces, and

random load excitation techniques [7]

In general, bearing force coefficients are frequency independent; the physical K-C model
being more than adequate to represent bearing dynamic reaction forces. However, fluid
compressibility leads to bearing stiffnesses that grow with excitation frequency while the
damping decreases dramatically [8]. Hence, K=K, and C= C,, are to be expected. Incidentally,
mechanically complex bearings such as tilting pad bearings also show frequency dependent force
coefficients, even when lubricated with a mineral oil (incompressible fluid). The frequency
dependency is due to the complicated series interaction of the fluid film with the pads,
undergoing translation and tilting rotation. Recently, Rodriguez and Childs [9] demonstrate that a

K-C-M model represents well the dynamic force characteristics of tilting pad bearings.

Note also, from Eq. (1), that the damping coefficients are modeled as of viscous type, i.e.
dissipation forces reacting to changes in velocity only. Recall that foil bearings have a distinctive
mechanical energy dissipation mechanism due to dry-friction sliding between the top foil and the
underlying bump strip layers and between the bump strips and the bearing ID. Similarly, in metal
mesh bearings, damping arises from countless micro sliding actions amongst the wires within a
compact mesh. Both actions are best represented as material or hysteretic damping with a loss
factor (), empirically obtained. Hence, an equivalent viscous damping coefficient, C~ y K /@, is
inversely proportional to the frequency (w) of the motions[3]. Thus, in foil bearings (and metal
mesh bearings too) the proper characterization of dissipation forces is particularly important.
Often incorrect conclusions are drawn, for example that foil bearings have very large (viscous)
damping coefficients as determined from experiments at (too) low excitation frequencies

[10]; C —> wasw — 0 is not physically possible, better pointing out to a severe limitation of the

viscous damping model.

There are only a handful of archival papers reporting experimental force coefficients for gas

foil bearings, bump-type in particular. Metal mesh foil bearings are still a novelty. Prior art



abounds on the experimental identification and prediction of foil bearing structural stiffness and
viscous damping coefficients, see Ref. [11] for an exhaustive review of past works. Structural
force coefficients represent the mechanical parameters of the underspring structure (bump strip

layers) and readily obtained in simple test rig configurations without rotor spinning; i.e. without

the generation of the hydrodynamic gas film separating the journal from its top foil.

Howard [12] and Howard et al. [13] describe a test rig for measurement of load capacity and
torque in gas foil bearings operating at high temperature (max. 538 °C). A bearing stiffness
follows from load perturbations ensuing small bearing displacements while conducting the static
load capacity measurements. The foil bearing stiffness drops, by a factor of two, as the operating
temperature increases from ambient to 538 °C as the foil underspring material loses strength with
increasing temperature. In general, the single’ GFB stiffness increases with increasing applied
loads, but decreases with increasing rotor speeds (30 krpm). Cross-coupled effects are
thoroughly ignored. Later, Howard ef al. [14] deliver impulse loads on the test foil bearing and
record the ensuing bearing motion that decays as time elapses. Damping follows from the rate of
peak amplitudes decay, i.e., estimation of log-decrement. At high temperature (538 °C) and for
a low impact load (11.2 N), the viscous damping mechanism is dominant with little dry friction
losses. However, larger impact loads excite large bearing motions and enable more energy
dissipation from dry-friction damping, thus leading to a higher equivalent viscous damping

coefficient; i.e. a quicker motion decay.

Lee et al. [15] are first to report a full set of stiffness (K) and damping (C) coefficients for a
test GFB (L=D= 38.1mm) from measurements of impact loads and ensuing bearing
displacements. The test bearing floats atop a rotor spinning to a top speed of 30 krpm and under
a static load of 50 N. The identified K and C are regarded as frequency independent. Transfer
functions from the impact loads show a test system with significant cross coupling of
hydrodynamic type, underdamped (C~8 %—6 %) with a natural frequency at 80 Hz. The test
bearing direct and cross coupled stiffnesses are nearly constant with increasing rotor speed;
while the direct and cross-coupled damping coefficients decrease in magnitude. The test force
coefficients show peculiar drops at the lowest speed (10 krpm). Cross-coupled stiffnesses are ~

1/3 of the direct stiffnesses, while cross-damping force coefficients are relatively small when

? The parameter derived from single input (force)-single output(displacement)



compared to the direct damping force coefficients. Predicted bearing direct stiffnesses, derived
from a model coupling the foil underspring structure to the gas film, do not agree well with the
experimental force coefficients. The paper does not provide enough information on the bearing

tested (geometry, materials, etc) to attempt comparisons with other available predictive tools.

Kim [16] compared measured imbalance responses obtained in a rigid rotor supported on 2™
generation GFBs (D=L=38.1mm), for cylindrical and preloaded with shims bearing
configurations, with calculated rotordynamic responses using predicted foil bearing force
coefficients. The measured rotor motion data served to identify effective (synchronous speed)
GFB reduced stiffness and damping coefficients. The good agreement of the measured
imbalance responses to the predicted ones based on linearized GFB force coefficients validates

the predictive computational tool.

Recently, Conlon et al. [17] are the first to present GFB force coefficients over a range of
excitation frequencies (to 300 Hz) and three rotor speeds (0, 15, 20 and 25 krpm). The test rig,
similar in conception to the original rig of Glieneke [18] and constructed nearly identical to the
rig of Childs and Hale [19], employs a floating bearing mounted on a rigid rotating shaft (max.
speed of 30 krpm) that is supported on stiff ball bearings. A pair of shakers, orthogonally
mounted, delivers loads onto the test element (L=D=70 mm). A frequency domain identification
method, using power spectral density functions [20] to reduce data scattering, leads to an
impedance matrix from which bearing stiffness and damping coefficients are extracted for
frequencies. The test GFB shows both stiffness and damping coefficients are strong functions of
the motion amplitude, excitation frequency and applied static load (max. 400 N). Rotor speed;
albeit not its magnitude, does reduce the test element stiffness and damping coefficients, both
decreasing dramatically with excitation frequency. Notorious dips in the direct stiffnesses are left
unexplained. As expected, the bearing stiffness and damping coefficients increase mildly with

increasing static load; again showing conspicuous dips at a frequency of 200 Hz.

The present work details a newly constructed test rig for identification of the rotordynamic
force coefficients of small size gas bearings from measurements of shaker induced loads and
bearing displacements and accelerations. The test metal mesh bearing, similar in size to
commercial foil bearings, slides atop a journal that is driven by a commercial turbocharger air

turbine. Measurements are conducted at a rotational speed of 50 krpm (833 Hz) with sine-sweep



dynamic loads with frequencies ranging from 250 Hz o 450 Hz. The report details the parameter
identification procedure and presents the four stiffness and four damping coefficients versus
excitation frequency. Comparisons with force coefficients obtained in experiments without
journal rotation and under the same static load (22 N) evidence the effect of the gas film on the

test bearing dynamic forced response.

TEST BEARING AND EXPERIMENTAL FACILITY

TEST METAL MESH FOIL BEARING

Figure 1 illustrates a cut view of a MMFB showing its components and relevant dimensions
and Figure 2 pictures the test MMFB mounted on its journal. Table 1 lists the dimensions and
specifications for the test bearing. The MMFB consists of a stainless steel bearing cartridge, a
20% dense copper mesh ring ~2.7 mm thick, and a smooth pre-formed( hot rolled) Inconel top
foil,* 0.120 mm in thickness. One end of the top foil is inserted into a slot in the bearing
cartridge, as shown in Figure 1. The slot’ is angled in the direction of rotor spin. During bearing

airborne operation, this arrangement prevents the top foil from spinning inside the bearing.

The metal mesh ring is manufactured by compressing a weave of thin copper wires into a flat
strip. The strip is later folded and inserted into the bearing cartridge to take its arcuate shape. The
mesh density, or compactness, is determined as the ratio of the ring mass to its volume times
copper material density. The dimensions of the compressed strip of metal mesh are chosen such
that it does not cover the slot in the bearing cartridge. Note that the metal mesh ring thickness®
(2.7 mm) is about five times the height of a bump foil strip, when compared to a foil bearing

available in the laboratory [12]. The top foil inner surface is spray coated with a thin layer

* Top foil donated by KIST, South Korea.

> The entire bearing was made in house and at a minimal cost. The slot has a width larger than that required to hold
the top foil. A precisely dimensioned slot would require of a more complicated manufacturing. Presently, the loosely
held top foil does not hinder the normal operation of the bearing. However, a commercial application would require
of a narrow slot into which the top foil can be press fitted and locked in place.

® An earlier similar size MMFB had a thicker mesh (6.9 mm), Refs. [1-3]. The new bearing, with a thinner mesh
thickness intends to replicate commercial foil bearing configurations. The thin metal mesh ring offers a compact
sized bearing design in a space envelope similar to that of commercial bump type foil bearings. To manufacture the
metal mesh ring, metal mesh strips are stacked up vertically and compressed under ~ 30 tons load to reach the
desired density of 20% (compactness). The compressed flat metal mesh strip is then curved and inserted into the
bearing cartridge, along with the top foil, to complete the construction of the MMFB.



(<5um) of MoS; to reduce friction between the journal and top foil surface during rotor start up

and shut down conditions. The application and curing process are at room temperature.

Bearing Cartridge —_
Metal Mesh Ring _

1

Rotor

spinning % ‘/'l\.\

L

Dwwi| Dgi| Dgo

Slot

Fig. 1 Schematic cut view of a metal mesh foil bearing

Top foil

Journal spins
clockwise during
operation

Top foil fixed end inserted
into a slot in the bearing
cartridge, preventing top
foil from spinning

Fig. 2 Photograph of the MMFB mounted on the test journal. Inset shows a slot in the
bearing cartridge for affixing the top foil



Table 1. MMFB nominal dimensions and material specifications

Parameter name and physical dimension Magnitude
Bearing cartridge outer diameter, D, (mm) 63.47 +0.02
Bearing cartridge inner diameter, Dg; (mm) 41.75+0.02
Bearing axial length, L (mm) 38.00 = 0.02
Copper mesh outer diameter, Dy, (mm) 41.75+0.02
mesh inner diameter, Dy (mm) 36.35 £0.02
Copper mesh mass (g) 21.5
mesh density (%) 20
Copper mesh thickness (mm) 2.70
Inconel Top foil thickness (mm), Ty 0.12
Wire diameter (mm) 0.30

Bearing mass (cartridge + mesh + foil (599
+sensors), M (kg)
Uncertainty in mass measurement = +0.0001 kg

TEST RIG DESCRIPTION

Figures 3 and 4 depict the test rig constructed for measurement of air gas bearing
performance and identification of rotordynamic force coefficients. The photographs show the test
MMEFB, electromagnetic shakers (max. load 100 N), turbocharger (TC), and sensors to record
relative bearing displacements, absolute bearing accelerations and shaker forces. The shakers are
softly mounted from a rigid frame. A metal plate shield encloses the entire test setup thus
ensuring operator safety. Note that the coordinate system (X-Y) is right handed with respect to

the journal rotation.
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Fig. 3 Photograph of gas bearing test rig for dynamic load excitations
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Fig. 4 Close-up view of metal mesh foil bearing and connections to shakers for dynamic
load excitation

Figure 5 shows a schematic view of a ball bearing supported turbocharger (TC), with the
compressor and its casing removed, driving a shaft stub onto which a hollow journal is mounted.
The MMFB slides atop the journal of diameter D=38.00 mm and length 55.00 mm. The journal
is initially coated with a thin layer (16 pm) of Permalon®, which however did not last long
enough’. A squirrel-like cage supports the bearing with a low radial stiffness but high angular
stiffness, thus reducing misalignment® with respect to the rotor during dynamic loading. The
cage stiffness is so soft (~ 20 kN/m) that it does not affect significantly the dynamic load

measurements.

” This coating, applied and cured at room temperature, is very soft. It only survived the very few initial tests with
rotor spinning.

¥ Bearing force coefficients are derived from radial (lateral) forces and ensuing bearing displacements along two
orthogonal directions. Accurate and reliable identification of force coefficient requires the test element not to
displace axially, or worse yet not pitching (or yawing) with respect to the rotor spinning axis. Hence, it is common,
as in Ref. [19], to implement external constraints to bearing rotations with pairs of taut cables, for example. These
constraints, soft or very flexible along the radial direction, have a high rotational stiffnesses reducing pitch or yaw of
the test element when excited.
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The squirrel cage is affixed to a positioning table, turn knob controlled, that can displace
horizontally. This feature aids in the easy removal and remounting of the test bearing into the
journal. Two eddy current sensors affixed to the bearing cartridge record the displacement of the
bearing with respect to the rotating journal. Two accelerometers affixed on the bearing cartridge,
at its midspan, record the absolute acceleration of the bearing along two orthogonal directions.
Two electromagnetic shakers apply dynamic loads on the bearing, via stingers and force sensors,

the latter records the excitation load acting on the bearing.

Eddy current sensor

Oil inlet Static
TC center housing \ «—  load
_%_l// z
I H <«
Journal
P A
] \BEARING
3
I / !
j I Accelerometer
Oil outlet ‘ SN
Air outlet Turbine housing \ Squirrel
........................... Thermocouple cage (Soft
Static load ! elastic
|
= ; support)
— 4~ stinger connection to

shaker

i
<\! Load sensor
1
|

«-— Accelerometer
Thermocouple !

Fig. 5 Schematic view of MMFB mounted on shaft of turbocharger drive system. Inset
shows two stingers for application of dynamic loads along two orthogonal
directions
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Static loads, measured with a force gauge, are applied in the vertically upward direction
using strings tied onto a hook threaded in the bearing OD. An infrared tachometer records the
turbine tip speed (£ 0.0015% accuracy). The tachometer is located in the outlet air discharge pipe
of the TC. A K-type thermocouple affixed at the outer end of the bearing measures the top foil
temperature (= 0.5°C). The thermocouple is located opposite (180 degree away) to the static

load, i.e., near the minimum film thickness position.

ESTIMATION OF STRUCTURAL PARAMETERS OF BEARING
SUPPORT STRUCTURE

A soft elastic structure (squirrel cage), comprising of 8 thin steel rods, arranged in a circular
pattern, holds the test bearing. In order to accurately determine the bearing force coefficients, the
support structure stiffness and damping must be determined prior to bearing parameter
identification. Note that the bearing is an overhung mass at the end of the squirrel cage. Figure 6
depicts typical impact loads (F, Fy) delivered along two orthogonal directions, X and Y, on the

test bearing. Refer to Fig. 4 for the orientation of the coordinates X and Y.

The figure also depicts the ensuing bearing accelerations (ay, ay) versus time. In these
measurements the bearing was not yet mounted on its journal and the shaker stingers were also

not connected to the bearing cartridge.

Figure 7 shows average accelerations in the frequency domain. The data reveals a lightly
damped system ({~0.037) with a fundamental elastic natural frequency at ~ 25 Hz. As expected,

there is no structural cross-coupling.
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Fig. 6 Impact loads and recorded bearing accelerations, X and Y directions, versus time.
No shaft rotation and no contact with journal
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Fig. 7 DFT of (four averaged) accelerations along X and Y directions due to impact loads
on bearing and elastic support structure

Since there is little structural cross-coupling, the squirrel cage and bearing behave as a single
DOF mechanical system with mass Mg, stiffness Kg and viscous damping Cs coefficients along
each direction (X, Y). From measurements of the acceleration and impact load, the parameters are

extracted from a nonlinear curve fit of the recorded accelerance function to the physical model

equation; for instance along X,

2
a4x(w) w @)

/
FX(w) {(KSX —a)zMSX )2 +(a)CSX )2 }1 :

where @ denotes frequency. Figure 8 shows the amplitude of the recorded accelerance transfer

“x(w)

Fro) and the curve fit equation (2). The identified mass’ M Sy = 0.82 kg, support
X(w

function

* This is an effective mass adding the mass of the bearing (0.59 kg), the cage end disk (125.3 g) and the effective
mass of the 8 rods.
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stiffness K S, = 19.4 kN/m, and damping coefficient CSX = 9.5 Ns/m. The goodness of fit is R

= 0.966 in the frequency range to 150 Hz.

20 | | | |
25 Hz

= — R*=0.96
=~ 15 —
< f Ksx = 19.4 kN/m
g ff Cox = 9.5 Ns/m
o) 10 ™ i _ —
§ @'i Msyx = 0.82 kg
S ’ M
E &
< $ 4

0 25 50 75 100 125 150
Frequency [Hz]
¢ Experimental
=*=*= Curve Fit

Fig. 8 Accelerance |ax/Fx| and curve fit to identify parameters of bearing elastic support
structure

Similarly, Figure 9 displays the amplitude of the recorded accelerance transfer function

()

F, and a curve fit identifying the elastic support coefficients along the Y direction: mass

(@)
MSY =0.88 kg, KSY =21.2 kN/m, and CSY = 6.6 Ns/m (£=0.024), with a goodness of fit of R*=

0.95 in the frequency range to 150 Hz.
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Fig. 9 Accelerance |a\/Fy| and curve fit to identify parameters of bearing elastic support
structure

The identified bearing structure coefficients along X and Y directions, listed in Table 2, are
nearly identical (within the experimental uncertainty), hence the support structure may be
regarded as isotropic. The uncertainty in the identified parameters follows from the uncertainties

in the load cell (1% linearity), accelerometer (1% linearity) and frequency resolution (1 Hz).

Table 2 Mechanical parameters for bearing and elastic support structure

X direction Y direction
Stiffness, Ks 19.440.9 |21.2+1.0 | kN/m
Mass, My 0.81+0.02 | 0.88+0.02 | kg
Damping, Cs 9.5+0.2 6.6+0.2 N.s/m
Natural frequency | 24+1 24+1 Hz
Damping ratio, { | 0.038 0.024
R’ 0.96 0.95
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PARAMETER IDENTIFICATION PROCEDURE

The test rotor is balanced in place prior to conducting dynamic load measurements. The shop
air supply drives the TC turbine to a constant rotor speed. Measurements hereby reported are

conducted at a fixed shaft speed of 50 krpm (833 Hz)'’.

Bearing displacements synchronous with rotor speed are relatively small when compared to
the forced displacements induced by the shaker loads. Note that the journal does also displace
since the rotating shaft is not rigid; hence, it is important to make a distinction between bearing
absolute displacements (X,Y) and those relative to the journal (x=X-X, y=Y-Y)).

External (shaker) loads, F), and F,, are exerted on the test bearing cartridge which displaces

with absolute accelerations (ax, ay), and displacements (x,y) relative to the journal. The

equations of motion (EOM) for the bearing cartridge are

M; ay N Cs, vy N K X J{CH CXY}():C]J{KH KXY}[XJ:(FXJ 5
Mg ay ) { G Wy K Y) |Gy Gy \V) Ky Ky \y Fy

where (KU,VCU,) are the test bearing stiffness and damping force coefficients. Note that

T70,j=XY

vy =X while x=4/, =vy — X, for example.

The time domain force and motion are transformed into the frequency domain by applying
the Discrete Fourier Transform (DFT). The applied forces, displacements, and accelerations

become [7]

wa} —DFT {FX“")}; F“”)} =DFTF(’) } o | ppr| )
FY(a)) FY(w) Yiw) Yy AY( aYm

(l))
where o is a frequency. Note that the DFT of velocity (derivative of displacement with respect
to time) is, for instance along X direction, defined as DFT [)'c(t)] = j X, where j=+-1 is

the imaginary unit. Incidentally, also note that

' Dynamic load tests were also conducted without journal rotation and with same static load (contact operation).
See later for a comparison of the identified force coefficients.
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DFT[ vy, |= % DFT[ X, |=——% 5)

In the frequency domain, Eqn. (3) becomes

N R AR
|:K)0( +joCy Ky +joCy, } Ho) Xa) Sx Jjo o AX(w) Xo)
Ky +jaoCy Ky +joCy |\ Y, Yo M.+ C, /o KSY/ Ay(m) Y
Sy ]a) a)Z

(6)
Or in compact form,
= G X F, —M_A
|:H)0( HXY:|(X(M)J_ GX(m) Hxx ny Xv(w) _ Xo) est™ Xy (7)
HYX HYY y(a)) GY((») ny Hyy )?a)) F)}m) _Mest I(m)
where H (@) :(K +Jjw, C) is the matrix of bearing impedances at discrete frequencies .. Two

linearly independent forced excitations are required to identify the eight bearing force
coefficients (four stiffnesses and four damping parameters). This is accomplished by sequentially

exciting the system along the X and Y directions, i.e., by applying loads of the form
F* =(FX O)T and F’ =(0 F, )T. The combined algebraic equations for the two sets of

excitations are written as

H H =X =Y GX C_;Y _
o )_CX )_CY = =% = |=HZ=G (8)
H, H, |y ¥ G, G
At each frequency @, the bearing impedance coefficients are obtained from H(w,) :(_3(%) 7(' ;/) .

Random errors (noise) present in the impedance coefficients are minimized by averaging the

impedances obtained from ten different tests. Note that random errors in the estimated

impedance function reduce approximately by\/ﬁ , where N= 10 is the number of tests, upon

averaging [20]
H=(Ho M, ®)
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EXPERIMENTAL PROCEDURE, RESULTS AND DISCUSSION

In the measurements, a static load ()" ~ 22N pulls the bearing along the vertical direction,

see Fig. 5. To identify the bearing force coefficients, two unidirectional load vectors (£, 0)"
and (0, F, )" are applied by alternately delivering sine sweep force excitations along X and ¥

directions. Fig. 10 shows typical force excitations versus time.

Preliminary tests showed that periodic loads with a fixed amplitude

W

produced bearing displacements with amplitudes decreasing as the frequency
increases. Since, the force coefficients of most bearings are nonlinear
functions of the motion amplitudes (in particular if large relative to the bearing
clearance), it is important to control the magnitude of the excitation force to

maintain relatively constant bearing displacement amplitudes.

The formula for the construction of the sine-sweep load with excitation frequencies from 200

to 450 Hz, ensuring a fairly constant bearing displacement with respect to the journal, is
Fyy) = F, +(4F )t ]sin[(e, + Awt )t] (10)

where F, is the magnitude of the applied force at the initial frequency of @, , and 4F and Aw

are the rate of increase in force and test frequency respectively. The rate of change in the
magnitude of force (AF) and the test frequency (Aw) is determined based on the overall
excitation time period and the desired final force and test frequency range. Figure 11 displays the
average of ten excitation loads in the frequency domain. The selected frequency range [200 Hz-
450 Hz] for the dynamic load measurements excludes a test system natural frequency at ~ 100

Hz. Unfortunately, no good record (data) evidencing the system resonance was kept.

" Recall the journal diameter D=38 mm and the bearing length L=38mm (L/D=1). Hence, the ratio W/LD=0.15 bar
(2.21 psi) denotes the specific load pressure acting on the bearing.
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Fig. 10 Typical excitation forces along X and Y directions versus time. Multi frequency
excitation (sine sweep 200-450 Hz)
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Fig. 11 DFT amplitude of excitation forces versus frequency. Average of 10 excitations

Figure 12 (left graph) shows the bearing relative displacement along the X direction due to an
excitation force along the X direction. In the tests, the TC shaft spins at ~50 krpm (833 Hz). The
graph on the right depicts the same displacements with all the frequencies above 500 Hz filtered.
The filtered response removes any motions synchronous with the rotor angular frequency (833
Hz). Figure 13 likewise displays the other direct and cross directional bearing displacements due
to the excitation loads. Recall that the recorded bearing motions are relative to the journal

displacements.

21



Displacement Xx [um]

|

0.25

0.5
Time [s]

0.75

Filtered displacement Xx [um]

=100

50

>500 Hz filtered

0.25

0.5 0.75

Time [s]

Fig. 12 Bearing relative displacement along X direction for shaker load along X direction.
Rotor speed ~ 50 kprm (833 Hz). Motion amplitude ~ 30-40 um. (Left) Unfiltered
actual motions, (Right) motions with frequency >500 Hz filtered
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Fig. 13 Filtered bearing relative displacement due to excitation forces. Rotor speed ~ 50
kprm (833 Hz). Controlled motion amplitude ~ 35- 45 ym. Filter cut-off frequency

500 Hz
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Figure 14 displays the amplitude of the DFT for each of the bearing (relative) displacements
versus frequency. The data represents averages from ten (consecutive) sine-sweep load
excitations. Note that displacement components at the synchronous frequency are small relative
to those within the excitation frequency range (200 Hz-450 Hz). Similarly, Figure 15 displays the

DFT amplitude of the bearing accelerations.

4 T T T T T
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Avg. Displacements [um]
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+++ YX
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Fig. 14 DFT amplitude of bearing relative displacements (microns) versus excitation
frequency. Average of 10 forced excitations. Rotor speed ~ 50 kprm (833 Hz)
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Fig. 15 DFT amplitude of bearing accelerations (m/s?) versus excitation frequency.
Average of 10 forced excitations. Rotor speed ~ 50 kprm (833 Hz)
ESTIMATED MMFB ROTORDYNAMIC FORCE COEFFICIENTS
Dynamic load measurements were conducted on the test MMFB without and with journal

2 at 50 krpm (833 Hz), The identification procedure delivered the bearing stiffness

rotation'
(Kep)ap=xy and damping coefficients (C yp)qp-xy from the real and imaginary parts of the

impedance functions, respectively, as functions of the excitation frequency (), i.e.,

1
(o) =Re( (o)) o) oy (Hen) (h

The measurements without journal rotation evidence the force coefficients of the metal
mesh structure alone since there is no gas film separating the journal from its top foil. With
journal rotation and since the bearing is airborne, i.e., with a minute gas film separating the
spinning journal from the top foil (non contact operation); the force coefficients represent the

combined (in series) action of the gas film and the metal mesh structure.

2 At this rotational speed, the MMFB and shaft motions are stable, i.e. free of any sub harmonic whirl motions.
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Stiffness coefficients Figure 16 shows the MMFB stiffness (Kp) op-xy coefficients versus

frequency. Without journal rotation, the cross-stiffnesses are negligible, Kyy ~ Kyx~0; while Kyy
~ Kyy~ 0.3-0.4 MN/m , both relatively invariant with frequency. Note that prior experiments in a
frequency range from [20-400 Hz] conducted with a thicker MMFB [1], as well as predictions
based on an empirical model [4], show a bearing structural stiffness that raises (by as much as

70%) with increasing frequencies, as opposed to the current results in Fig.16(a) .

With shaft rotation at 833 Hz, the direct stiffnesses are nearly identical, Kxx ~ Kyy, in the
frequency range 250-350 Hz", and similar in magnitude to the coefficients obtained without
journal rotation. For higher frequencies, Kyy increases'* while Kyy quickly drops to nil; the cause
for the sudden reduction is unknown'>. The cross stiffness coefficient Kyy 1s rather small; while
Kyy shows an appreciable magnitude in the low frequency range (~ 300 Hz). Both cross coupled
stiffnesses are practically nil in the upper end of the excitation frequency range. Recall that
cross-coupled stiffnesses are due to gas film hydrodynamic shear effects and often are the

culprits of rotordynamic instability.
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+++ Kyx T Kyx
¢ Kyy ¢ Kyy
(a) without journal rotation (b) with journal rotation at 50 krpm (833 Hz).

Fig. 16 Identified MMFB direct (Kxx, Kyy) and cross coupled (Kxy,Kyx) stiffnesses versus
frequency. Journal speed: 0 and 50 krpm (833 Hz). Applied static load of 22 N (45°
from X and Y axes)

' See Appendix A for a study on the repeatability of the force coefficients. Unfortunately, the present parameters are
highly suspect (non repeatable) for excitation frequencies above 350 Hz.

" This is an expected result since gas films become stiffer as the excitation grows.

"* A predictive model for metal mesh foil bearings is not available at this time.
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As a side note, Ref. [3] reports impact load tests conducted on a thicker MMFB and the
identification of rotordynamic force coefficients with the journal spinning at 50 krpm. The
impacts excited motions with frequencies up to 200 Hz. The direct stiffnesses Kyx=Kyy are ~ 0.4

MN/m at 200 Hz, of the same order of magnitude as the current ones.

Damping coefficients Figure 17 shows the MMFB damping (C,p) 4p-x y coefficients versus

frequency.  Without journal rotation, cross-damping coefficients are nil, Cyy ~ Cyxy =0 as
expected; Cyy is nearly constant, while the direct damping coefficient Cxxy decreases with
excitation frequency. This is a typical result since the metal mesh structure offers material or
hysteretic damping, best represented with a loss factor (). Hence, the equivalent viscous
damping coefficient is C~Ky/w; that is, it decreases with frequency. Note that the magnitude of
the metal mesh damping coefficients is rather high (600 to 200 Ns/m), thus making the test

bearing system largely overdamped.

Recall that Ref. [1] shows bearing structure damping coefficients rapidly decreasing with
frequency, from ~ 400 Ns/m at 200 Hz to ~100 Ns/m at 400 Hz. The current test results reveal

damping coefficients that do not decay with increasing frequency.

For the measurements with journal rotation (833 Hz), the direct damping coefficients are
similar, i.e., Cyx ~ Cyy (~ 400 Ns/m), at low frequencies. Both direct coefficients show less
frequency variation than the structural damping coefficients obtained without journal rotation.
The cross coupled damping coefficients, Cxy ~ -Cyy, are but a small fraction of the direct
damping coefficients. Prior estimation of the viscous damping coefficient in Refs. [1,3] shows a

rapid decay with excitation frequency.

Incidentally, note that the MMFB direct force coefficients (stiffness and damping) are at least

one order of magnitude larger than the bearing elastic support cage (see Table 2).

Appendix A shows the repeatability of the identified bearing rotordynamic force coefficients
as determined from four sets of independent measurements. Thus far, force coefficients are
consistent only over the low end of the excitation frequency span. For excitations above 350 Hz,

the coefficients show great variability.
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Fig. 17 Identified MMFB direct (Cxx, Cyy) and cross coupled (Cxy, Cvx) damping
coefficients versus frequency. Journal speed: 0 and 50 krpm (833 Hz). Applied

static load of 22 N (45° from X and Y axes)

ESTIMATION OF MMFB LOSS FACTOR

Metal mesh bearings have an energy dissipation mechanism best described by material or

hysteretic damping which is characterized by a loss factor (7). This loss factor follows from a

model that equates the energy dissipated by viscous damping (Ey) to the energy dissipated by

material damping (E),) over a full period of motion (7 =27/®). Recall that for material

damping
c="kK (12)
w
t+T t+T
and from E,= [ 2'Czdi=Ey =L [ 1"Kzar (13)
t @ t
t+T
o [ 2'Czdi
it follows that y= t+tT (14)
j 2TK zdt

t
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Clearly, the formulation above is path dependent, i.e., depends on the motion. The

experiments were conducted with unidirectional sine-sweep loads that produced bearing motions

(x.y)- In the absence of orthogonal motions, i.e.,(x# 0,y =0) and(x =0,y #0), it follows that

C()CXX andyy:a)CYY

for periodic unidirectional motions along the X- and Y-directions
Kxx Kyy

Vx=

only. However, two different loss factors is not a natural outcome.

For near circular orbits, Eq. (14) reduces to

a)(CXX|VX|2 +CYY|VY|2)

V= (15)
Ko Vil + Ky V[

where ( Vy,Vy) are the amplitudes of bearing velocity. For circular orbital motions, since |Vy| =

|Vyl, Eq. (15) reduces to

. o(Cyy +Cyy ) (16)
K +K,,

Figure 18 depicts the derived structural loss factor (y) for the MMFB, derived from the test
data shown in Figs. 17 and 18, and assuming circular orbit whirl motions. The analysis stops at
350 Hz because of the poor repeatability of the force coefficients above this frequency. Without
journal rotation, the loss factor increases from 2 to 2.5 for frequencies ranging from 250 to 350
Hz. With journal rotation, y increases from ~1.25 to 2.5 within the same frequency range. The

large loss factors demonstrate the MMFB offers lots of viscous damping'®.

The current MMFB loss factor is much larger than that that identified for another MMFB [1],
y ~0.7, with a thicker metal mesh but of the same mesh density (20%). Ref. [3] using the same
MMEFB as in Ref. [1] gives y ~0.5 derived from impact loads and with the journal spinning at 50
krpm. Further investigation is mandatory to assess the reason behind the apparently large loss

factor for the MMFB with a thinner metal mesh ring.

' Elementary vibration analysis shows ¥ =2¢ , where ¢ is a viscous damping ratio. Hence, { > 1 denoting an
overdamped system.
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Fig. 18 Identified MMFB loss factor versus frequency. Journal speed: 0 and 50 krpm (833
Hz). Applied static load of 22 N (45° from X and Y axes)

UNEXPECTED FAILURE OF TOP FOIL
While operating the rotor at ~ 50 krpm, with static load of 22 N acting on the MMFB, the top
foil temperature is ~ 40°C. The test TC driven rotor operated continuously for 2-3 hours per day

over a stretch of 4-5 days while (repeated) the tests and measurements took place.

During later experiments, while the rotor turned at ~ 35 krpm (583 Hz), a sudden raise in the
top foil temperature (~ 60°C) was recorded. Post-test inspection revealed marked wear, even loss
of material, on the inboard end of the top foil. This type of damage is not unusual in bump-type
foil bearings. Appendix B describes the damage and reasons that TC shaft elastic deformations
can easily induce journal misalignment resulting in contact with the top foil inboard edge.
Interestingly, the rest of the bearing and the rotor did not suffer permanent damage following the

incident; hence the test system maintained its integrity.
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CONCLUSIONS

Metal mesh foil bearings (MMFBs) have demonstrated reliable airborne operation and large
energy dissipation ability [1-3], with material loss factors larger than those of commercially
available bump-type foil bearings'’. MMFBs quickly attenuate rotor vibrations due largely to the
copper mesh material hysteresis. The MMFB technology is in its rudimentary stage, and requires
experimental characterization of its rotordynamic behavior as a first step to compare with a
forthcoming MMFB rotordynamic predictive tool, that couples an empirically developed metal
mesh structural model and a hydrodynamic gas film model in series.

The report presents the identification of the rotordynamic force coefficients of a newly
constructed MMFB, compact and robust in design with a thin metal mesh ring, suitable to
replace commercially available GFB configurations. Orthogonally mounted electromagnetic
shakers sequentially deliver controlled sine sweep load excitations (250-450 Hz), generating two
linearly independent load vectors, and together with the recorded bearing accelerations and
displacements relative to a journal render eight linearized force coefficients: four stiffness and
four equivalent viscous damping coefficients. Multiple sets of independent tests demonstrate the
identified force coefficients show too large variability for excitation frequencies greater than 350
Hz. Hence, the force coefficients are highly suspect of (yet) unknown errors.

With journal spinning at 50 krpm (833 Hz), the bearing direct stiffnesses, Kxx ~ Kyy,
increase from 0.4 MN/m to 0.5 MN/m as frequency varies from 250 Hz to 350 Hz. At higher
frequencies, Kxy increases while Kyy abruptly decreases. Cross coupled stiffness coefficients,
Kxy and Kyy, are not significant with respect to the direct stiffnesses, except for Kyyx at ~ 300 Hz.
Without journal rotation, the bearing structural stiffnesses, Kyx and Kyy, are nearly identical and
remain invariant with respect to frequency.

The identified equivalent viscous damping coefficients show the test bearing system is over
damped. With no journal rotation, the bearing (structural) damping coefficient Cxx decreases
from ~ 600 Ns/m to ~ 200 Ns/m, while Cyy remains at ~ 400 Ns/m. With journal rotation at 50
krpm, Cyxy and Cyy gradually increase from 300 Ns/m to 500 Ns/m from 250 Hz to 420 Hz
excitation frequency. The cross-damping coefficients, Cyy and Cyy, are small relative to the

direct coefficients.

" There is abundant literature, in particular from TAMU, detailing static and dynamic load measurements to identify
the material loss factor in bump-type foil bearings. To date, identified loss factors rarely exceed magnitudes > 0.5,
more often y~0.2—0.4, see Ref. [16] for example.

30



In general, the bearing force coefficients are less frequency dependent than prior
measurements have shown [1, 3].

The test bearing shows a large magnitude material loss factor, y>1, within the range of
frequencies where the experimental force coefficients are reliable (250-350 Hz). Recall that a
MMEFB relies on structural damping for dissipation of mechanical energy. This loss factor is
higher (y>2) for the condition of no journal spinning. Bearing airborne operation at 50 krpm (83
Hz) reduces the loss factor, albeit increasing with frequency. Incidentally, the estimated loss
factor values are surprisingly larger (at least two fold) in comparison with a similar MMFB, but
with a thinner metal mesh ring, reported earlier [1,3].

Further experiments will continue, upon the construction of a new top foil to replace the
existing damaged one, and characterize the MMFB rotordynamic force coefficients with varying
motion amplitudes and rotor speeds. The MMFB displayed nonlinear structural characteristics in
prior experiments [1, 3], and hence their proper characterization is of importance. Nonetheless,
the MMFB clearly demonstrates its superior ability to dissipate energy and provide ample

damping required for moderate load turbomachinery applications.
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APPENDIX A: REPEATABILITY OF IDENTIFIED FORCE COEFFICIENTS

Four data sets of independent experiments were conducted and force coefficients identified to
verify the repeatability of the measurements and the robustness of the identification procedure. A
data set consists of ten independent X and Y dynamic load excitations. The operating conditions

are 50 krpm in rotational speed and a vertical static pull load of 22 N.

Figures A.l1 and A.2 depict the bearing stiffness and damping force coefficients for each
dataset versus excitation frequency. The cross-stiffnesses (Kxy, Kyx ) are nearly identical;
however, the direct stiffnesses (Kyx, Kyy ) show significant variability, in particular at the highest
end of the excitation frequencies, > 350 Hz. Similarly, the cross damping coefficients (Cxy, Cyx )
are nearly identical over the whole frequency range. As with the direct stiffnesses, direct

damping coefficients (Cyy, Cyy ) show different trends, in particular Cyy.

From 250 Hz to 300 Hz, the maximum variability in Kyx, Kyy, Kyx, and Kyy are 0.35 MN/m,
0.15 MN/m, 0.2 MN/m and 0.4 MN/m respectively; while for Cxy, Cxy, Cyx, and Cyy are 300
Ns/m, 75 Ns/m, 80 Ns/m and 150 Ns/m, respectively, Above 350 Hz, the variability for the
direct coefficients is much larger; hence making the identified force coefficients suspect of error

(not reliable).

Hence, it is apparent that repeatable and consistent force coefficients are identified within the
low end of the excitation frequency range (< 350 Hz) only. Further efforts and procedural
enhancements are urgently needed to improve the repeatability of the identified force

coefficients.
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35



600 600 T T
£ £
= Z
5 300 [~ 1 oz 300[ u
&) &)
ob )
g 0 g 0
3 3
g 2
Q Q
2 =300 [~ -1 €-300 75 Ns/m -
> >
“ | | Cxx . | | Cxy
~600 ~600
200 300 400 500 200 300 400 500
Frequency [Hz] Frequency [Hz]
600 T T 600
£ £
Z Z
2 300 [~ 1 & 300[ u
O O
ob ob
£ £
g 0 g 0
8 S 150 Ns/m
2 =300 [~ 80 Ns/m -] 2 =300 [~ -]
> >
= C
“ | ! Cx ! ! Y
~600 ~600
200 300 400 500 200 300 400 500
Frequency [Hz] Frequency [Hz]
OCO Testl 00O Testl
XXX Test2 XXX Test2
+++ Test3 it Tes3
¢ Test4 ¢ Test4

Fig. A. 2 Test sets 1-4: Identified MMFB damping coefficients (Cyx, Cvy, Cxy, Cvx) versus
frequency. Journal speed = 50 kprm (833 Hz). Applied static load of 22 N

36



APPENDIX B. DAMAGE OF TOP FOIL

In a several hours continuous operation test, while the rotor turned at ~ 35 krpm and with an
applied pull load of 27 N, the top foil outboard temperature suddenly rose to ~60°C; noticeable
above the normal temperature of ~ 40 °C with the rotor spinning at 50 krpm. Hence, rubbing
contact was suspected and rotor spinning was immediately halted. Note that the level of noise

due to the TC turbine operation is far greater that that due to rubbing.

The bearing was removed from its journal. Inspection of the bearing revealed the top foil
inboard edge had significant wear and loss of material. Figure B.1 depicts photographs of the
(Inconel X-750) top foil in its pristine condition and after the experiments.) Inset shows the detail

of the worn portion of the top foil.

Wear and material loss
(inboard edge)

(a) Top foil before testing (b) Top foil after failure
(Sprayed with MoS, < 5um thick)

Fig. B.1 Photographs of top foil: original and after damage conditions
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The top foil thickness is 0.12 mm and its original mass equals 4.58 g. Recall that prior to the
experiments the top foil is spray-coated with a layer of MoS, (< 5 um)The damaged foil mass is
4.546 g; hence, there is permanent loss of material (> 0.034 g) as is evident in the picture. The

location of top foil material loss aligns with the vertical plane (see Fig. B.

Figure B.2 displays a photograph of the journal after the bearing was dismounted. Recall that
the journal is spray-coated with 16 pm of Permalon®. This soft coating does not last too long, as
prior experiments have demonstrated. Remains of the coating are visible on the inboard side.
Note that the majority of the journal surface remains polished and free of wear marks. However,
at the location of the foil inboard edge there is a 0.100 mm difference in diameter; the wear is

likely due to rubbing contact with the top foil edge.

4 ® 38.51 mm

Inboard end (Permalon coating)

D 38.49 mm

(Location of top
foil wear and
damage)

D 38.50 mm

Bearing

O 38.51 mm

Fig. B.2 Photograph of journal, initially coated with Permalon®. Journal diameters along
journal length noted
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Suitable solid lubricant (coatings) are usually deposited on the top foil to reduce friction and
delay wear during rotor startup and shutdown when rubbing contact between the journal and the
top foil surface most likely occurs. During airborne operation, a gas hydrodynamic film lifts the

rotor and eliminates the contact, hence the near friction free operation.

Foil bearings, after (many) hundreds of hours of continuous operation, show wear on the top
foil axial sides (inboard and outboard) where the gas film hydrodynamic pressures are small
(near ambient). The wear can be exacerbated by either pronounced rotor misalignment or by
local shaft bending at the bearing edges. Predictive models [21] show GFB minimum film
thickness decreasing with increasing misalignment. Smaller film thickness produce more heat

generation as well [22].

Figure B.3 displays a schematic representation of the MMFB mounted on a test journal
which is press fitted onto a shaft stub of a small turbocharger. The bearing displaces upwards as
the static load is applied; and since the shaft is flexible, this same load deforms elastically the
shaft. The journal is rigid and its displacement will be tilted with respect to the bearing; hence,
contact between the two components likely occurs at the bearing inboard side, as depicted in the

bottom graph.

Incidentally, note that the top foil material loss occurred over a very short span leaving a
kink (sharp edges). Hence, it is also possible that wire mesh debris (or any other hard type)

trapped while on assembly of the bearing on its journal could have quickly caused the damage.

39



B e e

Ee SO S S S S S ESSSSSSSESSN S EE

pii ko)
i )
[ 2
fir )
fii i
it 4
PR B i
D PR U B P i i
e i
i i
e iz
i i
i &
i3 e
H i
i) fi:
(5} fic
W, b5
A £
i) i
) s

A 4

f
/£

o
™ e
™ s
e
T
CER
Bt

Shaft
Journal

MMFB
a) System configuration without a static load

Top foil fixed end
‘ TLoad P

Shaft elastic
deflection

B A S D D B B B B 00 90 90 00 3 0 0
R R R R R R R SRR R

———

s

>
—
it

e )

- i i)

- fiek 5

- e el
£ 2

b g

el cd

e i

i s

i i

- iy ¥

&G

oy
+" o
e
S R
R

T
o

g
RN

DAMAGE LOCATION

Misalignment

Rotor contact with top foil

b) System configuration when pulled by static load

Fig. B.3 Schematic representation of displacements of MMFB and journal when acted by

an external vertical load

40



