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EXECUTIVE SUMMARY

Gas film bearings offer unique advantages enabling successful deployment of
high-speed micro-turbomachinery. Current applications encompass micro power
generators, air cycle machines and turbo expanders. Mechanically complex gas foil
bearings are in use; however, their excessive cost and lack of ealibrated predictive tools
deter their application to mass-produced oil-free turbochargers, for example. The
present investigation advances the analysis and experimental validation of simple gas
bearing configurations with static and dynamic force characteristics desirable in high-
speed turbomachinery. These characteristics are adequate load support, good stiffness
and damping coefficients, low friction and wear during rotor startup and shutdown, and
most importantly, enhanced rotordynamic stability at the operating speed,

Comprehensive expeniments and analysis are conducted on a small rotor
supported on three lobed hybnd (hydrostatic/hydrodynamic) rigid gas bearings. The
rigid bearings comprise preloaded 1207 lobes with minute feed holes for external
pressurization, bleed off from a turbocharger compressor outlet, for example. The
bearing nominal clearance and dimensionless preload are 66 microns and 0.33,
respectively. The test rotor, weighing 827 grams, integrates a DC motor and can
achieve speeds as large as 100,000 rpm. Without rotor spinning, external pressurization
lifis the test rotor at 1.36 bar (5 psig). For various imbalance conditions, coast down
tests from 60,000 rpm characterize the rotor response on its bearings. As the supply
pressure rises, the rotor response shows an increase in critical speed and a noticeable
reduction in damping ratio. Threshold speeds of instability also increase with
increasing supply pressures. and whirl frequency ratios range from nearly 50% of rotor
speed for a purely hydrodynamic condition o 25 % for a pressure supply five times
ambient conditions. Bearing transmitted loads closely follow the rotor imbalance
responses with large peak values while traversing the critical speeds.

A linear rotordynamics model accounts for the rotor and gas hybrid beanngs.
The structural rotor model reproduces measured free-free natural frequencies and mode

shapes. A FE laminar flow model for hybrid gas bearing analysis predicts frequency




dependent stiffness and damping force coefficients at the operating speeds and levels of
feed pressure tested. The cigenvalue analysis forwards natural frequencies in
agreement with the measurements, and null damping ratios evidence the threshold
speeds of rotordynamic instability. Estimated whirl frequency ratios are typically 50%
of rotor speed, thus predicting sub synchronous instabilities at lower rotor speeds than
found experimentally when increasing the magnitude of feed pressurization.

Similar imbalance response measurements were conducted with the test rotor
supported on hybrid pressure dam gas bearings and on HyPad® tilting pad gas
bearings, Severe pneumatic hammer instability initially exhibited by the pressure dam
bearings was eliminated by feed orifice repositioning into the film lands. The rotor
supported on the pressure dam bearings shows adequate damping and a much lower
threshold speed of instability than the rotor supported on the three-lobe bearings. The
HyPad® bearings show good damping coefficients without rotordynamic instability for
rotor speeds as large as 90,000 rpm. At high speeds, feed pressure can be removed to
the HyPad® bearings since the rotor rides salely on the hydrodynamic gas film.

Experiments to determine break away friction and rotor lift off speed arc
conducted on a coated and uncoated rotor starting [rom rest. The coating is a
commercial solid lubricant applied at room temperature. The transient response
measurements vividly reveal rotor lift off and reduced friction with the coated rotor.

Principal Investigator: Luis San Andres.
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INTRODUCTION

Environmental concerns and extreme operating conditions drive the needs for
oil-free bearing support elements in small to moderate size turbomachinery (< | MW).
While oil-lubricated fluid film bearings provide adequate stiffness and damping
characteristics. these support systems are limited by speed and temperature, and require
considerable ancillary pumping, sealing, and plumbing. The use of process gas
lubricated bearings allows for less complex. lighter weight systems with lower
emissions and improved efficiencies. Gas bearings for high-performance
turbomachinery should be simple and reliable, load tolerant, and allow for operation at
high rotor speeds with good dynamic force properties.

Gias bearings are in use in industrial applications such as auxiliary power units,
air-cycle units in airplanes, short-life systems i.e. cruise missiles and space
applications, microturbines and small turbocompressors, and dental hand piece drills.
Yet, there are several areas of concern which must be addressed and well understood
by industry before gas-lubricated bearings hecome an acceptable and preferred
alternative to oil-lubricated bearings [1-3]. The low viscosity of the gas film demands
minute clearances to generate adequate load capacity, Damping, necessary to traverse
critical speeds and to attenuate sudden imbalance and thrust loads, becomes crucial.
Gas bearings also experience excessive drag and damaging wear at start-up and shut
down, are known to exhibit rotordynamic instability in rigid surface configurations,
and even induce pneumatic hammer for externally pressurized configurations.

Multiple rigid lobes or pad configurations, modifying a plain cylindrical
bearing, can improve the dynamic performance by creating a preload (the dimensional
difference in clearance between the lobe and the bearing), thereby providing direct
stiffness at the bearing centered operating condition. For higher speeds and light loads.
multiple-lobe bearings are known to offer a shightly more stable behavior than plain
cylindrical journal bearings [4, 5]. The reduction of load capacity and the issue of

transient rubbing can be overcome by introducing external (hydrostatic) pressurization
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to the lubricating film by way of orifice feed holes [6] and by adequate solid-lubricant
films to reduce friction and wear.

The background research in gas-lubricated bearings flourished in the 1960s.
Recently. advances concerning gas-lubricated hybrid (hydrostatic / hydrodynamic)
configurations at high speeds (upwards of 100,000 rpm1) have mostly been on the micro
scale, with application to MicroElectroMechanical systems (MEMs) and/or
microturbomachines. Such systems have millimeter scale geometnies and require
operating speeds greater than a million rpm. Piekos [7. 8] presents a simulation model
and design charts for the development of silicon wafer gas-lubricated journal bearings
for microfabricated MEMSs. Fréchetie reports the successful implementation of gas-
lubricated journal bearings supporting an clectrostatic induction micromotor to speeds
of 15,000 rpm’ [9].

Theoretical predictions and experimental verification are required to more
thoroughly understand the static and dynamic performance and the limitations of gas
hybrid bearings for current and envisioned applications in oil-free turbomachinery.
The objectives of the research are to demonstrate their rotordynamic performance,
reliability and durability in an experimental facility. to advance a theoretical analysis
for the dynamic forced performance of hybrid gas film bearings, and to provide

feedback for further technological developments.

' The difficulties with ohtaining the appropriate terminal voltage is the speed limiting factor in this

application, not the performance of the gas-lubricated journal bearings.
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Literature Review

Gas-lubricated bearings, as opposed to oil-lubricated bearings, clearly have
many advantages, as well as several disadvantages, for application to high-speed
turbomachinery. Using process gas as the lubricant offers more cleanliness and the
elimination of process contamination by buffer lubricants. Under extreme temperature
and speed conditions, gases offer more stability without lubricant vaporization,
cavitation, solidification, or decomposition. Gas-lubricated bearings also exhibit lower
friction and power usage. In addition, gas bearings do not require the costly, weighty,
and complex sealing and lubricant circulation systems required for oil-lubricated
syslems.

The main disadvantages of gas-lubricated bearings are the lack of damping and
low load capacity due to the low viscosity of the gas film. This restriction demands
ever smaller clearances than required by oil films, increasing the nced to closely
monitor tight manufacturing tolerances and surface finishes, thermal and clastic
distortions, mounting, and alignments. In addition, gas bearing force coefficients
describing the dynamic forced performance are highly dependent on frequency [10],
adding an additional degree of complexity when attempting to quantify bearing
performance.

Fuller [5] reviews the major advances in gas bearing design and modeling
reported through the 1960's. Elrod and Malanoski [11] studied the plain cylindrical
bearing with a continuous gas film, providing computer-generated solutions. Plain
cylindrical bearings offer the best load capacity but compromise damping
characteristics and often experience dangerous self-excited dynamic instability. Yet,
these hearings offer the most affordable design when considering manufacturability
and cost. Efficient numerical solutions of the Reynolds equation (predicting the
pressure profile within the continuous film) and analyses addressing the major issue of
rotor-bearing stability are readily available [12-20].

Modifications of the plain cylindrical bearing, such as the addition of lobes and

Rayleigh steps (axial grooves), may help to reduce instability by interrupting the film
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continuity and pressure profile thereby preventing the propagation of pressure
disturbances. Multiple lobes improve the bearing dynamic performance, offering more
stable behavior, by providing direct stiffness derived from a geometric preload; that 1s.
the lobes create a converging and diverging film ¢learance. By examining the effective
stiffness, effective damping, and critical mass as functions of the compressibilily
number, Lund [21] determines that a gas-lubricated three-lobe bearing is not inherently
unstable, as is the case of a plain cylindrical journal bearing. Unfortunately, the
increase mn stability is offset by lower load capacity.

Archibald [22], with discussion by Malanoski [23], and Hamrock [24], provide
the analysis of the step bearing configuration for optimized load capacity, and report
improved damping and stability due to the contained volume inherent to the design
modification. In the cases of low numbers of axial grooves and of a bearing operating
at high compressibility numbers, the axial groove bearing has been shown to supply
increased load capacity over the plain cylindrical bearing [24]. Castelli [25] and
Hamrock [24] give graphical results of the load and altitude angle for axial groove
bearings. Constantinescu [26] includes inertial effects by deriving the relationship
between the pressure change at the Rayleigh step and the ratio of film clearances before
and after the step. For example, the reverse flow effect for the flow entering the land
region can cause the flow to decelerate at the converging step, producing a pressure
rise instead of drop at the step. This limiting condition occurs when the film ratio is
large, particularty when the land clearance is small. Another problem to be considered
is the capacity to provide sufficient lubricant in cases of large Reynolds numbers
and/or large film thicknesses. Pressure dams with additional circumferential lands help
to reduce lubricant side-leakage and have been used extensively with incompressible
lubricants to suppress oil whirl [27]. Tt should also be recognized that the step bearing
is rather difficult to manufacture and requires the bearing to operate in the eccentric
position in order to support an external load.

While the lobed and Ravleigh step bearings saw an improvement in stability

and in some instances load capacity. tilting pad bearings (or pivot-pad bearings) have
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proven to be a viable bearing option due to the absence of self-excited whirl, self-
aligning capabilities, and the ability to compensate for thermal growth. Each pad pivots
and promotes the formation of the load carrying convergent film wedge. However, due
to the geometry of this type of bearing, the degrees of freedom in the form of pad
motion increase from that of regular journal bearings, and the theoretical solution
becomes rather complicated. Gunter [28] forwards numerical and graphical solutions
for the load-carrying capacity of a tilting pad bearing and the results compare well with
limited experimental results. Castelli [29] extends these solutions fo include steady-
state characteristics giving load carrying capacity and pad film thickness as functions
of pivot location. Gunter [30] includes additional graphical solutions for pad friction
and optimum clearance, The dynamic stiffness and damping coefficients and stability
characteristics of the gas-lubricated tilting pad bearing are extended by Lund [21].
Several of the issues of concern with gas bearings, such as excessive drag
during the transient rubbing at start-up and shut down, can be resolved by increasing
the load capacity, especially at low speeds. This is done by hydrostatically
supplementing the hydrodynamically self-generated load capacity with pressurized gas
fed directly to the bearing clearance, thereby creating a hybrid bearing”. Utilizing
hybrid bearings reduces wear from solid contact at startup and shutdown, can
substantially raise the threshold of instability, and permits larger spans of stable
response over the rotor/bearing system operating range. Shapiro [31] indicates that a
substantial increase in load capacity is achieved with a small expenditure of supply gas
with the proper hybrid design. Gross [1] categorizes gas bearings by geometry and by
type of compensation, ie. the method by which resistance fo lubricant flow is
introduced between the pressurized source and the lubricating film. The types of

compensation are divided into inherently compensated (compensation at the entrance

* Hytrid bearings are often termed orifice compensated due to the feeding holes from the external
pressurization to the film lands. Note that in hydrostatic gas bearings, deep recesses or pockets are not

recommended to aveid pneumatic hammer instability,
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of the flow to the film clearance), orifice, capillary, and plug-type. Several other
practical configurations include hybrid pressure dam bearings and porous bearings.

Lund [32-33] advances the first approximate analysis and results for hybrid
(hydrostatic / hydrodynamic) gas bearings. Zhang [34] optimizes the pocket geometry
present in a hybrid journal bearing with annular and shallow pocket restriction to attain
the largest critical mass. Jing [35] finds that surface-restriction through multiple axial
saw tooth grooves offers more stable performance at the nearly centered journal
position. Theoretical predictions and experimental results for the static and dynamic
characteristics are included. Greenhill [36] reports experimental results showing the
stable performance of prototype hybrid tilting pad gas bearings for speeds to 3 million
DN. While offering more stable performance. these bearing configurations are
considerably more complex, making low cost mass production difficult.

Fixed geometry gas bearings are prone to show a (self-excited) hydrodynamic
instability at sufficiently large operating speeds. Hydrostatic (external) pressurization,
on the other hand. brings forward a characteristic pneumatic hammer that more
severely limits the safe range of rotor speeds, feed pressures and excitation frequencies
where gas bearings remain stable [37, 33]. Pneumatic hammer, characterized by a
sudden loss of damping even at low frequency excitations, is controlled by the fow-
versus-pressure time lag in the gas supply restrictors and often has a whirl frequency
ratio that diverges from 0.5 (the characteristic hydrodynamic whirl instability
frequency ratio). Sun [38] provides a linear theory as a combination of whirl and
pneumatic instabilities for porous externally pressurized journal bearings, and finds
them to be considerably more stable at the nearly centered position than plain journal
bearings. So far, literature has not presented any general rules or patterns
characterizing the onset of pneumatic hammer instability, shown to occur even when
the rotor is not spinning [11]. Stowell [39] conducts an experimental study of the
effect of orifice compensation on pneumatic hammer in an externally pressurized thrust
bearing. For different orifice diameters, only one diameter showed significant

pneumatic instability [12]. Inherent type orifices, i.e. a feed condition with no trapped
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gas volumes, alleviate the problem of pneumatic instability at the cxpense of
decreasing the bearing load capacity. In an externally pressurized porous bearing, the
occurrence of pneumatic instability is improved by increasing the L/D ratio and by
decreasing the supply pressure [13]. Even considering the high susceptibility for
pneumatic instability, Mehta reports very stable performance of orthogonally displaced
pressure dam bearings with two pads, having large regions of infinite stability and very
high minimum threshold speeds [40]. Along with stabilizing advantages, Hamrock
confirms that for relatively high compressibility numbers, the load carrying capacity of
Raleigh step bearings is higher than for plain cylindrical bearings [15].

To the author’s knowledge, little information has been published about the
performance of high-speed (up to 100,000 rpm) gas-lubricated hybrid bearings. The
objective of the present work here is to experimentally establish the stability and
dynamic forced performance of a hybrid three-lobe journal bearing design. A
gualitative assessment of the system coast down response to calibrated imbalance
masses and at various supply pressures is conducted by addressing critical speeds and
damping ratios. In addition, the ‘lift-off® characteristics, the identification of the
threshold speeds of instability, and whirl [requency ratios demonstrate the stable

performance of the bearing.
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EXPERIMENTAL FACILITY

All experiments were conducted on an existing test rig, shown in Fig. 1, located
in the Turbomachinery Laboratory at Texas A&M University. The test facility was
recently built specifically for this project with funding from the Turbomachinery

Laboratory and the Texas Energy Resources Program.

Signal Dscilloscopes
Condioner
Load Cell i
Power Supply Motor
and Conditioner | Controller
Spectrum
Tachometer 8 ‘esline

Indicater

Fig. 1 Gas bearing test rig and instrumentation

Test Rig

An integral motor (capable of a maximum speed of 99,000 rpm) drives a rotor
(Fig. 2) supported on two test bearings. The rotor has a mass of 827 grams (1.82 Ib)
and consists of a solid steel shaft, 15 mm diameter and 190 mm long, onto which an
integral brushless DC motor and two solid steel sleeves (28.48 mm [1.12 inch] outer
diameter) are press-fit.  Eight | mm diameter holes equally spaced at the rotor ends
allow for the placement of imbalance masses to force the rotor/bearing dynamic

imbalance response.



Sleeve Armature y Shaft
77 R Tl s

Fig. 2 Schematic of rotor assembly displaying a solid shalt, integral motor, and sleeves

The motor controller offers 0.9 kW continuous power and is protected by 1.0
amp fuses. A K-type thermocouple attached to the integral motor inside the test
chamber monitors the temperature of the motor armature. A rapid rise in motor
temperature is a good indicator of sustained solid contact between the rotor and the test
bearings.

Fig. 3 shows the design of the stainless steel test chamber allowing for various
types of test bearings to be installed. Each hearing housing has two O-rings that
effectively seal the bearing section and allow that section to be pressurized. The test
chamber therefore has six sections with supply air inlet and outlet fittings in each
section. The supply air inlet and outlet are controlled by a set of on/off valves, needle
valves, and pressure gages that are connected to a main pressure gage, regulator,
dryer/filter, and then to the shop air line (8.6 bar [125 psi]). Mass flow meters, with
flow ranges to 2.16E-3 kg/s (100 stL/min) for the left bearing plenum, 1.08E-3 kg/s (50
stL/min) for the right bearing plenum, and accuracy of 3.23E-5 kg/s (1.5 stl./min) and
1.62E-5 ke/s (0.75 stL/min), respectively, are connected inline to each lest bearing

plenum.
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Fig. 3 Cross section view of test chamber showing rofor supported on three-lobe test

bearings

Fig. 4 shows the end view of the test rig displaying two orthogonal positioned
highly sensitive, eddy-current (3300 REBAM) sensors that measure the displacement
of the shaft at each end’. The displacement sensors have a sensitivity of 39.37 mV/um
(1V/mil) with a linear range of 400 um. The sensor recorded voltages are conditioned
to remove the large DC bias offset before connection to two separaie oscilloscopes
and/or the LabView data acquisition system (DAQ). Each oscilloscope displays the
<haft orbit at the end monitored. Unconditioned signals from the eddy current sensors

are connected to an ADRE data acquisition systen.

* Experimental results refer to the left (L) and right (R) bearings with respect to the view in Fig. 4,
having vertical (V) and horizental (H) sensors at each bearing, i.e. LH refers to the rotor response

recorded with the left horizontal displacement sensor.
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Fig. 4 Test rotor supported on three-lobe test bearings showing eddy current sensors and

infrared tachometer

FForce piezoelectric sensors mounted between the bearing housing and the test
chamber alignment bolts measure the load transmitted through the bearings (as seen in
Fig. 3). The dynamic force sensors for the left bearing have a sensitivity of 118.8
mV/N (528.5 mV/1bf) and dynamic range of 44.48 N (10 1bf), while the sensors for the
right bearing have a sensitivity of 12.0 mV/N (53.2 mV/Ibf) and dynamic range of
4448 N (100 1bf). The load cell signals are conditioned with unit gain for the left
bearing and 10X gain for the right bearing before connection to the data acquisition
system. A high-speed (up to 999,990 rpm) infrared tachometer sensor is migidly
mounted inside the test chamber to indicate the shaft speed and to provide a keyphasor
signal for data acquisition. Thrust pins mounted rigidly to the test chamber prevent the
axial movement of the shaft. Diaz and San Andrés [41] describe the test rig design

considerations and features in further detail.



Data Acquisition

A Bentley Nevada ADRE for Windows DAIU system collects and records the
experimental data from rotor coastdown response tests, The system has eight input
channels so that all four eddy current sensor signals and a maximum of four of the six
force transducer signals can be recorded. The software includes real time slow-roll
subtraction, order tracking, and synchronous response filtering. The software offers a
wide variety of data output options including tabular data lists, Bode diagrams, cascade
plots, shaft average centerline, and spectrum plots.

Coastdown responses captured with the ADRE and the LabView data
acquisition systems (DAQ) determine much of the rotordynamic performance of the
test bearings. In the case of high-speed gas bearings, the ADRE maximum speed of
60,000 rpm often limits the use of the ADRE DAQ for rotordynamic analvsis, thus
making the LabView DAQ more appealing for recording coastdown responses from
higher rotor speeds.

Observing the rotor response with an Agilent digital signal frequency spectrum
analyzer (DSA) helps to identify subsynchronous and supersynchronous vibration
components. The frequency at which such vibrations first occur indicates the onset
(threshold) speed of instability. The spectrum analyzer also records waterfall plots of
the rotor coastdown response (showing threshold speeds of instability). In addition to
the Agilent DSA, a LabView DAQ board and virtual instrument captures the waterfall
plots and frequency spectrums. An ad-hoc LabView virtual instrument developed by
Dr. Sergio Diaz records the transient response at start up 1o determing rotor lift-off
behavior and speeds. Measured data is easily exported from both DAQ systems for
additional processing and analysis.

Observing changes in the display of the position of the shafl centerline on an
oscilloscope, while gradually increasing the supply pressure, determines the feed
pressure for rotor lift off. The pressure pauges indicate the supply pressure at which

lifting motion occurs, and is therefore limited by the resolution of the gauge, which is
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especially limited at low pressures. The mass flow rate through the feed orifices is

recorded while incrementally increasing the supply pressure.

Test Bearings

Hybrid Three-lobe Bearing

The test bearings are two identical aluminum three-lobed hybrid bearings
having an operating nominal radial clearance (C,) of 66 pm, 50% offset and preload of

23 pm (Table I summarizes the bearing geometry).

Table 1 Characteristics of the three lobe bearing g&nmctry‘

Parameter Value
Length (mm) 30
Diameter (mm) 295
Nominal Clearance (pm} 66+ 1.27
Nendimensional Preload (.33
Orifice Diameter (mm) 1.0
Number of Orifices 6 ]
Orifice Location At apex of pads

(Co)

As shown in Fig, 5, the bearings have a length of 30 mm and diameter of 28.5
mm (L/D = 1.05, C,/R = 4.6E-3). Three pairs of 1 mm air feed heles, spaced 120
degrees apart, are located at the apex of the lobes and provide the hydrostatic
lubrication. The eylindrical bearings are held in place with axial ball bearings
positioned at the sides of the bearing housing, allowing for precise axial positioning

without angular misalignment via the alignment bolts,

4 appendix A describes the clearance measurements. Appendix B details the preload caleulations.
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Fiz. 5 Geometry of the three-lobe test bearing showing preload and orifice compensation

Fig. 6 indicates the rotor installed within the bearing and the nomenclature
associated with the journal eccentricity. The bearings are installed in the load on pad
position so that one pair of orifice feed holes is located in the vertical direction above
the rotor, and a pair of orifice feed holes is located 120 degrees in either direction from
the vertical position. Fig. 7 shows an unwrapped schematic view of the bearing
geometry.

The performance of the three-lobe bearings will be compared to the dynamic
performance of three-lobe pressure dam hybrid bearings and HyPad® tilting pad
hybrid bearings. Appendix C gives the geometries of the three-lobe pressure dam

hybrid bearings and the hybrid tilting pad hybrid bearings.
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Fig. 7 Unwrapped schematic view of three lube test bearing
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EXPERIMENTAL RESPONSE OF ROTOR SUPPORTED ON
THREE-LOBE BEARINGS

The static and dynamic response of the rotor supported on the three lobe
bearings characterizes the overall performance of the rotor/bearing system. The feed
pressure required to lift the rotor characterizes the static performance. Analysis of the
rotor coast down response to calibrated imbalance masses, for increasing supply
pressures, determines several performance characteristics. The imbalance response at
the critical speed gives an overall damping ratio using the bandwidth or Q factor
methods. Waterfall plots of the coastdown response may show the characteristic
vibration patterns identifying the presence of whirl (or whip) instability and indicate
threshold speeds of instability. The transient response at startup indicates rotor lifi-off

characteristics and speeds.

Static Performance: Feed Pressure for Rotor Lift Off

One of the great advantages of gas-lubricated bearings is significantly lowered
operating friction. This advantage is not recognized until a full lubricant film develops
between the rotor and the bearing(s). Therefore, the startup and touchdown stages of a
rotor supported on gas bearings are critical due to the great opportunity for wear,
and/or more extensive damage. caused by high friction (hard contact) before the film
develops between the rotor and the bearing. Ideally, the hybrid configuration provides
hydrostatic feed pressure at start and stop conditions, therefore ensuring the presence of
a gas film and preventing the rotor from contacting the bearings.

A certain feed pressure. counteracting the downward force due to the weight of
the rotor, lifts the totor off the bearing and allows a complete gas {ilm to be formed.
By observing the position of the shaft indicated by the oscilloscopes, upward motion of
the rotor from its static position indicates the feed pressure for rotor lift-off. Opemng

the supply pressure line to a pressure ratio” of 1.27 — 1.37 (& 0.07) lifts the rotor off the

* The supply pressure ratio is the ratio of the supply pressure 10 ambient pressure {both absolute values),
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bearing. Upward motion of the centerline position of the shaft and rotation of the shaft
from the supply pressure alone verifies that the rotor lifts due to the hydrostatic feed.
The shafl normally reaches a steady rotating speed (due to the supply pressure alone)
around 2000-4000 rpm, depending on the magnitude of the supply pressure. Table 2

summarizes the measured flow rate and [eed pressures for rotor lift-off”.

Table 2 Feed pressure for rotor lift-oft attributes

Attributes Left Bearing Right Bearing
Feed pressure ratio for rotor lifi-off 1.27 + 0.07 1.34 £ 0.07
Total mass flow rate at lift-off feed

1.10E-4 + 3.22E-5 1.42E-4 + 1.62E-3
pressure (kg/s)
Approximate mass flow rate per 1.83E-5 2.37E-5
orifice (kg/s)

Rotor/Bearing System Dynamic Performance

Coastdown Response to Calibrated Imbalance Masses for Various Supply

Pressures

The coastdown response to calibrated imbalance masses gives useful information
about the rotordynamic performance of the system. Such information includes the
critical speed (the speed at which the response to imbalance is the largest), the overall
rotor imbalance (the magnitude of response at high speeds), the overall damping
capability, and the threshold speed of instability (should the system become unstable).
Measured free-free mode shapes indicate that the rotor is “nearly” rigid over the enfire

operable speed range of the test rig’. The coastdown response for increasing feed

“Appendix D containg the measurcd mass flow rates (with and without the rotor installed) defining the
flow resistance through the feed orifices.
7 Refer to the section enfitled “Rotor Model: Free-Free Mode Natural Frequencies and Shapes™ for a

complete description of the measured free-free mode shapes,




pressures will also indicate the effects of hydrostatic feed pressure on the overall
performance, the damping ratios, and the critical and threshold speeds.

Both the ADRE and the LabView DAQ systems are capable of capturing the
displacement responses and bearing transmitted loads during the coastdown. The
procedure for running a coastdown test using either DAC) is given below.

Place the imbalance masses in the pre-determined location(s) [skip this step if
the experiment is a baseline recording the remnant imbalance of the rotor]
Insert the rotor into the test chamber and attach the chamber end plate(s)

- Verify proper connections, conditioning, and gains from eddy current sensors,

load cells, and keyphasor input to the data acquisition system

- Prepare the DAQ configuration [or data acquisition and start recording the

response

Turn on the supply pressure to the pre-determined value, and record the mass
flow rate to the bearing chambers

Turn motor controller power on and press the *go’ button

Verily proper functioning of the tachometer with an indicated reading of 10.4
krpm (the minimum speed of the motor controller) at the tachometer indicator
and in the DAQ

Manually increase the rotor speed at a slow rate until the eritical speed and
onset speed of instability have been passed or until vibration becomes too
excessive to continue increasing the speed

Turn power to motor controller off allowing the rotor to coast down

_ Stop data acquisition when coast down reaches ~4000 rpm or rotor reaches

steady state rotation due to the supply pressure

- Save data file

_ Record test. initial conditions, and comments on data sheet

_ Verify that the imbalance masses are still in place once the rotor has stopped

and the air supply is turned off [skip this step if test is a baseline]



Baseline Response

Fig. & and Fig. 9 display the amplitudes of the direct and the synchronous coast
down displacement responses (peak to peak) {rom the remnant imbalance of the rotor
(baseline response) for a supply pressure ratio equal to 5.08. Eddy current sensor
designations indicate: L11 = lefi horizontal sensor, LV=left vertical sensor, RH = right

horizontal sensor, RY = right vertical sensor.
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Fig. & Dircet displacement responscs from remnant imbalance of the rotor supported on

three lobe bearings for supply pressure ratio equal to 5.08

There are two main differences between the direct and synchronous responses.
The direct response indicates the overall response of the rotor supported on the test
bearings and is a complex signal consisting of various frequencies of vibration. With

the synchronous response, the frequency components corresponding to the operating



speed are kepl to give the response to the remnant imbalance of the rotor alone.
Therefore, the difference in magnitude of the direct and uncompensated synchronous
responses indicate that the response may also contain non-synchronous vibration
components, possibly caused by misalignment, excessive clearance, and rotor/bearing

rubbing.
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Fig. 9 Synchronous displacement responses from remnant imbalance of the rotor
supported on three lobe bearings for supply pressure ratio equal to 5,08, compensated for

slow roll at 4100 rpm

The second main difference is the option of slow roll compensation applied to
the synchronous response. The response vector at low speed (or the slow roll vector) is
essentially due to imperfections on the surface that the sensor is monitoring, also

known as shaft tun out, and remnant magnetism in the shaft. Applying slow roll



compensation consists of identifying the slow roll vector at low speeds (where the
response vector is nearly constant), and then subtracting the slow roll vector from all
ather vector samples in the set, effectively forcing the response to zero at low speeds.
The synchronous response in Fig. 9 is compensated for slow roll at 4100 rpm. Table 3

summarizes the speeds of the slow roll vectors for all coastdown response experiments.

Tahle 3 Speed (rpm) of slow roll compensation vectors

[ Pressure Renmnant {1 U2
Ratio Imbalance Imbalance Imbalance
2.36 5700 6000 6000
3.72 4500 5000 5000
5.08 4100 i 4100 5000

The direct and synchronous coastdown responses shown in Fig. 8 and Fig. 9
reveal several other general performance characteristics. It is evident that the right end
of the rotor exhibits larger remnant imbalance than the left end of the rotor due to
larger vibration levels through the critical speed. Viewing the inversion in vibration
amplitudes at the left eddy current sensors near the critical speed, the remnant
imbalance apparently excites a combination of the conical and cylindrical modes of
vibration®. From the response at the right sensors, there is more damping in the
horizontal direction than in the vertical direction indicated by the smaller and broader
peak (or bandwidth) at the critical speed. Note that the compensated synchronous
maximum vibration amplitude (peak to peak) at the right verfical sensor. 90 pm,
exceeds the measured minimum diametral bearing clearance (Cp), 88 pm. This
indicates that either the rotor is rubbing the bearings while traversing the critical speed,

or the clearance measurements are actually too conservative.

¥ Appendix E addresses the critical speed response inversion in more detail.
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Fig. 10 Waterfall plot of coastdown response at the right vertical eddy current sensor to
remnant imbalance of rotor supported on three lobe bearings for supply pressure ratio

equal to 5.08

Fig. 10 shows a waterfall plot for the baseline response in Fig. 9. A waterfall
plot consists of the spectral lines of vibration versus speed, giving a three dimensional
chart of the coastdown response, The figure confirms that the rotor is not rubbing,
since no 0.5X subsynchronous vibration components, no sideband frequencies, and
only low levels of 2X supersynchronous vibration component occur through the critical
speed (these are frequency components indicative of rotor/bearing rub). In fact, no
subsynchronous vibration appears, indicating that the system is stable (free from
subsynchronous whirl), and that mamnly shaft rtunout and small levels of
supersynchronous frequency components contribute to the differences between the
direct and the synchronous responses.

Fig. 11 shows the coastdown response to the remnant imbalance of the rotor for

increasing supply pressure ratios. The figure shows the influence of the supply
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pressure in the several ways. First, larger supply pressure provides more stiffness as
indicated by an increase in the critical speed (from 15,750 rpm to 23,500 rpm for feed
pressure ratios equal to 2.36 to 508, respectively). Secondly, the damping ratio
decreases as supply pressure increases since the magnitude of response at the critical
speed is lower for lower supply pressure ratios. As the damping ratio decreases, a
smaller and broader peak response becomes larger and narrower. Lastly, the responses
show similar values of remnant imbalance (the peak to peak response at 39,000 rpm is
approximately 9.4 um) for all supply pressures, since the supply pressure cannot
physically change the remnant imbalance of the rotor, The response begins to increase
at larger speeds (upwards of 60,000 rpm) as the system approaches the second eritical

speed (which should occur around 115,000 rpm).
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Fig. 11 Synchronous displacement remnant imbalance response of the rotor supported on
three lobe bearings. Measurcments at the right vertical eddy current sensor for

increasing supply pressure ratios (with slow roll compensation according to Table 3).
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Fig. 12 shows influences of the supply pressure on the bearing transmitted

loads. The figure displays the coastdown transmitted bearing forces recorded by the
The

transducer lpcated 120 degrees clockwise from vertical at the right bearing,

location and magnitude of the peak fo peak responses indicate an increase in stiffness

and a decrease in damping ratio (similar results as with the displacement response).

Although not shown here, the bearing transmitted forces are of similar magnitude (for a

given supply pressure) at all three load transducers. Values of transmitted forces are as

large as 34 N (peak-to-peak) at the critical speeds, and nominally 4.3 N (peak-to-peak)

at higher speeds.
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Fig. 12 Foree response from remnant imbalance of rotor supported on three lobe

bearings. Measurements with load transducer at 120 degree clockwise (from vertical)

load transducer for increasing supply pressure ratios. Insert shows location of load cells.

For increasing feed pressures, Table 4 gives the peak-to-peak amplitudes of

synchronous displacement at the critical speed and with reference to the amplitudes for
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supply pressure ratio equal to 5.08. and with reference to the nominal clearance.
Comparing the response at the left vertical sensor to the response at the right vertical
sensor shows a 1:2 relationship of amplitudes at each supply pressure. This large
variance between the responses at the left and right bearings is presumably due to
inherent imbalance in the rotor. The amplitudes of vibration at both sensors increase
for increasing supply pressures and are not larger than the nominal clearance at the left
bearings for any feed pressure.

Table 4 Remnant imbalance response amplitude ratios determined from the synchronous

coastdown response of rotor supported on three lobe bearings (nominal diametral

clearance = 132 pm)

Sensor Supply Critical Peak to Peak Ratio of  Ratioof
Location | Pressure Speed Amplitude at Amplitudes = | Amplitudes =
| Ratio (rpm) Critical Speed | Ampat PR/ | Amp/Nominal
() Amp at PR 5.08 Clearance
Left 5.08 254,50 0042 1,000 0318
Vertical 3.72 21,500 0.041 0.976 0.311
2.36 16,400 0.030 0.714 0.227
Right 5.08 23,500 0.090 1.000 0.682
Vertical 3.72 20,900 0.085 0.940 0.644
236 15,750 0.063 0.700 0477

ITmbalance Response

Equation [1] determines the imbalance displacement (1), where (m) is the
calibrated imbalance mass, (R7) is the radial location at which the imbalance mass is
placed, and (M) is the rotor mass per bearing. For this testing series, m = 0.088 g or

0.066 g (£ 0.002 g), R’ = 12 mm (= 0.05 mm), and M = 413.5 g (* 0.5 g). The

" The “Free-Free Mode Natural Frequencies and Shapes” scction addresses this inherent imbalance m

further detal.
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imbalance mass can also be placed in several different imbalance holes which are
labeled according to the scheme shown in Fig. 13, The hole numbers correspond to the
same axial line at both rotor ends. The test imbalance masses are placed in hole 2 for
all coastdown experiments since this hole is available at both ends (some holes contain
prior balancing masses). This imbalance mass setup excites the cylindrical mode of
vibration rather than the ¢onical mode.

mAR

It

[1]

CM4m

Fig, 13 Right end view of test rotor showing numbered imbalance holes

Table 5 gives the imbalance mass setup for coast down experiments. Note that
imbalance U7 is larger than imbalance U2, and are both larger than the remnant
imbalance of the rotor. Therefore, if the system responds linearly one expects the
response due to imbalance U] to be larger than the response due to imbalance U2, and

both responses to be larger than the remnant imbalance response.

Table 5 Tmbalance setup for imbhalance response testing of rotor supported on three lobe bearings

Imbalance Imbalance Displacement (u)
NMName Left End Right End Tnihalance Mass Muode Excited
Remnant None MNone None MNone
i n=257um | u=2.57 um 0088 e+0.002 ¢ Cylindrical
4 0.08 + 0.08
L2 =193 pm | w=1.93 um 0.066 g+ 0.002 g Cylindrical
= (.08 + (.08




As shown in Fig. 14, the displacement amplitudes with imbalance UJ are in fact
larger than the displacement amplitudes with imbalance (2, but the response to
imbalance {2 is actually smaller than the remnant imbalance response. The imbalance
mass {72 configuration provides additional balancing to the remnant imbalance of the
rotor, while the imbalance mass configuration [// is large enough to start unbalancing

the rotor.

—— Bemnant
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002 —
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Fig. 14 Imbalance displacement responses at the right vertical eddy current sensor with

rotor supported on three lobe bearings for supply pressure ratio equal to 5.08 (with slow

roll compensation)

Even though vibration levels while traversing the critical speed with imbalance
[/] are larger than the nominal clearance, Fig. 15 shows no evidence of rotor/bearing
rub indicating clearance measurements are even more conservative than discussed with

the remnant imbalance response.
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Fig. 15 Waterfall plot of U/ coastdown response for rotor supported on three lobe

bearings at pressure ratio equal to 5.08

Interestingly, Fig. 16 shows larger magnitudes of bearing transmitted forees for
both imbalance configurations than for the remnant imbalance response. Transmitted
forces at the critical speed are as large as 62 N peak-to-peak (peak amplitudes for (/]
are roughly two times the amplitudes for /2) and 4.8 to 7.8 N peak-to-peak at high

speeds.
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Fig. 16 Transmitted forces due to imbalance U/ and U2 responses of rotor supported on
three lobe bearings at load transducer 120 degrees clockwise with supply pressure ratio

equal to 5.08

Damping Ratios

The bandwidth and Q factor methods allow estimation of the viscous damping
ratio (&), a measure of modal damping, by using the response peak at the eritical speed
(or bandwidth) from the coastdown synchronous response. For each method,
Equations [2] and [3] show the formulae applied along with the variables of interest.
Fig. 17 defines the notation used in both methods. Tt should be noted that these
methods are only valid for systems with relatively small damping, since the natural
{requency (N,), is equal to the critical speed only for systems with hittle damping (less
than 10} percent).

Ny + N, [2]
for E=0

F
-
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Fig. 17 Notation for estimating the viscous damping ratio using the bandwidth or Q factor

methods

Table 6 summarizes the damping ratios determined from the synchronous
(remnant imbalance and calibrated imbalance) responses at all sensor locations using
the bandwidth and the Q factor methods for supply pressure ratios equal to 5.08, 3.72,
and 2.36'".

" Appendix F lists all amplitudes of displacement and speeds for the damping ratio estimation.
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Table 6 Damping ratios determined from the experimental synchronous coastdown of the

rotor supported on three lobe bearings''

Sensor Imbalance | Supply Critical Damping Ratio | Damping Ratio
Condition Pressure Speed (rpm) (Bandwidth () factor
Ratio Method) Method)
5.08 23,500 0.094 0.095
Bemnant 2.9 20,900 0.093 0.003
RV 2.36 15,750 0.124 0.126
Ul 5.08 22,790 Luve 0.077
U2 5.08 22,240 0.056 0.056
5,08 24,950 0.075 0.073
Remnant ¥, 1T 20,400 (.094 (.098
RH 2.36 15,350 0.086 0.088
i 5.08 22,540 0.079 0.081
U2 5,08 22,390 0.060 0.059
5.08 25,490 (.077 0,077
LV Remnant 3.2 21,500 0.071 0.072
2.36 16.340 0.113 0.121
Remnant 236 16,100 0.075 0.077
LH U1 5.08 22,490 0.144 0,151
U2 5.08 22,050 0.192 0.206

There is good agreement between the two methods, but damping ratio values

approach and, at pressure ratio equal to 2.36, exceed the criterion that the damping

should be less than 10 percent. Although Fig. 18 shows no definite paftern linking

'l Note that the responses at pressure ratios equal to 5.08 and 3.72 at the left vertical sensor and the

imbalance responses at the left horizontal sensor are not included. Responses for these conditions are

discussed in Appendix E,
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damping ratio with supply pressure, damping ratios appear to decrease with increasing

supply pressure.
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Fig. 18 Damping ratios for increasing supply pressure at three eddy current sensor

locations

Threshold Speeds of Instability

The LabView DAQ records waterfall plots of the coast down response for
determining threshold speeds of instability, Table 7 details the setup configuration
used with the Waterfall.VI [42]. The instrument collects spectral data every 2000 rpm.
The LabView DAQ allows data collection for eight channels at a time while observing
one charmel on the acquisition interface. A MathCAD program [43], processing the
output data files allows further analysis of the onset of instability, whirl frequency
ratios, and response amplitudes. While the ADRE DAQ also generales waterfall plots,

the DAQ speed limit of 60,000 rpm sometimes limits the capability of capturing the



threshold speed at higher supply pressures. often making the WaterfalLVI a more

viable acquisifion system.

Table 7 LabView Waterfall. VI DACQ configuration

__Pm'amerffr  Value
Trigger Level 3.3 Volts
Trigger Type Software

Analog
Sample Size 1024
Sampling Frequency | 12,000 Hz
Start rpm 67,000 rpm
Rpm Step 2000 rpm
End rpm 2000 rpm
Window None (uniform)
Spectrum Type ‘' Vims
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Fig. 19 Waterfall plot of rotor response lo remnant imbalance at right vertical eddy

current sensor with pressure ratio equal to 3.72

Fig. 19 shows an example of the threshold speed captured with the waterfall

plot collected by the ADRE DAQ (rotor coastdown response to the remnant imbalance
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for supply pressure ratio equal to 3.42). The rotor traverses the critical speed and
continues in a stable condition until reaching the threshold speed of instability where a
subsynchronous frequency just below the natural frequency (critical speed) becomes
exciled sending the rotor into whirl instability. For this example, the ratio of the whirl
frequency (330 Hz) to the threshold speed (890 Hz), known as the whirl frequency
ratio (WFR) is 0.37. The whirl frequency increases (although not seen in the plot) until
reaching the natural frequency (348 Hz), incurring whip instability where the whirl
frequency remains locked at the natural frequency value as the operating speed
continues to increase. Once unstable, rotor vibration levels often become violently
larpe making operation above the threshold speed of instability quite dangerous.
Therefore, the threshold speed is a good measure of system performance, i.e. designers
usually want to operate to the highest speed possible while maintaining safe vibration
levels, The three lobe bearings operate free from any other subsynchronous vibration,
until reaching the threshold speed of instability, for all supply pressure ratios.

As mentioned earlier, the hydrostatic feed tends to stiffen the rotor/bearing
system and increases the critical speed for increasing supply pressures. Likewisc, the
threshold speeds of instability also increase with increasing supply pressures. Fig. 20
clearly shows a linear relationship, rendering much higher threshold speeds at higher
feed pressures. It is important to note that the threshold speeds in Fig. 20 are obtained
as the rotor is run up in speed, as opposed to coast down. Threshold speeds bringing
the rotor to stable performance, as determined from a coastdown, tend to be slightly

lower due to the very low damping of the system.
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Fig. 20 Threshold speeds of instability and natural frequencies determined on speed run

up for rotor supported by three lobe bearings

Fig. 21 indicates that the whirl frequency ratio decreases with increasing supply
pressure and shows that the purely hydrodynamic configuration (supply pressure ratio
1.0) should exhibit a WFR of 0.49, which is nearly the characteristic half-whirl
associated with oil-lubricated bearings'?. Threshold speeds were not attained for
supply pressure ratios below 1.82 due to rotor bearing rub at low supply pressures.
Fig. 20 and Fig. 21 demonstrate another major advantage of hybrid gas-lubricated
bearings: hydrostatic feed (with a pressure ratio equal to 5.08) increases the threshold
by a factor of eight over the purely hydrodynamic case before whirl instability sets m.
Threshold frequencies are four times the natural frequency, rather than two times for

the hydrodynamic case.

2 Appendix G lists the threshold frequency, whirl frequency. and whirl frequency ratio values.
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Fig. 21 Whirl frequency ratio determined on speed run up for rotor supported by three

lohe bearings

Transient Response

Sinee the start up behavior is crucial to the reliable and sustammed performance
of gas-lubricated bearings, where contact friction can cause damaging wear, the
transient response gives useful information about start up speeds, time until the rotor
fully lifts-olf from the bearing, and lift-off characteristics. The (ransient response
determines the minimum feed pressure for operation and the effect of feed pressure on
such performance characteristics ",

An existing LabView virtual instrument [44] was modified to capture the
transient response at rotor start up. The instrument triggers when the *Go’ button on

the motor controller is depressed and records approximately four seconds of data at all

' All results presented in this section are with respect to the uncoated rotor. Refer to the “Surface

Condition and Low-Friction Coating” section for lift-off results with the coated rotor.



four eddy current sensors and at the load cell transducers located 120 degrees from
vertical al the left and right bearings (total of six data signals). The procedure for
recording a transient response 15 as follows:

- With the rotor installed in the test bearings, turn the supply pressure to the
predetermined test value.

- Allow the system to reach steady state (rotor may rotate due to the supply
pressure).

- Prepare DAQ setup to record the baseline response.

- Turn the motor controller power on. This forces the motor to a stationary
position presumably at the center of the motor armature. Furthermore, the
center of the motor armature 15 not necessarily the center of the bearing(s) due
to any mih*ulignmcni}”.

- Record and save the baseline response.

- Prepare the DAQ setup to record the transient response.

- Start data acquisition: press the *Go’ button to initialize the motor to rotate
(from 0 rpm to the motor controller minimum speed of 10,400 rpm).

- Save the transient response and stop the data acquisition.

- Allow the rotor to coast down by tuming power to the motor controller off.

" The action of centering the rotor within the motor armature effectually distinguishes the
alorementioned feed pressure for rotor ‘lift-off” from the lifi-off supply pressure in the following

discussion.
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Fig. 22 Transient time responsc (displacements and transmitted load) of uncoated rotor

supported on three lobe bearings with pressure ratio equal to 5.08

Fig. 22 displays the transient response from the three sensors at the right
bearing with a supply pressure ratio equal to 5.08. A considerable delay occurs from
the start of the data acquisition to when the rotor actually begins to roll or rotate
(approximately 1.0 seconds in Fig. 22). Vibration levels at the horizontal and vertical
sensors are of nearly equal magnitude. In the force response, an initial spike occurs as
the rotor first begins to rotate, the response drops (for about (.4 seconds) while

displacement vibration levels are very small, and then begins to pick up the same



pattern as the displacement as the rotor speed increases. The force response becomes
significantly smaller towards the end of the transient sample as the rotor reaches the
minimum speed of the motor controller (displacement vibration levels also become
more constant as this speed is reached).

During a transient test, the rotor begins from a semi-rigid contact, i.e. the motor
holds the rotor stationary and is therefore sometimes resting on the bearings. As the
rotor increases in speed, the rotor transitions to a floating position when the rotor lifis
off the bearings by the supporting gas film. At this point, the rotor/bearing system is
considered flexible with some amount of stiffness and damping, and therefore develops
a natural frequency vibration component. Rotor liftoff occurs when the locked 340 Hz
(to 350 Hz) frequency component appears. Fig. 23 displays a contour plot of the
transient response in waterfall format, i.e. the horizontal axis displays frequency while
the vertical axis shows the sample spectral lines at increasing time. Three spectral lines
are displayed to the left of the contour plot at spectral lines 20 (1.3 seconds), 33 (2.2
seconds), and 60 (4.0 seconds). The contour plot assigns an amplitude threshold so
that high levels of vibration appear as green-red, medium levels of vibration appear as

blue, and low levels of vibration appear as purple:
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Fig. 23 Waterfall contour plot of displacement transient time response of uncoated rotor
with pressure ratio equal to 3,72, At sample 60: 1X = 168 Hz, 2X = 332 Hz, and natural

frequency of the rotor/lilm system= 351.6 Hz.

Three separate regions are observed in the waterfall (contour) plot shown in
Fig. 23. Within the regions, the synchronous vibration component and the natural
frequency of the rotor/gas bearing system are observed as separate bright-green lines
(indicating high vibration levels). Region 1 occurs when the rotor is in semi-rigid
contact with the bearings and transitioning to rotation (approximately samples 16-30).
Within this region. the rotor is rolling to lift-off from the bearing. The system natural
frequency line begins to develop. Region 2 begins when the rotor has lifted and the
system natural frequency (352 Hz) is observed (approximately samples 33-48). lhe
rotor continues to increase in speed during region 2 and the (constant) natural

frequency exists. Region 3 mainly shows the synchronous imbalance response and

'* Refer 1o the “Surface Condition” section for responses with the PTFE coated rotor.
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small levels of 2X synchronous speed where the rotor is still slightly increasing in
speed, In this region, the vibration with constant natural frequency exists but overall
vibration levels are smaller.

Observing the synchronous vibration component of the spectral line at which
the rotor/gas film natural frequency fully develops determines the lift-off speed.
Similarly, the time elapsed from the start of the sample set to the identified spectral line
gives the lifi-off time. Table 8 details the lifi-off speed and time for increasing supply
pressures. The lift-off speed increases with increasing supply pressure, but then
decreases slightly for supply pressure ratio equal to 5.08. Aside from supply pressure
ratio equal to 2.09, lifi-off time also increases with increasing pressure. The feed
pressure inflicts a certain amount of viscous drag at start up so that for higher supply

pressures a higher lift-off speed with a longer startup results.

Table 8 Lift off characteristics with (uncoated) rotor supported on three lobe bearings

__,.‘Ep;_{rf’;essz:re_f;i&}}a_ Lift-off Speed (rpm) | Lifi-off Time (sec)
2322 1170 1.536
P 2.36 2109 1.470
3.72 2578 1.536
. 508 2344 1.664

Gradually decreasing the starting supply pressure supporting the rotor, until the
rotor is unable to rotate during the transient, determines the minimum feed pressure for
operation. The lubricant film must overcome several other factors when considering
startup at low supply pressures, The three-phase bi-polar configuration of the motor
raises questions about how constantly the start-up torque is delivered. And if not
delivered in a constant manner, the Totor may move considerable distances within the
bearing due to the magnetic pull of the electric motor. This magnetic pull, with the
help of gravity, can cause the rotor to be caught between the magnetic poles of the
motor, thereby grabbing the rotor in a stationary position. A fragile balance between

these factors and the feed pressure is overcome at supply pressure ratio equal to 2.09



and 4.31E-4 kg/s total mass flow rate (20.0 L/min). For supply pressures (or mass flow

rates) lower than this, the rotor becomes stuck during run up or does not rotate at all.

Closure for Experimental Response of Rotor Supported on Three Lobe
Bearings

The experimental coastdown response of the rotor supported on hybrid three
lobe bearings gives valuable information about the bearings’ static performance and
dynamie stability characteristics.

Low feed pressure ratios are needed to statically lift the rotor oif from the
support bearings. Feed pressures ratios for rotor lift-off are between 1.27 and 1.37,
ensuring a hvdrostatic gas film. Critical speeds (natural frequencies) are determined
from clearly defined peak responses at the right bearing. A peak response inversion at
the left bearing (presumably due to the definition of the slow roll vector and/or the
combined excitation of the conical and cylindrical modes) makes defining critical
speeds and damping ratios difficult. Vibration levels and natural frequencies increase
for increasing pressure ratios. Vibration levels appear to exceed minimum clearances,
but waterfall plots evidence no bearing rubbing. Measured bearing transmitted forces
(peak to peak) are approximately 34 N at the critical speed at high pressure ratios, and
reduce to approximately 4 N at high speeds (upwards of 40,000 rpm).

The rotor response to two levels of calibrated imbalance masses show mixed
results.  The smaller imbalance mass provides additional balancing to the remnant
imbalance of the rotor, while the larger imbalance mass leads to increased vibration
amplitudes. Bearing transmitted forces are nearly doubled with the larger imbalance
mass at high pressure ratios (equal to 5.08).

Damping ratios are estimated using the bandwidth and Q factor methods from
the synchronous coastdown responses for increasing pressure ratios. The responses 10
remnant imbalance give values ranging {rom 12.6% to 7.2% depending on supply

pressure, and appear to decrease with increasing supply pressure.
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A linear relationship exists between threshold speed of instability and pressure
ratio.  Whirl frequency ratios decrease with increasing pressure ratio (WFR equal to
0.25 al pressure ratio equal to 5.08). The projected trendline shows whirl frequency
ratio equal to (1.49 for the purely hydrodynamic film (pressure ratio equal to 1.0).

From the transient response, lift-off speeds and times are determined at the
development of the rotor/bearing natural (fixed) frequency vibration component.
Speeds when the rotor transitions from rolling up the bearing side to a gas film
condition range from 1170 rpm to 2578 rpm depending on supply pressure. Lift-off
times range from 1.470 seconds to 1.664 seconds. The minimum feed pressure needed
to support the rotor for lift-off (rotation) corresponds to a pressure ratio equal to 2.22
(total mass flow rate equal 1o 4.31E-4 ke/s).

Owerall, the three lobe bearings offer a simple design, considering cost and
manufacturability, with repeatable performance. While the rotor supported on the three
lobe bearings does eventually experience rotordynamic instability, the rotor is capable
of much higher speeds than if supported on purely hydrodynamic gas bearings. An
increase in supply pressure ratio allows for even higher speed stable operation, albeit

with less damping ratio while crossing a critical speed region.
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ROTORDYNAMIC ANALYSIS OF TEST ROTOR SUPPORTED
ON THREE LOBE GAS BEARINGS

The rotordynamic analysis consists of modeling the test rotor with XLTRC®
Analytical Software Suite [45], modeling the test bearings using a finite element
program for solving the ideal gas Reynolds equation detailed by San Andres [20], and
performing a linear stability rotordynamic analysis to assess the stability performance
characteristics of the rotor/bearing system. The finite element model of the ideal gas
Reynolds equation determines the pressure profile and mass flow of the lubricant film,
which is then used to define bearing force coefficients as a function of frequency ratio
(the ratio of the excitation frequency to the operating speed). The stability analysis
includes examination of the damped natural frequencies, stability map, threshold
speeds, whirl frequency ratio at the instability threshold, and vibration modes. A
synchronous rotor response prediction to imbalance shows the ability of the rotor to
traverse critical speeds. Comparisons are made between predicted and experimental

TESPONSES,

Predicted Bearing Performance

The inertialess and isoviscous flow within the lubricant film is described by the
ideal gas Reynolds equation combining components due to shear and external
pressurization. The flow due to the external pressurization is defined by the ratio of
gas film and supply (or applied) pressure, as well as the geometry of the orifice. The
pressure drop from the feed orifice to ambient conditions at the bearing edge occurs at
the curtain area (x d C), as shown in Fig. 24. The feed orifice geometry (also shown in
Fig. 24) identifies an inherent type restriction occurring at the curtain area to prevent

the flow versus pressure time lag associated with pneumatic hammer instability.
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Fig. 24 Geometry of feed orifice in gas bearing

For dynamic analysis of the gas bearing film. the journal is assumed to execute
small amplitude motions with frequency (w) about an equilibrium position, determined
by the improved static load. Corresponding perturbations of the film thickness and
film pressure follow about the equilibrium position. Applying these perturbations to
the ideal gas Reynolds equation defines the equilibrium and perturbed pressure fields
within the lubricant film. The pressure fields determine the fluid film reaction forces in
terms of impedance coefficients, which can be expressed as the stiffness and damping
force coefficients. Note that the compressibility of the thin fluid film imposes a
frequency dependence on the bearing force coeflicients.

A model developed by Faria [17] and further described by San Andrés and Wilde [20],
is based on finite elements and utilizes high order shape functions to prevent numerical
instability at high bearing speed numbers'®, Table 9 details the bearing geometry while

Table 10 details the physical operating conditions of the rotor/bearing systen.

' For the rotor supporied on three lobe bearings, bearing speed numbers range from 4,86 to 48.6 in the

, . . ks 6uQ(RY
speed region 10 krpm to 100 krpm. The bearing speed number is defined as: A= oyl

o




Table % Geometry for analysis of gas bearing performance

Physical Properties Value
Bearing Material | Aluminum
Bearing Diameter (mm) 29.5
Axial Bearing Length (mm) 30.0
Number of Lobes in Bearing Circumference 3
Lobe Length (degrees) — 120
Nominal Clearance (um) 66
Dimensionless Preload® 0.346
Lobe Offsel 0.5
Feed Orifice Diameter (mm) 1.0
MNumber of Feed Orifices (sources) 3
Number of Nodes (6, Z] 91,11
Location of Source 1 [0, 7] [16, 3]
Location of Source 2 [6, Z] [46, 3]
Location of Source 3 [9, £] [76, 3]

*Appendix B gives the defimition for caleulating preload.

Tahle 10 Operating conditions for analysis of gas bearing performance

[ Operating Condition Value
Ambient Pressure 1.01E5
Temperature (K) 299.8
Viscosity (Pa-sec) 1.87E-5
Density at Ambient Pressure (kg/m’) 1.224

The test rotor weighs 0.827 kg, so a static load equal to half the weight of the
rotor is applied in the X direction to the bearing (F; equal to 4.056 N, F, equal to 0).
Since bearing performance predictions are highly dependent on the curtain arca
pressure (as function of feed orifice diameter), an empirical adjustment is made to the
source supply pressure accounting for the flow resistance through the feed orifice to
determine the actual pressure (P,) at the entrance of the feed orifice. The mass flow

rate at the desired test supply pressure (determined from the curve of mass flow rate
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versus supply pressure with the rotor installed in the bearings'’) is matched to the mass
flow rate on the curve without the rotor installed in the bearings. The corresponding
pressure at the newly 1dentificd mass {low rate becomes the ‘adjusted’ supply pressure.

Referring to the nomenclature presented in Fig. 7, the model uses 91
circumferential nodes and 11 axial nodes to analyze half the bearing geometry (since
the bearing is axially symmetric about the circumferential axis). The feed orifices are
located at the nodes representing the appropriate physical location. The equilibrium
and perturbed pressure [ields are numerically iterated until a convergence tolerance
limit of 107 is satisfied (with a maximum of 599 iterations). The program predicts the
static and dynamic bearing force coeflicients for a range of feed supply pressures and
operating speeds.

Overall, the predictions show increasing orifice pressures and mass flow rates
for increasing supply pressures. Force coeflicients show a strong dependency on
excitation frequency, although the dependence is most significant at frequency ratios
larger than 1.0 (above the range of interest with respect to whirl frequency ratios
experienced when the rotor/bearing system becomes unstable). Individual operating

parameters, such as journal eccentricity and altitude angle, are examined below.

Journal Eccentricity and Altitude Angle

Fig. 25 displays the predicted journal eccentricity at low rotor specds
(effectively equal to zero rpm) as a function of nominal clearance'®, The rotor actually
rests at bottomn of the bearings (eccentricity cqual to the clearance) until hydrostatic
feed is applied to lift and support the rotor on a gas film. As the hydrostatic feed is
increased. the rotor approaches the centered position (zero eccentricity). X-direction

eccentricity (direction of applied static load) is as large as 42 percent of the nominal

" Appendix D gives the curves of measured mass flow rates versus measured supply pressures, with and
without the roter installed,

'¥ Due to the preload of the lobes, the minimum radial flm thickness is 44 pm.
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clearance for small pressure ratios (approximately equal to 1.34) and decreases to less
than 5 percent for supply pressure ratios equal to 508, Predictions for the film

pressure field in do not easily converge for pressure ratios equal to 1.27 and helow'®,
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Fig. 25 Predicted statie journal eccentricity as a percent of nominal clearance

Fig. 26 shows the predicted low-speed (effectively zero rpm) journal
eccentricity in the X and ¥ directions (shown with respect to the nominal clearance) for
increasing pressure ratios, indicating increasing rotor lift due to the hydrostatic feed

and initial operation at the nearly centered position for higher supply pressures.

" Feed pressure for rotor lift off'is previously identified as pressure ratios equal to 1.27-1.34.
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The journal eccentricity, (e), and attitude angle, (@), give useful information
about the stability of the sysiem. The attitude angle is defined as the angle between the
direction of static load and the eccentricity vector. Iig. 27 depicts the predicted journal
attitude angle for increasing supply pressure ratios. The attitude angle approaches 90
degrees at lower supply pressures, favoring hydrodynamic instability. At higher supply
pressures, the attitude angle increases at a much slower rate, and therefore favors

rotor/bearing stability.
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Fig. 28 shows the predicted journal eccentricity in the X direction [or increasing
supply pressure, with values decreasing towards the centered position for increasing
speed, Journal eccentricity is nearly constant at higher supply pressure tatios (equal to
3.72 and above). The predicted rotor eccentricity matches the test response well. For
example, the experimental response (taken from journal centerline plots) indicates the
rotor operates at an eccentricity on the order of 5.0 um to 2.5 pm depending on supply
pressure and speed. Considering the nominal clearance of 66 pum, the eccentricity
ranges from 5.28 pm atl pressure ratio equal to 2.36 and low rotor speed to 2.64 pm at
pressure ratio equal to 5.08 and high rotor speed.

Fig. 29 shows the predicted journal eccentricity and attitude angle for speeds up
to 100,000 rpm. Note that journal eccentricities are much smaller (by a factor of 4-10
depending on supply pressure) than the minimum film thickness (44 pm). A reference
to the rotor/bearing clearance is not included in Fig. 29 since eccentricity values are so
small. The locus plot indicates that the lightly loaded, high-speed rotor approaches the
centered position where the journal eccentricity vector is nearly orthogonal to the load

vector. This is a situation that promotes rotordynamic instability.
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Predicted Bearing Force Coeflicients

Fig. 30 through Fig. 37 give the predicted stiffness and damping (direct and
cross-coupled) foree coefficients as a function of frequency ratio (ratio of excitation
frequency to journal operating frequency) at pressure ratio equal to 5.08 and three rotor
speeds™. The figures indicate that the bearing force coefficients are not largely
frequency dependent within the subsynchronous region (the frequency ratio region
where the rotor/bearing system is expected to become unstable). At higher speeds the
coefficients become more dependent on frequency, but this region is above the

frequency ratio range causing instability in the bearings, For reference, Appendix H

M Low rotor speed is equal to 20,000 rpm, medium rotor speed equal to 40,000 rpm, and high rotor

speed equal to 100,000 rpm.
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contains a tabular list of the dimensional force coefficients at a pressure ratio equal to
5.08.

As shown in Fig. 30 and Fig. 31, the predicted direct stiffness force coefficients
increase with increasing speed and increasing frequency ratio (FR). Values of K.
approximately equal the values of K, for the entire frequency ratio range. The
frequency dependence becomes apparent for frequency ratios ranging from 1.0-100),
with values being nearly constant below FR equal to 1.0 (approximately 1.75E6 N/m).
Magnitudes of direct stiffness force coefficients approach 4.3 MN/m at a FR equal to

100,
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Fig. 30 Predicted three lIobe bearing direct stiffness force coefficients (Kxx) at pressure

ratio equal to 5.08 and three rotor speeds
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pressure ratio equal to 5.08 and three rotor speeds
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The values of predicted cross-coupled stiffness force coefficients, shown in Fig.

32 and Fig. 33, are necarly constant at low frequency ratios for the low and medium

speeds (magnitudes increasing with speed).

At high rotor speed, the magnitudes

decrease between FR equal to 1.0 and 10. Values of Ky approximately equal the

values of —K,, for the entire FR range. A significant decrease in magnitude occurs for

FR ramping from 1.0-10, with the magnitudes decreasing more quickly for higher rotor

speeds. Cross-coupled stiffness coefficients approach null values at FR equal to 100

for all rotor speeds. Large values of subsynchronous cross-coupled stiffness force

coefficients encourage hydrodynamic instability.
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Fig. 33 Predicted three lobe bearing cross-coupled stiffness force coefficients (Ayx) at

supply pressure ratio cqual to 5.08 and three rotor speeds

Fig. 34 and Fig. 35 show magnitudes of predicted direct damping force

coefficients, where values of ., approximately equal the values of C,.

Direct

damping at low and mid rotor speeds is nearly constant (around 20 Ns/m) for

frequency ratios below 1.0, while the direct damping at high rotor speed decreases
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slightly through the frequency range (from approximately 80 Ns/m to approximately 70
Ns/m). Magnitudes drop considerably in the range of FRs between 1.0 to 10, going to
zero at FR equal to 100, Large values of direct damping force coefficienis promote

stahle behavior.
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Fig. 34 Predicted three lobe bearing direct damping foree coelficients (Chxx) at pressure

ratio equal to 5.08 and three rotor speeds
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Predicted cross-coupled damping force coefficients are given in Fig. 36 and
Fig. 37 where magnitudes of C,, approximately equal the values of -C,,. Magnitudes
increase with journal speed at low frequency ratios and reman nearly constant at low
and medium rotor speeds. Values at large rotor speeds decrease at a faster rate for FRs

between 1.0 and 10, with null magmitudes at FR equal to 100.
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Fiz. 37 Predicted three lobe bearing cross-coupled damping force coefficients (Cyx) at

supply pressure ratio equal to 5.08 and three rotor speeds

For pressure ratio equal to 3.08, experimental results show the system becomes
unstable around 80 krpm, which is explained by observing changes in the predicted
force coefficients between 40 krpm and 100 krpm. The direct stiffness and cross-
coupled damping increase, while the direct damping and cross-coupled stiffness

- . ; . 2
decrease. For larger rotor speeds, the equivalent system stiffness™ increases and the

* Equivalent system stiffness is defined as: K, =K, +C,o and K, =K, +C 0. Equivalent

system damping is defined as: C,,, = C, + K, fo and Cyii ™ C,y +K . far.



equivalent system damping decreases, possibly leading to hydrodynamic whirl
instability. Values of cross-coupled stiffness and damping components are of nearly

equal magnitude having opposite sign, a telltale feature of destabilizing svstems.

Predicted Rotor/Bearing System Performance

Modeling the rotor/bearing system using XLTRC® Software Suite predicts the
response to imbalance, natural frequencies, and damping ratios, allowing further
analysis of the response performance and stability characteristics (namely threshold
speeds of instability and whirl frequency ratios). A rotor model, made up of elasto-
massic stations, describes the test rotor. The bearings are applied at the bearing
support locations by linking the synchronous (frequency ratio equal to 1.0) gas bearing

force coefficients corresponding to a specific supply pressure.

Rotor Model: Free-free Mode Natural Frequencies and Shapes

Fig. 38 shows the multiple station model of the rotor. Physically, the motor 1s
press-fit onto the inner shaft first, and then the outer sleeves are press-fit onto the ends
of the shaft. In the journal model, a bi-laver single shaft represents the rotor where
vertical lines divide the rotor into nincteen stations. Different shades indicate
differently material properties. Stations 7-8 and 12-13 indicate small gaps between the
outer sleeves and the motor (these gaps exist physically as well). The support bearings

arc added at the appropriate physical locations.
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Fig. 38 Geometric model of the test rotor for analysis with XLTRC?

Adjusting the motor materials and spacing at the sleeves until the first and
second free-free predicted modes shapes match the corresponding experimentally
measured (by rap test’) mode shapes, displayed in Fig. 39 and Fig. 40, calibrates the
model. The first mode shape (at 1820 Hz) indicates that the press fit motor stiffens the
shaft at the center section of the rotor and that maximum deflection occurs at the rotor
ends. The second mode shape (at 5900 Hz) confirms the motor stiffening effect with
nearly constant slope within the region of the motor, The maximum bending occurs at

the gaps between the motor and the press-fit slecves

* The rap test consists of suspending the totor, rapping the rolor with an impact hammer, and obtaining
the amplitude of the transfer function measured between a Stationary and a roaming accelerometer versus

the rofor axial length.
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Table 11 gives the experimental and predicted (using the XLTRC? rotor model)
first and second natural frequencies of the test rotor. Appendix H contains the physical

model lor the test rotor.

Table 11 Free-free natural frequencies of test rotor

Free-free Natural Measurement, Predictions, % Difference
Frequencies rpm (Hz) rpm (Hz)

[ bending mode 109,200 (1820) 111,942 (1866) 2.4 %

2" bending mode 354,000 (5900) 311,190 (5187) 13.8%

Damped Eigenanalysis, Response to Imbalance, and Damping Ratios

An cigenanalysis delivers the rotor/bearing natural frequencies and damping
ratios. In addition, the imbalance response of the rotor supported on the bearings
(synchronous force coefficients) is predicted.  Subsequent evaluation of the
synchronous imbalance response eigenvalues evidences threshold speeds and whrl
frequency ratios. Predicted results are compared to the experimental responses at
similar supply pressure ratios. The analysis begins by evaluating the system
performance with the rotor supported on synchronous bearing force coefficients.

Fig. 41 and Fig. 42 show the synchronous bearing force cocfficients at a
pressure ratio equal to 5.08%". At high rotor speeds, all stiffness force coefficients
increase while the damping force coefficients decrease. Cross-coupled stiffness and
damping force coefficients are of equal magnitude and opposite sign, with magnitudes
lower than those of the direct force coefficients, These coefficient characteristics show

destabilizing behavior and may eventually lead to rotordynamic instability.

3 These are the same coefficients detailed in the “Predicted Bearing Force Coefficients” section ns a

function of operating rotor speed instead of frequency ratio,
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Fig. 43 depicts the predicted rotor imbalance response at the test rotor ends.
The imbalance masses used for prediction (1.00E-3 kg-m) are on the same order of
magnitude, and at the same physical location, as those applied experimentally (1.06E-3
kg-m for U7 and 7.92E-4 kg-m for U2). Note that the predicted response is identical at
the left and right support bearings since the rotor model and imbalance distribution are
symmetric. Overall, the predicted response matches well with the experimental
response at the location of the right bearing vertical eddy current sensor (refer to Fig,
11), although displacement amplitudes are increased due to larger imbalance in the
rotor model. Experimental responses at other eddy current sensor locations differ from

the predicted response due to uneven (non-svmmetric) remnant imbalance.
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Fig. 43 Predicted imbalanee response (peak to peak) for rotor supported on synchronous

bearing force coefficients for increasing supply pressure ratios

The eigenanalysis is performed over a speed range of 5000-120.000 rpm with
the forward conical and cylindrical modes becoming unstable (being forced by the

forward motion of the rotor imbalance). Note that the predicted response to imbalance




is therefore only reasonable while the rotor/bearing system is in the stable condition,
1.c. at speeds below the threshold of instability.

Eigenvalues are identified when the frequency of the predicted mode at a
particular operating speed matches the frequency corresponding to the one from the
supporting bearing coefficients. For example, with the rotor supported on the
synchronous bearing force coefficients the eigenvalue is determined at the speed when
the frequency of the mode matches the operating speed with a 1 to 1 ratio. Table 12
summarizes the predicted natural frequencies and damping ratios (identified as the real
part of the eigenvalue) for the rolor supported on synchronous bearing force

cocfficients at pressure ratio equal to 5.08. Note that the natural frequencies of the

conical and cylindrical modes are close in magnitude.

Table 12 Syachronous eigenvalues and damping ratios for rotor supported on

synchranous bearing force coefficients at various pressure ratio

Pressure | Conical Mode | Conical Mode |  Cvlindrical Cylindrical
Ratio Natural Damping Muode Natural Muode
Frequency Ratio Freguency Damping Ratio
(rom) (rpm)
5.08 19 680 0.027 21,381 0.0249
372 | 17813 0.035 19,378 0.038
2.36 13,675 0.047 14,862 0.049

Fig. 44 compares the predicted forward conical and cylindrical synchronous
natural frequencies to the critical speeds determined from the experimental coast down
remnant imbalance responses at the vertical sensor for each bearing. The figure shows
excellent agreement and indicates a certain amount of gyroscopic influence (in the
experimental response) since the experimental values increase slightly above the

predicted values at gher supply pressures.
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supportied on

synchronous bearing force cocfficients and experimental critical speeds from remnant

imbalance synchronous coastdown response (pressure ratio equal to 5.08)

imbalance response (pressure ratio equal to 5.08).

those from the experimental responses.

Fig. 45 compares the predicted and experimental damping ratios. The predicted
values are deterrmned from the imbalance response with the rotor supported on
synchronous bearing force coefficients at pressure ratio equal to 5.08. Experimental
values are determined by the Q factor method from the synchronous rotor remnant
The damping ratios from the
predicted responses range between 2.7 percent and 4.9 percent, while damping ratios
from the experimental responses range between 7.1 percent and 12.4 percent. Note that
experimental imbalance levels are slightly lower than those used in the predictions,

Even s0, the damping ratios from the predicled responses are considerably lower than
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Fig. 45 Predicted conical and cvlindrical mode damping ratios for imbalance response
with rotor supported on synchronous hearing force coefficients and experimental

damping ratios from synchronous remnant imhalance rotor response

Threshold Speeds of Instability

A rotor/bearing system mode becomes unstable when the corresponding
damping ratio changes from a positive to negative value, going through zero at a given
rotor speed. The whirl frequency ratio is determined as the ratio of this threshold
frequency to operating speed. Once identifying the whirl frequency ratio at the
threshold, the performance is further investigated using the predicted bearing force
coefficients at that identified frequency ratio.

Returning to the example for the rotor supported on the synchronous force
coefficients with pressure ratio equal to 5.08, the bearing becomes unstable as
anticipated Irom the experimental results, The threshold speeds of mstability for the
forward conical and cylindrical modes occur at 42,000 rpm and 45,000 rpm,
respectively. Dividing the frequency of the mode at the threshold by that identified

rotor speed gives the whirl frequency ratio at the threshold.
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The predicted whirl frequency is similar fo the experimental results, but the
threshold speed is much lower, therefore giving significantly higher whirl [requency
ratios than the experimental findings. For convenience. Table 13 highlights the
experimentally determined threshold speeds, whirl frequencies, and whirl frequency

ratios for varying pressure ratios.

Table 13 Experimental threshold speeds, whirl frequencies, and whirl frequency ratios

from the syvochronous remmant imbalance rotor response supported on three lobe

bearings
Supply Pressure Thresheld Speed ‘»‘Ir’hirl'I"rcqucm:y Whirl Frequency
Ratio (rpm) (rpm) Ratio
5.08 85,184 21,600 0.25
372 54,960 19,440 0.35
2.36 37,200 13,680 0.4

Table 14 gives the predicted synchronous threshold speeds, whirl frequencies,
and whirl frequency ratios for the three supply pressure ratios®. The predicted whirl
frequency ratios fall between 0.41 and 0.49 for all supply pressures. Therefore. the
performance of the rotor supported on 0.4X frequency ratio bearing force coefficients
was nvestigated further (at all three supply pressures). Table 15 gives the 0.4X

subsynchronous threshold speeds, whirl frequencies, and whirl frequency ratios.

* The bearing force cocfficients were originally evaluated for cight frequency ratios at each supply
pressure ratio (0.2, 0035, 0.4, 0.5, 0.8, 1.0, 1.5, and 2.0). Force coefficients evaluated at these frequency
ratios were used during subsequent subsynchronous foree cocfTicient investigation since the frequency

dependence is not strong within the subsynchronous frequency range of interest,
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Table 14 Predicted instability from rotor imbalance response with synchronous ( 1X)

Bearing force coefficients at increasing pressure ratios

Supply Forward Conical ' Forward Cylindrical
Pressure | Threshold Whirl Whirl Threshold Whirl Whirl
Ratio Speed Frequency | Frequency Speed Frequency | Frequency
(rpm) (rpm) Ratio (rpm) (rpm) Ratio
2.36 28,460 14,010 0.49 30,770 15,020 (.49
3.72 45.000 15,410 4l 47,500 19.610 (.41
5.08 42,000 | 19,950 0.48 45,000 | 21350 0.47 |

Table 15 Predicted instability from rotor imbalance response with 0.4X subsynchronous

bearing force cocfficicnts at increasing pressure ratios

Supply Forward Conical Forward Cylindrical
Pressure | Threshold Whirl Whirl Threshold | Whirl Whirl
Ratio Speed Frequency | Frequency Speed Frequency | Frequency
i {rpm) {rpm) Ratio (rpm) (rpm) Ratio
236 26,760 13,660 0.51 28,610 14.610 0.51
Can 34,440 17,710 0.51 37220 | 18,960 0.51
5.08 38.570 19,640 0.51 40,710 21,030 0.52

The identified whirl frequency ratios with the rotor supported on 04X

subsynchronous bearing coefficients are (L51-0.52 (much

higher than found

experimentally). Again, the threshold speeds are much lower than experimental results

leading to higher threshold whirl frequency ratios.

Predictions of damped eigenvalues were also performed with the rotor

supported on 0.2X bearing force coefficients for pressure ratio equal to 5.08 (0.2X is

closer to the experimental WFR 0.25). Threshold WFRs are found to be 0.5X. Table

16 summarizes the analysis at pressure ratio equal to 5.08 indicating nearly 1dentical

predicted performance for synchronous and subsynchronous bearing coefficients.
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Table 16 Predicted rotor imbalance response with various frequency ratio bearing force

coeflicients at pressure ratio equal to 5.08

Forward Conical Forward Cylindrical
Frequency Threshold Whirl | Whirl Threshold Whirl Whirl
Ratio Speed | Frequency | Frequency |  Speed | Frequency | Frequency
(rpm) (rpm) Ratio (rpm} {rpm}) Ratio
10X 42,000 | 19,950 0.475 45000 | 21,350 0.474
0.4X 38,570 19,640 {0.509 40,710 21,030 0.517
0.2X 39,290 19,580 0.498 42,140 | 20940 | 0497

Closure for Rotordynamic Response Predictions

An empirical adjustment made to the supply pressure into the bearing model
accounts for the flow resistance through the feed orifices. The ideal gas Reynolds
equation is solved used finite elements to predict pressure fields in the gas bearing film.
Bearing static performance parameters and dynamic force coefficients are forwarded
from the predicted pressure fields. Journal eccentricities match well with experimental
results.

After calibration of the rotor model free-free modes and linking the predicted
synchronous bearing coefficients at the appropriate rotor locations, the rotor bearing
system performance 1s predicted. A damped eigenanalysis predicts the synchronous
natural frequencies, which correspond well with experimental critical speeds. The
predictions indicate that rotor excitation due to imbalance is a combination of the
conical and eylindrical modes, since these two modes have natural frequencies quite
clase in magnitude. The predicted response to imbalance displays similar behavior as
some of the experimentally measurcd coastdown responses. On the other hand, the
model predicts much lower threshold speeds of instability than measured, and therefore
predicted whirl frequency ratios tend to be higher than the experimental values.

Predicted damping ratios are also lower than the damping ratios determined from
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experimental response. The damping ratio is directly related to system damping and
indirectly related to the system natural frequency (a function of system stiffness and
mass). Since the rotor mass and critical speeds are predicted well, this leads to poorly
predicted overall system damping, low threshold speeds of instability, and high whirl
frequency ratios.

For this particular hybrid gas bearing configuration, predicted bearing force
cocfficients show a strong dependence on frequency ratio at supersynchronous
frequency excitation. Iterations to predict threshold whirl frequency ratios are not
greatly affected by the frequency ratio of the supporting bearing force coefficients or

by supply pressure ratio.
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EXPERIMENTAL DYNAMIC PERFORMANCE OF ROTOR
SUPPORTED ON OTHER BEARING CONFIGURATIONS

In addition to the tests with three lobe bearings, experimental responses of
several other bearing geometries have been collected. Geometries include a hybrid
pressure dam three-lobe bearing (the original and one design meodification) and one
type of hybrid tilting pad bearing. Analysis of coastdown responses, critical speeds,
threshold speeds of instability, overall damping ratios, and feed pressures for rotor lifl-

off defines the performance of each bearing configuration.

Three-Lobe Pressure Dam Hybrid Bearing

Appendix C contains the complete description of the ornginal and the modified
pressure dam bearing geometries. The anti-vibration blocks (as detailed in Appendix
C) are at both ends of the test chamber for the tests with the modified pressure dam

bearings only.

Coast Down Tests to Calibrated Imbalance: Rotor Supported on Original

Pressure Dam Bearings

Coastdown tests to capture the response to cahibrated imbalance masses were
conducted in a similar fashion to the tests conducted with the rotor supported on three
lobe bearings. Tests include the response to remnant imbalance, and two calibrated
imbalances, U] and U2, where U/=0U2, Unfortunately, the original pressure dam
bearings evidenced significant pneumatic hammer when hydrostatically supported
(showing a dependence on pressure ratio), making it almost impossible to characterize
any other performance criterion of the rotor/bearing system.

The hammer occurred during coast down tests, evidenced by fixed
supersynchronous and/or subsynchronous frequency vibration, The waterfall plot in
Fig. 46 shows one typical example of the pneumatic instability for pressure ratio equal

to 3.04. A fixed frequency component appears at 385 Hz and small amplitudes at two
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times this (770 Hz). The fixed frequency component at 385 Hz is larger in magnitude
than the synchronous components and contributes to signiticantly large levels of direct
vibration, leading to bearing rubbing at high speeds. If vibration levels would permit
running to higher speeds, sudden whirl and/or whip would ocecur when the rotor
synchronous speed matches the fixed frequency at 385 Hz, indicating a natural

frequency of the system.
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Fip. 46 Waterfall plot of imbalance U response {coastdown) at left vertical eddy current
sensor with rotor supported on original pressure dam bearings at pressure ratio equal to

.04

Another example of pneumatic hammer is given in Fig. 47 (pressure ratio equal
to 2.36) where the onset speed of the fixed-frequency hammer instability (340 Hz) is at
11,500 rpm. Fig. 48 shows the corresponding Bode plot where direct vibration levels
jump at the onset of the hammer instability. It is also observed that the onset speed of
instability is slightly lower for the coastdown than for the run up since the run up onset

speed is 13,500 rpm.
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In general, the original pressure dam bearings experienced increasing
frequencies of pneumatic hammer instability for increasing supply pressure ratio. The
onset speeds of instability show a “threshold pressure ratio’ below which system
effective damping contains (presumably) the pneumatic hammer so that the system
experiences only hydrodynamic instability. At pressure ratios above the ‘threshold’,
pneumatic hammer sets in at a supersynchronous frequency. Fig. 49 shows the onset
frequency (the speed at which either subsynchronous or supersynchronous instability
begins) and the frequency of the destabilizing vibration component. Note the
‘threshold pressure ratio” approximately equals 1.62. Also notice that onset frequency
decreases and the frequency of pneumatic hammer increases for increasing pressure
ratio, such that at very high supply pressure ratios, the system may experience
pneumatic hammer at low operating speeds. In fact, one test showed the rotor to
experience pneumatic instability even when rotating at very low speeds (around 0-33

Hz) due to the supply pressure alone (motor was not on)™.

B The rotor self-excited at what happened to be (he 5" harmonic of the rotor motion.
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Table 17 lists the onset speeds, frequencies of the instability at onset, and whirl

frequency ratios versus supply pressure ratio. The onset speed identifies when

hydrodynamic  whirl  instability  (subsynchronous)

or pneumatic

hammer

(supersynchronous) first begins indicating whirl frequency ratios less than one and

greater than one for each respective instability.
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Table 17 Pneumatic hammer instability characteristies Irom coast down responses with

rotor supported on (original) pressure dam bearings

Supply [A] Onset Speed of | [B] Frequency of | Whirl Frequency
Pressure Rotor Instability Instability at Ratio = [B]/[A]
 Ratio __ (Hz) Onset (Hz)
1.34 255 215 0.84
1.68 285 220 Ry
.75 200 285 143
1.82 188 290 1.55
1.88 173 ~ 300 1.73
2.02 173 330 1.90
2.16 225 315 1.40
2.22 221 315 1.43
2.36 177 335 1.90
3.04 ey 385 3.85

Fig. 50 shows an example where hydrodynamic whirl instability sets in when
the synchronous speed reaches 12,600 rpm (210 Hz), with the whirl frequency
dropping to 175 Hz shorily after onset. Although not shown here, the corresponding

bode plot indicates the critical speed at 12,300 pm (205 Hz).



1X 2%
{ BT B e (S | PO T Y S| T R TR |
] / I ) i ? I
20 = i = ;=
1B E _ K_.:.___._:.'.‘...._ ey 1 =
S i L e | §
E L
£ M ——————esee | O
e e e e —= — o
E ]D e ;-—I —‘-' ::—.i::.._'- : E
R i = I Tl |
LL = i e } .
0 E e a PR, | 1 1 = E
BE ,,‘I e e e ] = ja
FY s e T i i A
=TT i =1 i i i T T i =
] 00 1000 1500 2000

FREQUENCY: 100 Hertz
Fig. 500 Waterfall plot of coastdown response to remnant imbalance al right vertical eddy
current sensor with rotor supported on {original) pressure dam bearings at pressure ratio

equal to 1.38

Coast Down Tests: Rotor Supported on Modified Pressure Dam Bearings®

The main objective of testing the roter supported on the modified pressure dam
bearings is to determine if the orifice redesign and the addition of the reliel grooves
(described in Appendix C) ¢liminated the pneumatic hammer instability. Therefore,
several coast down tests were performed at various supply pressures (response to
remnant imbalance only). It should be noted that the system requires much higher
supply pressures to suppert the rotor on the modified bearings than the supply
pressures needed to support the rotor on the original pressure dam bearings. In fact, for
coastdown tests with supply pressure ratio equal to or less than 5.08, the supply
pressure was initially raised (to a pressure ratio between 3.72 and 5.08) in order to
support the rotor on run ups. Onee the rotor reaches the top speed for the coastdown

test, the supply pressure ratio was lowered to the desired test supply pressure. If the

* Tests with calibrated imbalance masses were not performed with the rotor supported on the modified

bearings.
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supply pressure was not initially raised to higher supply pressures, the rotor was not
able to spin at all. This indicates that much of the support at lift off comes from the
hydrostatic film rather than the immediate generation of a hvdrodynamic film. This
lack of sufficient hydrostatic support is due to the large side leakage at the grooves
machined at the leading edge of the pressure dams.

Fig. 51 shows a sample coast down response, giving the direct and synchronous
response at the right bearing (vertical and horizontal eddy current sensors) for supply
pressure ratio equal to 5.08. The direct responses show considerable non-svnchronous
vibration at higher speeds (above the critical speed) beginning at the threshold speed of
instability (16,490 rpm with whirl frequency ratio equal to (.5). The non-synchronous
components are due to hydrodynamic whirl instability alone since no evidence of

prewmatic hammer is observed with the modified bearings.
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Fig. 51 Response (peak to peak) at right (modified) pressure dam bearing with pressure

ratio cqual to 5.08
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The waterfall plot of the coastdown response for the right vertical sensor at
supply pressure ratio equal to 5.08 (Fig. 52) shows a locked-frequency instability with
whirl frequency ratios ranging from 0.5 at the threshold speed (17,160 pm) to (.36 at
the highest recorded speed (28,500 rpm). Since the whirl frequency is fixed, the whirl
frequency ratio becomes smaller with increasing rotor speed. The spectra indicate that
the whirl frequency becomes the dominant frequency, meaning that the amplitude of
vibration for the whirl frequency is larger than the amplitude of synchronous frequency

(a characteristic of “half-whirl™).
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Fig. 52 Waterfall coastdown response at the right vertical eddy current sensor of the rotor

supported on the modified pressure dam bearings with pressure ratio equal to 5.08

Table 18 summarizes the whirl frequency ratios at the threshold speeds of
instability for both the left and right modified pressure dam bearings. The WFR of the
modified pressure dam bearings are always 0.5 at the threshold speed, indicating

hydrodynamic whirl mstability at an operating speed two times the natural frequency.,
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Table I8 Critical speeds, threshold speeds, whirl frequencies, and whirl frequency ratios

for rotor supported on the modified pressure dam bearings

Whirl Whirl
Supply Critical Speed Threshold
Frequency Frequency
Pressure Ratio (rpm) Speed (rpm)
{rpm) Ratio
236 - - h 15,000 7300 0.5
338 - 14.400 7200 0.5
3.72 8900 15,600 7800 0.5
5.08 9800 16,800 8400 0.5

The critical speeds are considerably lower with the modified pressure dam
bearings than with the original pressure dam bearings. This is expected since the lower
direct stiffnesses of the modified pressure dams (with relief grooves) are not able to
provide a similar load carrying capacity to that of the original pressure dam bearing.

Damping ratios through the critical speeds are considerably higher (than with
the response of the rotor supported on the three lobe bearings) such that critical speeds
are not always discernable at low supply pressures. System damping is large enough
that evaluation of damping ratios with the bandwidth and/or Q factor methods does not
satisfy the criterion that the damping ratio be less than 10 percent.

For the original bearings, the existence of pneumatic hammer instability is also
cvidenced when reviewing the bearing transmitted loads. The load transmitted to the
original pressure dam bearings is on the order of 9-35 N through the critical speed and
up to 111 N when unstable at supply pressure ratio equal to 3.04°". The bearing
transmitted loads through the critical speed for the rotor supported on the modified
pressure dam bearings are between 3.5-5.00 N for increasing supply pressures, and up to

3.6 N when unstable at higher supply pressures, shown in Fig. 53.

' Due to the pneumatic hammer instability, this is the highest supply pressure ratio maintained during

experiments with the rotor supported on the original pressure dam bearings.
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Closure lor the Rotor Supported on the Original and Modified Pressure Dam

Bearings

The original pressure dam bearings having orifices feeding directly into the
pressure dams are prone to exhibit pneumatic hammer over a range of speeds and
sufficiently high supply pressures. The findings follow similar results as those reported
by Lund [32] and Stowell [39], establishing a distinct pattern for the onset of
pneumnatic hammer instability with hammer occurring even at nearly zero speed. The
preumatic hammer is characterized by fixed frequency vibration components occurring
at supersynchronous frequencies. The frequency of the pneumatic hammer instability

component increases with supply pressure. Large levels of supply pressure seemingly
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increase the hammer tendency. [For the geometry of this test bearing, a lower supply
pressure tends to reduce the flow-versus-pressure time lag within the feed orifices and
therefore reduce the tendency of the hammer instability. At low supply pressures,
distinct hydrodynamic instabilities are observed.

A redesign of the feed orifice completely eliminates pneumatic hammer: by
decreasing the number of orifices from six to three, decreasing the diameter of the
orifices by 50 percent, moving the orifices from the beginning of the dams to the lands
between the adjacent dams. and adding relief grooves to the leading edge of the
pressure dams,  The relief grooves allow the entrapped air volume to escape
eliminating the flow-versus-pressure time lag in the dams, Whirl frequency ratios for
the modified bearings range from (1.5 to 0.36 for increasing supply pressure (the whirl
frequency is fixed at the natural frequency of the bearing) and are always 0.5 at the
threshold speed.

Overall, the rotor supported on the modified pressure dam bearings offers
considerable damping through the critical speeds (larger than offered when supported
on the three lobe bearings). The critical speeds and natural frequencies of the original
pressure dam bearings increase with supply pressure. Since the modified pressure dam
bearings continually allow gas to escape from the machined pressure dams, the rotor
supported on these bearings has considerably lower critical speeds and natural
frequencics, which are nearly constant for increasing pressure ratios. The totor
supported on the modified pressure dam bearings exhibits significantly lower bearing

transmitted forces, especially when unstable at higher supply pressures.

HyPad® Tilting Pad Hybrid Bearing

Several tests with the rotor supported on HyPad® tilting pad bearings were
conducted, investigating the overall rotor/bearing performance and the effect of
clearance on critical speeds, damping ratios, and threshold speeds of instability.

Measurements with set radial clearances equal fo 0.10 mm and 0.05 mm on the
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HyPad® bearing installed at one side of the rotor were measured with a three lobe
bearing installed at the other end of the rotor™, Measurements with a set bearing
clearance equal to 0.02 mm on the HyPad® bearing were measured with an additional
HyPad® bearing installed imstead of the three lobe bearing. The geometry of this
additional HyPad® bearing was developed as an initial prototype and is therefore not
identical to the bearing for which results are reported here [36]. Note that the influence
of the auxiliary bearing performance (namely the three lobe bearing) may affect the
performance of the HyPad® test bearing by increasing vibration levels and reducing

threshold speeds.

Coastdown RESpﬂI‘ISES”

Fig. 54 shows the rotor coast down response (remnant imbalance) for the rotor
supported on the HyPad® bearing with set radial clearance equal to 0.01 mm (the
largest test clearance). Since the rotor is supported with the HyPad® bearing and the
auxiliary three lobe bearing, the response at the rotor end being supported by the
HyPad® tilting pad bearing displays additional vibration levels (a second set of
amplitude peaks) due to the influence of the three lobe bearing. The HyPad® bearing
cvidences lower critical speeds with lower damping ratios than is evidenced from the

three lobe bearing.

® (mnly one HyPad® bearing was available at the time of testing, and so the three lobe bearing served as

an mrxifiary support bearing.

** Note that tests are not performed at all the same supply pressure ratios for the various bearing

clearances.
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Fig. 54 Synchronous remnant imbalance response at vertical eddy current sensor of rotor

supported on HyPad® tilting pad bearing with set radial clearance equal to 0,10 mm

The critical speeds at the HyPad® and at the three lobe bearings overlap for the

response with HyPad® sel radial clearance equal to 0.05 mm, shown in Fig. 55 by

broader peaks for supply pressure ratios equal to 5.08 and 3.72. The critical speed for

supply pressure ratio equal to 2.36 occurs simultaneously with the critical speed at the

three lobe bearing, and the peak is therefore not as broad or large (in magnitude) as the

peaks at the other two supply pressure ratios. The increase in critical speeds (as

compared to the rotor response with bearing set elearance equal to 0.10 mm) indicates

a stiffening effect for decreasing clearance.
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Fig. 55 Synchronous remnant imbalance response at vertical eddy current sensor of rotor

supported on HyPad® tilting pad bearing with set radial clearance equal to (.05 mm

Fig. 56 displays the response of the rotor supported on the HyPad® bearing
with set radial clearance equal to 0.02 mm (with the prototype HyPad® auxiliary
bearing). While the critical speeds fall between the critical speeds observed with set
radial clearances equal to 0.10 mm and (.05 mm, peak response amplitudes for all

clearance settings increase with decreasing clearance.
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Damping Ratios

Table 19 summarizes the damping ratios identified from the amplitudes of
synchronous response for the rotor supported at the HyPad® tilting pad bearing. The
values of damping ratio increase from the rotor response with bearing set radial
clearance of 0.10 mm to the rotor response with bearing set radial clearance equal to
0.05 mm. Conversely, damping ratios decrease from the rotor response with bearing
set radial clearance of 0.05 mm to the rotor response with bearing set radial clearance
equal to (.02 mm. Since the damping ratios are determined using the bandwidth and Q
factor methods, this inconsistent behavior is explained by the influence of the response
of the rotor supported at the auxiliary bearing on the response at the HyPad® bearing.
The bandwidth of the peak rolor response with bearing set radial clearance cqual to
(.05 mm is actually widened by the overlapping critical speeds observed from the
response of the rotor at the auxiliary bearing. Therefore, the method falsely identifies a
wider bandwidth response indicating larger damping ratios. The peak rotor responses

with bearing set radial clearances equal to 0.10 mm and 0.02 mm give a better



indication of damping ratio trends since the influence of the critical speeds from the
rolor response at the auxiliary bearing fall outside the speed range where the damping
ratios are evaluated, The damping ratios for these two clearances (0.10 mm and 0.02
mm) appear to decrease with decreasing clearance, although the trend is not strong.
since critical speeds increase for the responses with these bearing set clearances. the
damping ratios likely decrease due to an increase in svstem stiffness rather than a
decrease in overall system damping. Appendix F contains the amplitudes and

identificd speeds for estimation of damping ratios.

Table 19 Damping ratios for rotor supported by HyPad® tilting pad bearing

| Radial Set SE‘J‘E){P Critical Damping Ratio | Damping Ratio
Clearance Fressure Speed (rom) (Bandwidth (O factor
fatio Method) Method)
5.08 13,500 (1.046 (1.046
0.10mm | 372 | 12,000 |  0.064 0.063
3.04 9990 0.050 0.050
5.08 20,680 0.108 0.113
0.05 mm 372 17,470 0.114 0.123
2.36 17,920 0.080 0.082
5.08 17,270 0.053 0.053
0.02 mm 4.40 16,790 0.049 0.050
372 15,170 0.045 0.046

Threshold Speeds

[n general, tilting pad bearings prevent whirl instability by eliminating the
cross-coupled force coefficients. Therefore, one would not expect the rotor supported
on the HyPad® tilting pad bearings to exhibit whirl instability. This is the case with

the rotor supported on the HyPad® bearing and the auxiliary prototype HyPad®
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bearings. The rotordynamic performance gives stable behavior to speeds approaching
the limit of the test rig (90,000 rpm). But this is not the case for the rotor supported on
the HyPad® tilting pad bearing and the auxiliary three lobe bearing (again showing the
influence of the auxiliary bearing on system performance). Table 20 summarizes the
whirl nstabilities found with the rotor supported on the HyPad® bearing and the
(auxiliary) three lobe bearing”. The threshold speeds decrease with decreasing
operating clearance. supporting the claim that damping ratios decrease with decreasing
operating clearances. When determining the maximum speed capability of the rotor
supported on the HyPad® bearings. supply feed pressure was completely cut off (rotor
at high speeds). Although increased friction caused increased heat generation, a purely

hydrodynamic film continually supported the rotor.

Tuble 20 Threshold speeds, whirl frequencies, and whirl frequency ratios for rotor

supported on HyPad® (ilting pad bearing and three lobe auxiliary bearing

Set Radial Supply Threshold whil | Whirl
Clearance | Pressure Ratio Speed (rpm) Frequency at Frequency
on HyPad® Threshold (rpm) Ratio
5.08 88,000 24,060 0.273
0.10 mm 372 78,000 20,940 0.268
2.36 57.000 18,660 0.327
5.08 60,000 N/A N/A
0.05 mm 372 37,600 N/A N/A
236 56,000 19,380 0.346

* The supply pressure ratio was significantly inereased at the three lobe bearing in order to prevent the

rotor from becoming unstable at too low rotor speed due to the three lobe bearing support.
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Closure for the Rotor Supported on the HyPad® Tilting Pad Bearing

Overall, the performance of the rotor supported on the HyPad® tilting pad
bearing depends highly on its set bearing clearance, as well as the auxiliary support
bearing. The bearing operates with low levels of damping ratio, sometimes leading to
rubs through the critical speeds. The rotor aperates free of subsynchronous whirl
instabilities (when the prototype HyPad® auxiliary bearing replaces the three lobe
bearing) to very high speeds. The test rig capability (rather than HyPad® bearing
performance) limits high speed operation. High levels of vibration leading to

considerable pad wear and heating due to rotor/pad rub.

Comparison of Natural Frequencies, Threshold Speeds, and Feed Pressures
for Rotor Lift-Off with Rotor Supported on Three Types of Bearings

There are clear advantages and disadvantages to the rotordynamic performance
of the rotor supported on each of three types of hybrid gas-lubricated bearings: three
lobe bearings, (modified) pressure dam bearings, and HyPad® tilting pad bearings.

Fig. 57 shows that the rotor supported on three lobe bearings achieves
consistently higher critical speeds, although certain HyPad® bearing set clearances
also offer high critical speeds. The rotor supported on the modified pressure dam
bearings has the lowest critical speeds. More importantly, amplitudes of vibration
through the critical speed determine whether the system will be able to safely pass
through the critical speed, and continue to increase operating speed. Amplitude levels
(during stable regions) are largest with the rotor supported on the three lobe bearings

and lowest for the rotor supported on the modified pressure dam bearings.



My —

108

aaann

@, R ;
fﬁfﬂ_r’!‘_ o —-K
E |ang —— = gt
E ——
=
& o — &
=
w ik~
g — -
£ tom & ———————n
—#— Three Lobs Bearngs
—F— Muodified Pressure Dan Bearmgs
i 4— A~ HyFal Bearmg C=0. 10 mm
® - HyPad Bearmg T=00% mn |
-~ — HyPod Brammg 00,02 mm
0 Pr— ' ¥ ——— 1 T T
W1} [ 3 F31} i3 11 15 al 1.5 S0

Supply Pressure Hatio

55

Fig. 57 Critical speeds (natoral frequencies) for rotor supported on three tvpes of bearings

Fig. 58 shows the estimated damping ratios lor the rotor supported on the three

lobe bearings and the HyPad® tilting pad bearings. The response with the rotor

supported on the pressure dam bearings is not actually included in the figure since

damping ratio levels were larger than the allowable level for evaluation using the Q

factor method. The three lobe and HyPad® hbearings provide acceptable levels of

damping ratio. The damping ratios exhibited by the rotor supported on the HyPad®

tilting pad bearings vary considerably with the bearing set clearance.
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Fig. 58 Damping ratio estimated by Q Factor method from coastdown response to remnant
rotor imbalance for rotor supported on three types of bearings (damping ratios can not be
estimated from the rotor response when supported on the modified pressure dam

bearings, but are presumably the largest of the rotor supported on the hearing types)

Fig. 59 compares the performance of the bearing types with respect to threshold
speeds of instability. The rotor supported on three lobe bearings allows for increasing
threshold speeds at the expense of high supply pressures. The rotor supported on
(modified) pressure dam bearings experiences very low threshold speeds (dependent on
the pressure dam design) and runs the risk of pneumatic hammer instability if the
orifices are not designed and positioned properly. The HyPad® tilting pad bearings
offer support absent of whirl instability, which is offset by little damping causing high
amplitudes of vibration through critical speeds, pad rub and wear, and increased heat

due to friction,
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Feed pressure ratios required for rotor it varying greatly depending on the

bearing type. Fig. 60 shows that the HyPad® bearings require the largest supply

pressure ratios to lift the rotor. Lubricant [eed pressure continually leaks [rom the sides

of the tilting pads such that the feed from the single orifice on the bottom pad must lift

the rotor. Similarly, the pressure dam bearings leak significant amounts of gas through

the relief grooves and therefore also require large feed pressure ratios for rotor lift. The

three lobe bearings require the lowest feed pressure ratios for rotor lift. Lower feed

pressure ratios allow for smaller, less complex, and lighter weight support systems, and

therefore the three lobe bearings ofter the most feasible design when considering feed

pressure ratios for rotor lift.
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Closure for the Performance of the Rotor Supported on Three Types of
Hybrid Bearings

The dynamic responses of the rotor supported on three types of bearings offer
various advantages and disadvantages. From the results presented, no single
rotor/bearing system displays the best overall performance. The rotor supported on the
HyPad® bearings eliminates whirl instability and allows for high-speed operation. The
rotor supported on the modified pressure dam bearings offers larger levels of damping
ratio, but experiences significantly lower natural frequencies and threshold speeds to
instability. Improper orifice and dam design may also induce pneumatic hammer
instability. The rotor supported on the three lobe bearings requires significantly less
feed pressure ratios to lift the rotor, and critical and threshold speeds which increase
with increasing pressure supplies. These bearings offer the simplest design considering

cost and manufacturability.



SURFACE CONDITION AND LOW-FRICTION COATING

Throughout testing with the rotor supported on three lobe bearings, an effort
was made to identify wear patterns and damage to the rotor and/or test bearings
associated with transient or continued operation. Note that characterization of the
overall experimental performance reported herein sometimes requires the user to test
the "limits of the system” where, occasionally, the system crashes or fails. On most of
these oceasions, the very conservative protection of the driving motor (1 amp fuses)
prevents the system from serious and permaneni damaging failure. On several
occasions, the rotor coasts down very quickly (due to lack of gas-lubricant film), or the
motor gets caught by friction/overheating in the motor armature and suddenly stops the
journal from rotating. Other system charactenistics have also shown to affect the
rubbing and wear performance such as bearing misalignment and supply pressure.

In general, wear and bearing rub was not a concern during continuous (constant
speed) operation. The rotor was usually able to gradually coastdown, eventually
coming to a complete stop or rotating at low speeds due to the support of the
hydrostatic supply pressure, i.e. serious bearing or rotor wear is not considered
problematic in these instances. Coastdown tests (coasting down from around 60,000
rpm) would normally take 2 to 15 minutes depending on the magnitude of supply
pressure (higher pressures taking longer to decelerate the rotor).

Industrial applications of gas-lubricated bearings have begun to realize the
benefit of coating bearing or jouwrnal surfaces that come into solid contact with low-
friction solid lubricants. To this end, the effect on system performance of a low-

friction coaling (applied to the test rotor) is investigated.

Wear Patterns

The only established wear patterns have been experienced during the above-
mentioned occasions of sudden and violent system failure. With the rotor supported on
the three lobe bearings, small amounts of material transfer occur causing aluminum to

‘inertia or micro weld” onto the test rotor. Afier these instances, sanding the rotor with
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a fine grit paper removes the transferred material. In random occasions, dirt or other
unknown particles have caused minor wear grooves on the test rotor and bearings.
Wear patterns on the three lobe bearings are not significant and usually indicate a

certain amount of bearing misalignment’ .

Permalon Low-Friction Coating

After performing transient response experiments with the uncoated shaft, a
commercially available low-friction coating was applied to the test rotor at room
temperature. Permalon 327 is a thermoplastic resin-bonded Teflon based lubricant
coating with reported static friction coefficient of 0.06-0.09. Table 21 details the
material composition. Aguirrezabala [46] defails the entire process of applying and
measuring the dry film lubricant. Transient testing was repeated with the coated rotor.
Note that applied coating radial thickness is equal to 0.020 mm such that the nominal
bearing clearance is reduced from 66 pm to 44 pm. Note also that the reduction in
clearance may lead to other effects in system performance (as seen with the rotor
supported on the HyPad® tilting pad bearings). In general, the coating adhered well to

the rotor surface and did not wear significantly during transient response testing.

Tahle 21 Permalon 327 physical properties

Physical Properties e
Lubricant PIFE
Binder Thermoplastic Resin =~
Color Translucent
Static Coefficient of Friction 0.06-0.09
Service Temperature 338.7K o
Intermittent Temperature 3BT K
Film Thickness _ = [0.005 - 0.0025 mm__

' Ag intended with the pad design of the HyPad® bearings, small amounts of Graphalloy material are
womn from the pads at start and stop, and may even aid performance by providing o sohd particle
lubricant film on the test rotor, In fact, small amounts of carbon material have transferred to the rotor,

filling pre-existing wear grooves or polishing other surface finish impertections.
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Liftoff and Touchdown Characteristics and Speeds

Transient response tests with the coated rotor were conducted in a similar
fashion as the transient response tests conducted with the uncoated rotor (previously
described in the “Transient Response” section)™. Table 22 details the lift-off speeds

and times for increasing supply pressures with the coated rotor supported on three lobe

bearings.

Table 22 Lift-off characteristics with coated rotor supported on three lobe bearings

Supply Pressure | Lifi-off Speed (rpm) | Lift-off Time (sec)
Ratio
s 7032 T
2.22 1404 T
236 1875 0.896
b 3.72 1 2110 0.832
5.08 T Y R e

Fig. 61 shows slight differences in rotor lift off speed when comparing the
transient response of the coated and the uncoated rotor. For most pressure ratios, the
coated rotor lifis at a lower speed than the uncoated rotor. The minimum supply
pressure ratio required to support the coated rotor for startup equals 2.09 (mass flow
rate equal to 3.21E-4 kg/s), which is also slightly lower than with the uncoated rotor

(pressure ratio equal to 2.22 and mass [low rate equal to 431E-4 kg/s).

** Appendix | contains a sample transient response with the coated rotor supported on three lobe bearings

at pressure ratio equal to 3.72,
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Fig. 62 shows more noticeable differences in the lift-off time when comparing
the transient response with the coated and uncoated rotors. The coated rotor lifts off in
nearly half the time that the uncoated rotor needs to lifti-off, for all supply pressure
ratios tested. This is a significant finding, since the rotor is in semi-rigid contact with
the bearing until lifting-off. The low-friction coating reduces the amount of semi-rigid
contact at start up, therefore reducing bearing rub and wear, and allows for start up at

slightly lower supply pressure ratios.
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Note that touchdown speeds are not addressed in the table or figures above
since the uncoated and coated rotors did not regularly coast to a stop. Usually, the
supply pressure needs to be completely shut off before the rotor speed goes to zero and
solid contact between the rotor and bearings occurs. On coastdowns with continued
hydrostatic feed, the pressure supply assists the inertia of the rotor to overcome the
relatively small friction between the rotor and bearing such that rotation is maintained.
With the journal rotating, the rotor/bearing system is able to continually generate a

hydrodynamic film.

Wear Rates

Through out the test series of the uncoated rotor and three lobe bearings, the
rotor/bearing wear was not significant enough to warrant wear rate measurements. As
expected from the test design, pairing a softer bearing material with a harder shaft
material, observable wear occurred on the bearing surfaces rather than on the rotor
surface. After the entire test series with the coated rotor and the three lobe bearings,

measurements of the shaft diameter at the bearing locations indicate that approximately
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half the coating thickness was worn away over the course of the testing. Only one
significant wear track was observed on the coated surface at each bearing location, and
are attributed to pre-existing wear pattens on the bearings from prior testing with the
uncoated rotor. Measurements with vernier calipers at these wear track locations
indicate that the entire thickness of the coating was worn away. Initial coating
asperities wore away within the first few transient tests, leaving the overall surface of

the coated rotor very smooth at the end of the test series.

Closure for Surface Condition and Low-Friction Coating

As expected, the test bearings exhibited more wear than the test shaft. Most
damage to the rotor and/or bearings was experienced during sudden failures associated
with forcing the rotor/bearing system to perform m extreme conditions, Wear rates are
not significant enough fto quantify with the measurement tools available. A
profilometer would allow for more significant measurements providing additional
insight into the rotor/bearing wear.

A low-friction PTFE based coating applied to the rotor allows for lower rotor
lift-off times, thereby reducing the period of semi-rigid contact (wear) between the
rotor and bearings. The coating also allows for slightly lower supply pressure (mass
flow rates) for rotor lift off, making the hybrid design more feasibly for
turbomachinery applications.

Touchdown characteristics were not obtained for either the uncoated or coated
shafts since the rotor did not usually stop rotating during a normal coastdown response
test (where the supply pressure is maintained throughout the entire test). The
touchdown response with gradual supply pressure decrease (simulating actual
turbomachinery applications where the hydrostatic feed may be bled from the process
gas of the turbomachine itself) should be investigated to determine the affect of the

low-friction eoating on touchdown speeds.
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CONCLUSIONS

An experimental investigation of a test rotor supported on three tvpes of hybrid
gas bearings shows clear advantages and disadvantages of rotor static and dynamic
performance when supported on cach bearing type. Performance at various pressure
ratios is investigated by comparing feed pressure for rotor lift off, critical speeds and
damping ratios, threshold speeds of instability, and whirl frequency ratios.

The rotor supported on three lobe bearings offers stable operation to threshold
speeds increasing linearly with supply pressure. The rotor, when supported on this
type of bearing, requires the least amount of supply pressure for lift off and critical
speeds are relatively high. Rotor responses to calibrated imbalance masses give mixed
results depending on the magnitude of the imbalance mass. Large imbalance increases
vibration levels that approach measured clearances and lead to significantly higher
bearing transmitted loads. Transient responses in rotor run up tests identify rotor
speeds and times when rotor/bearing rolling (ransitions to rotor rotation with
development of a gas film. A low-friction coating applied to the test rotor proves
beneficial by reducing the time to lift, thereby decreasing the amount of semi-rigid
contact with the three lobe support bearings.

Pneumatic hammer instability is experienced with the rotor supported on
pressure dam bearings. A clear relationship between supply pressure ratio and hammer
onset is established. A threshold feed pressure ratio identifies when the instability
shifts from hydrodynamic type to pneumatic hammer type. An orifice redesign
consisting of reducing the number of {eed sources, reducing feed source diameter, and
modifying the feed source location, completely eliminates pneumatic hammer
instability. While threshold speeds of instability (due to hydrodynamic instahility)
remain very low with the redesigned bearing, the rotor supported on pressure dam
bearings proves to have the largest amount of damping ratio and lowest vibration
levels, although it cannot operate to high speeds.

The rotor supported on HyPad® beanngs, novel tilting pad beanngs, allows

operation to speeds limited only by the test g drive motor capability (around 20,000
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rpm) and is absent of hydrodynamic instability. Vibration magnitudes are high through
critical speeds leading to considerable pad rub, wear, and heat generation.

Numerical predictions of rotor/bearing performance are produced using a finite
element based model to solve the ideal gas Reynolds equation. Predicted bearing force
cocflicients are shown to be dependent on excitation frequency, although the
dependence is weak in the range of frequency ratios where the rotor/bearing system
becomes unstable. Although natural frequencies match well with experimental results,
predicted synchronous responses give lower damping ratios, leading to low threshold

speeds, and whirl frequency ratios ~ (1.5, as in plain cylindrical bearings.
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APPENDIX A: CLEARANCE MEASUREMENTS FOR ROTOR
SUPPORTED ON THREE LOBE BEARINGS

Two methods aid to measure the clearance of the three lobe bearings, First, by
manually rotating the shaft and observing the ‘clearance orbit’ using the oscilloscopes
displaying the motion of the shaft (the sensors and scope method). Secondly, by using
a three-legged bore gauge (= 0.001 mm [+ 0.00005 m]) to measure the bore diameter
and subtracting the shaft diameter. The sensors and scope method is performed by
manually rotating the shaft around the bearing clearance and tracing the orbit on the
oscilloscope display. The uncertainty and repeatability are quite poor with the scope
method since considerable human error is involved and the applied force may invoke
some depression of the o-rings that seal the bearing within the bearing housing, thereby

increasing the actual clearance during the measurement. Fig. Al contains the mapped
clearance of the rotor supported on the three lobe bearings by the sensors and

oscilloscope method. Each division shown is equal to 254 pm (1 mil) in both

directions,
|I.e'ﬁ Three Lobe Dearing | |Right Three Lobe Bearing ]
""1------1--:1..___.‘- ——\ ‘.r. _z:\
N : g A /
R : / 7
k : _: Vd r'S -_.'-i-/
T L “_/ \‘.
e |Uncoated Rotor Tl — |Uncoated Holor
----- Coated Rotor L + s==i= Cpated Holor

Fig. A1 Mapped three lobe bearing clearances after testing with uncouated rotor and

before testing with coated rotor’

* Refer to the Surface Condition section for full details concerning the coated rotor,
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The bore gauge method uses a three-legged bore gauge (legs are 120° apart) to
measure the mner diameter of the bearing at the location of maximum and minimum
clearance (at the apex of the lobes and at the midpoint of the lobes). Subiracting the
shaft diameter determines the clearance.

The testing series with the rotor supported on three lobe bearings is as follows:
1) coast down response with uncoated rotor, 2) transient response at low speeds with
uncoated rotor, and 3) transient response at low speeds with coated rotor. Table Al
gives a summary of the clearance measurements from both methods at various points
during the testing series. The first two lines show 13-38 pm wear due to the coastdown
response experiments. Comparing values given in lines 2 and 5 shows the increase in
shaft diameter (decrease in clearance) due to the rotor coating. The shafl coating
thickness by the sensors and scope method is between 0-43 um. Lines 3 and 6 give the
nominal clearances for experiments with the uncoated and coated rotor, respectively.
Line 8 gives the nominal clearance after transient testing with the coated rotor, showing
no additional bearing wear (considering uncertainty). The measured maximum
clearance (at the orifices) and the measured minimum clearance (at 60 degrees from the
orifices) determine the preload. Dividing the preload by the nominal clearance gives
the nondimensional preload, Iines 4, 7, and 9.

Appendix B contains the preload

defimtion.

Table Al Clearance and preload measurements for rotor supported on three lobe

bearings
Dimension Left Bearing Right Bearing
1. Diametral - Using i 102 pum in horizontal 102 pm in horizontal
sensors and scope before direction direction
testing with uncoated rotor 102 pum in vertical 102 pm in vertical
on three lobe bearings direction direction
+2.54 pm + 2.54 um

2. Diametral - Using 127 pm in horizontal 117 pym in horizontal
sensors and scope affer direction direction
coast down testing and 102 pm in vertical 140 pm in vertical
before transient testing direction direction

| with uncoated rotor +2.54 pm +2.54 pm
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measured with Bore Gauge
hefore coastdown testing
with uncoated rotor

Dimension Left Bearing Right Bearing

3. Nominal Radial 66+ 1.27 um 65+ 1.27 um
[Diametral] Clearance [132 pm] [130 wm]
measured with Bore Gauge

before coast down testing

with uncoated rotor el |
4. Nondimensional Preload 0346+ 0.012 0316+ 0.012

5, Diametral - Using

91 um in horizontal

&1 pm in horizontal

measured with Bore Gauge
after transient testing with
coated rotor

sensors and scope after direction direction
transient testing of 102 pm in vertical 97 um in vertical direction
uncoated rotor and before direction +2.54 pm
testing with coated rotor +2.54 um =&
Shafi Coating Thickness: 0-35 pm 35-43 ym

6. Nominal Radial 44 4 1.27 pm 45+1.27 um
[Diametral] Clearance [B8 pm)| [90 pm]
measured with Bore Gauge

before transient testing
with coated rotor

7. Nondimensional Preload 0.514 £ 0.032 0.461 £0.032
measured with Bore Gauge

before transient testing

with coated rotor -

8. Nominal Radial 46 4 1.27 pm 44 £ 1.27 pm
[Diametral] Clearance [92 pm] [88 pm]
measured with Bore gauge

after transient testing with

coated rotor

9. Nondimensional Preload 0,494 £ 0.032 0.514 % 0.032
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APPENDIX B: THREE LOBE BEARING PRELOAD
CALCULATIONS

Equation [B1] describes the minimum clearance and Equation [B2] describes
the maximum clearance, where the nominal clearance (C) and preload () are unknown

and the minimum (at /) and maximum clearances (at &,) are measured.

r:n'ﬂlﬁ _{-'_r IBI]
Coar =C=rcos(fp-8)
0=@<126° [B2]
ﬂ'p =4l

Equation [B3] and Equation [B4] determine the dimensional and nondimensional
preloads, respectively.

o
(' mi le‘l(

far=rr— 6,-0))

F=

=
C
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APPENDIX C: DESCRIPTION OF PRESSURE DAM AND HYPAD
BEARINGS

Hybrid Three-lobe Pressure Dam Bearing

Nicholas [27] presents design guidelines for pressure dam bearings to deter the
onset of oil whirl instability. Nicholas found that the bearing clearance directly
influences the stability characteristics of plain cylindrical journal bearings, where a
tighter the clearance exhibits a higher instability threshold speed. Therefore, the use of
pressure dams may be a viable method of eliminating instabilities apparent in the

performance of air-lubricated bearings.

Fig. C1 Pressure dam bearings with six feed holes

The test bearings (Fig. C1) are made of bronze and originally machined as three-
lobed cylindrical bearings with air feed holes at the apex of the lobes (identical to the
aluminum three lobe bearings). Pressure dams were designed using the guidelines [27]
for a tvpical oil-lubricated pressure dam bearing, and are summarized below.

1) The optimum range of clearance ratio is K = 3.0 to 6.0 (K = Hp / C, the ratio of

the clearance in the dam to the clearance in the land).

2) The pressure dams should extend about 75% of the arc length of a pad.
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3) The milling process for the pressure dam provides a surface finish that
promotes turbulence. No additional machining is required. The surface finish
of the pocket region is also of secondary importance since the side lands hold
the flow and pressure.

4) The step should not be made sharp since fluid inertia effects tend to decrease
load capacity.

5) Pocket axial lengths should be 65 to 70% of the total axial bearing length.

The bronze bearings were sent to Bearings Plus in Houston, Texas for machining.
Specifications for the pressure dams (original bearings™) are as follows: a dam starts at
each location of air feed hole pair and has a pocket depth of 0.127 +/- 0.005 mm
(K=1.9 for a nominal clearance of 66 um), an angular extent of 80 degrees, and an axial
length of 21.01 +/- 0.13 mm. The dam edges are rounded to the edge of the cutting
tool with no additional machiming of the pockets. Table C1 gives the dimensions of the
bearing. Fig. C2 shows a schematic view of the original bearing: An unwrapped view,
starting from vertical and in the direction of 0 is shown in Fig. C3. The specified
clearance ratio for manufacture is actually less than the optimum value suggested [27]
since gas bearings are known to require smaller clearances to provide the needed load
capacity due to the compressibility of the gas film [32]. In addition, the designers
wished to minimize the dam volume since externally pressurized gas bearings are also

prone to pneumatic instability, which develops from large volumes of trapped air [33].

* The orifice design of the pressure dam bearings was later modified.



Table C1 Pressure dam bearing geometric characteristics

Puarameter Original Bearing Modified Bearing
Length (mm) 30 30
Diameter (mm) 0.5 29.5
Nominal Clearance (jim) 66 6
Orifice Diameter (mm) 1.0 0.5
Mumber of Onfices (i} 3
Orifice Localion Al start of dam In land between dams
Dram Depth (um) 127 127
Dram Angular Extent (degrees) 80 20
Dam Axial Length (mm) 21.0 21.01
K (clearance ratio) 1.9 1.9
Relief groove width (mim) - 0.5
Reliefl groove depth (mm) 127
Diirection of
Static Load

Feed Orifice

Fig. C2 Schematic view of the original pressure dam hearing
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Fig. C3 Unwrapped schematie view of the ariginal pressure dam bearing

The location, number, and diameter of the orifices were modified after initial
testing showed the onset of pneumatic hammer”. The feedholes located at the
beginning of the pressure dams were filled with JB Weld and a new, single orifice with
diameter of 0.5 mm was machined in each land halfway between the adjacent pressure
dams.  Axial relief grooves at the leading edge of the pressure dams were also
manually etched using a rifler file to prevent the trapped volume of air within the
pressure dam from developing the flow-versus-pressure time lag associated with

prneurnatic hammer.

* 'The results with the rotor supported on pressure dam hearings are thus referred to as the origina/

pressure dam bearings (having a total of six feed orifices feeding into the machined dams) and the
modified pressure dam bearings (having a total of three feed orifices feeding into the Tands between the

machined dams)
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Final specifications for the pressure dams are as follows: a dam starts at each
location of air feed hole and has a clearance ratio £=1.75 with a pocket depth of 0.127
mm +/- (L0035 mm (0.005 +/- 0.0002 inch), an angular extent of 80 degrecs, and an
axial length 15 21.01 mm +/- .13 mm (0.827 +/~ 0.005 inch). The dam edges are
rounded to the edge of the cutting tool and no additional machining of the pockets
surface was performed. The dimensions of modified bearing are included in Table C1.
Fig. C4 and Fig. C3 display the modified pressure dam bearing,

For experiments with the hybrid pressure dam bearings, the test bearings are in
the load between pad position such that one orifice feedhole was positioned at the
bottom vertical location (under the test rotor when at rest) and the other two feedholes

were positioned 60 degrees from the top vertical position.

Dhrection of
Static Load

b5 Feed Onfice

Fig. C4 Schematic view of modified pressure dam bearing
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Fig. C5 Unwrapped schematic view of the modified pressure dam bearing

It was discovered during the installation of the modified pressure dam bearings
that the outside ends of the test chamber actually deflected when applying supply
pressure to the bearings. The downward motion of the rotor seen in the oscilloscopes
displaying the eddy current sensor signals and the movement measured by a
displacement gage monitoring the top of the rigid mount of the eddy current sensors
and the test rig ends, indicated the deflection. Wood blocks placed between the test rig
base and ends fit the curvature of the test rig ends. Shims positioned between the test
rig base and the wood blocks minimized the displacement due to the application of the
supply pressure to less than 12.7 pm on both sides. The anti-vibration blocks were not
in place during testing with the three lobe bearings since the blocks caused increased
bearing wear with the modified pressure dam bearings.

Table C2 lists the measured clearances and nondimensional preloads at various
stages throughout experiments with the rotor supported on the original and the

modified pressure dam bearings.
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Table C2 Clearunce and preload measurements for the pressure dam bearings

Dimension

1. Diametral - Using
sensors and scope after
testing of original pressure
 dam bearing®

2. Diametral - Using
sensors and scope before
testing of modified

pressure dam bearing**

Left Bearing Right Bearing
152 pm in horizontal 147 um in horizontal
direction direction
132 pm in vertical 0.10 wm in vertical
direction direction
152-203 pm 152-2003 pm

in both directions

in both directions

3. Diametral - Using
sensors and scope before
testing of modified
pressure dam bearing with
anti-deflection blocks
installed

127 pm in horizontal
direction
64 pm in vertical direction

127 pum in horizontal
direction
76 wm in vertical direction

4. Diametral - Using

178 um in horizontal

152 pm in horizontal

measured with Bore Gauge
| after both sets of testing

sensors and scope affer direction direciion
testing of modified 178 pm in vertical 127 pm in vertical
pressure dam bearing with direction direction
anti-deflection blocks

| installed |8
5. Nominal Clearance 169 pm 154 ym
measured with Bore Gauge
(+/- 1.27E-3 mm) after
both sets of testing
6. Nondimensional Preload 0.476 0.467

*Shaft placed in both bearings (measured with both bearings installed)

**Shaft placed in one bearing (measured with only one bearing installed)

HyPad® Tilting Pad Hybrid Bearing

DynaTech Enginecering. Inc. designed and manufactured the HyPad® tilting

pad hybrid test bearings, shown in Fig. C6. The prototype bearing consists of three

Graphalloy pads (L= 25.4 mm, R'=14.351 mm, arc length ~ 65 degrees, preload 0.6)

with socket-pivot supports that allow for a variable clearance. External pressurization

is fed through the socket-pivot support by way of a feeding tube to the back of the pad,
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and then through orifice feed holes to the bearing film. A piezoelectric load cell is

installed at the top alignment bolt for each bearing ™"

Fig. Ct HyPad @ tilting pad bearing

The pads of the HyPad bearing contain a single feed orifice at their middle
plane (0.8 mm in diameter) and a steel tube (2.41 mm in diameter) connecting the pads
to the pressurized chamber, The HyPad® bearings were installed such that the rotor 1s
supported at the center of the bearing pad (LOP). It should be noted that while the
rigid tubes tend to ‘stick’ to the tilting pads, the tubes are not secured within the
pivoting pads. Care was taken to not disrupt this connection or to push the tubes back
into the pivot supports upon installation within the test chamber and of the shaft.

A clearance setting tool, consisting of a finished bronze cylinder with diameter
of 28.52 mm (/- 0.005 mm), is placed within the tilting pads. Incrementally
tightening the pads within the bearing housing effectively sets the clearance of the
bearing. Subtracting the diameter of the shaft, 28.48 mm (/- 0.005 mm), indicates a
radial clearance of 0.02 mm (0.079 mils) with an uncertainty of 17.7%. With the pads
tight, the clearance setting tool can be rotated within the pads by hand (although

considerable effort is required) and is then carefully removed from the pads.

% The larger size of the bearing housing prevented installation of three load cell transducers.
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APPENDIX D: MEASURED MASS FLOW RATES FOR ROTOR
SUPPORTED ON THREE LOBE BEARINGS

Fig. D1 (with the rotor in place) and Fig. D2 (without the rotor in place) give
the recorded mass flow rate at zero tpm for the rotor supported on the three lobe
bearings, respectivelv. The measured mass flow rate is the total mass flow rate (sum of
mass flow rate through all orifices). Note that the measurable flow range of the flow
meters (0-100 stL/min for the left bearing and 0-30 stL/min for the right bearing) limits
the number of data points in some cases. The flowmeter saturation levels (for the total
mass {low rate) are given in Table D1. The uncertainty of the meters is 1.5% of full
scale and (0.16E-6 ke/s for the 0-100 stL/min meter and +/-8.1E-6 kg/s for the 0-50

stL/min meter),

1.6E-03 = —

#— LcH Beanng

1 4E-03
—B— Fight Beanng

LEE-03

i 0E-03

3.0E-14

Mass Fiow Bate (kafs)

£0E-04

A OE-04 5

20E-04

QOB+ = T C T 1
000 0.20 40 .60 080 1.0 120

Fig. D1 Measured mass flow rate for three lobe bearing with rotor in place
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Fig, D2 Measure mass flow rate for three lobe bearing without rotor in place

Table DI Saturation levels of mass lowmeters for three lobe bearings

Bearing Type

Saturation Level at Left

Saturation Level at Right

(kgis) (kgis)
Three lobe, with rotor (.0024 0.0011
in place
Three lobe, without Meter does not saturate 0.0011

rotor in place

Making the empirical adjustment to determine the actual source supply pressure

accounting for the flow resistance through the feed orifice for analysis of the gas

bearing film consists of the follow steps (Table D2 gives several examples):

1. Choose desired test supply pressure.

2. Determine the mass flow rate for this supply pressure using the curve fitting

the mass flow rate measurements in Fig. D1,
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3, Take this mass flow rate to Fig. D2 and find the corresponding pressure

ratio, 1.. adjusted supply pressure at the entrance to the feed orifice.

Table D2 Empirical adjustment to source supply pressure for analysis of gas bearing film

Desired Test

Supply Pressure

P with motor

installed

Mass Flow

Rate with

F without

rotor installed

Adjusted Feed
Orifice Supply

(MPa) (curve fit from | Rotor Installed | (curve fit from Pressure
Fig. D1) (ka/s) Fig. D2) (MPa)
0.136 (.75 -6.24E-4 0.97 0.132
0.170 0.60 -2.98E-4 1.01 0.172
(0.239 (142 431E-5 1.00 0.239
0.308 033 2.80E-4 0.97 0.300
0.377 0.27 478E4 | 094 | 0353
0.446 0.23 H.48E-4 0.90 (.402
0.515 0.20 8.04E-4 0.86 0.445
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APPENDIX E: CRITICAL SPEED RESPONSE INVERSION OF
ROTOR SUPPORTED ON THREE LOBE BEARINGS

The remnant imbalance rotor response at the left vertical sensor with pressure
ratios equal to 5,08 and 3.72, and the responses to calibrated imbalance masses at the
lefl horizontal sensor are not included in Table 6 showing the damping ratios. For
these test conditions, an inversion of the rotor response occurs at the critical speed,
therefore making the determination of the damping ratio exceedingly difficult. As an
example of this behavior, Fig. E1 displays the remnant imbalance response at the left
vertical sensor for three supply pressure ratios where the response with pressure ratio

equal to 2.36 does not show the critical speed response inversion.

0.14 —
o1 —+— Pratio = 5.08
—— Pratio =3.72
=010 -  Pmge=235
&
E
= 0031 —_— -
-]
2
wd
R —
s
M
A
£
&
002
0,00 ¥ — T
EILLLI] 000 20000 BDT]'}

4.0 =
Dperating Speed (mrm)

Fig. E1 Coastdown response at the left horizental eddy current sensor o remnant

imbalance of rotor supported on three lobe bearings

This behavior (an inversion of the response peak at the critical speed) may be
explained by several possible reasons. If the response does not indicate a constant

vector at low speeds (where the slow roll vector is normally identified) the slow roll
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vector can not be correctly identified and should not be subtracted from the rest of the
vector samples. If incorrectly identified, the slow roll vector greatly affects the overall
response when subtracted from the rest of the vector samples. The rotor model and
predicted damped eigenanalysis (as explained in the “Predicted System Performance”
section) mdicate that the ceylindrical and conical modes are excited at nearly the same
speeds. The synchronous response could be a combination of the two modes, thereby

gxhibiting an inversion at the critical speed.
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APPENDIX F: BANDWIDTH AND Q FACTOR DAMPING
RATIOS FOR ROTOR SUPPORTED ON THREE TYPES OF
BEARINGS

The amplitudes of displacement and identified speeds used in the calculation of
damping ratios for the rotor supported on three lobe bearings are given in Table F1.

Amplitudes, and therefore damping ratios, from the response of the rotor
supported on pressure dam bearings are not included, or calculated, since the response
peaks at the critical speeds are too broad for the bandwidth or Q factor methods. This
is an indication that the pressure dam bearings offer higher damping ratios than either

the three lobe bearings or the HyPad® tilting pad bearings.
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Table F1I Amplitudes of displacements and identified speeds for damping ratio

calenlations using the bandwidth and Q factor methods with rotor supported on three

lobe bearings

Sensor | Imbalance | Supply Maximum 0.707 iimes Nuatural N; 1 Ny
Condition | Pressure | Displacement | Maximum | Freguency, | (rom) | (rpm)
Ratio (mmg.p) Displacement N,
(mmp ) (rpm)

5.08 0.090 0.064 | 23500 |21,340]25.790
Remnant | 3.72 0.085 0.060 20,900 | 19,100 | 23,000

RV 236 0.062 0.044 15700 | 13.950 | 17,900
Ul 5.08 0.116 0.082 22,790 | 21.240 | 24,740
02 5.08 0.068 0.048 22,240 | 20940 | 23,440

I 5.08 0.062 0.044 24950 | 22,550 | 26,200
Remnant 3.72 (.064 0.045 20,400 19,350 | 23,340

RH 2.36 0.087 0.062 15350 | 14,375 | 17,090
Ul 5.08 0.077 0.035 22,540 | 21,390 | 25,040

U2 5.08 0.033 0.024 22,390 | 20,740 | 23,390

5.08 0.042 ©0.030 25,490 | 23390 | 27,290
Remnant | 3.72 0.041 0.029 21,500 | 20,400 | 23,500

LV 2.36 0.030 0.021 16,340 | 15,590 | 19,550
T | Som = | e AT Er st

U2 5.08 - E - - -

5.08 : - - - -

Remsmt | 372 | - | = = = =

LH 2.36 0.047 0.033 16,100 | 15,325 17,790
Ul 5.08 0.081 0.057 22490 | 20,140 | 26,925

U2 5.08 0.069 0.048 22,050 | 19,200 | 28,300
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The amplitudes of displacement and identified speeds used in the calculation of

damping ratios for the rotor supported on HyPad® tilting pad bearings are given in

Table F2.

Table F2 Amplitudes of displacements and identified speeds (at the right vertical eddy

current sensor) for damping ratie caleulations using the bandwidth and © factor methods

with rotor supported on HyPad® tilting pad bearings for three clearances

Radial Supply Maximum (L.707 times Natural | N, N>
Clearance | Pressure | Displacement | Maximum | Frequency, | (rpm) | (rpm)
Condition | Ratio (mmg.) Displacement N,

(Mitip.p) (rpm)
5.08 0.023 0.016 13,500 | 13,000 | 14.250

0.10mm [ 372 0.025 0.018 12,000 | 11,000 | 12,500

3.04 0.022 0.016 999() 9490 | 10.490
5.08 0.035 0.024 20,680 | 19,460 | 24,150
0.05mm | 3.72 0.030 0.021 17,470 | 16,750 | 21.060
2.36 0,015 0.011 17,9020 | 16,770 | 19,710
5.08 0.042 0.030 17.270 | 16,400 | 18.240
0.02mm | 440 0.048 0.034 16,790 | 16,070 | 17,740
172 0.042 0.030 15,170 | 14,860 | 16,260
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APPENDIX G: THRESHOLD AND WHIRL FREQUENCIES FOR
ROTOR SUPPORTED ON THREE LOBE BEARINGS

The threshold and whirl frequencies reported in Fig. 20 and Fig. 21 are detailed
in Table G1.

Table G1 Measured threshold frequencies, whirl frequencies, and whirl frequency ratios

on run up of rotor supported on three lobe bearings (remnant imbalance)

Supply | Threshold Whirl Natural Whirl
Fressure Ratio | Frequency (Hz) | Frequency (Hz) | Frequency Frequency
(Hz) Ratio (WFR)

1.82 300 148 = 0.49
2.02 564 232 . 0.41
2.36 620 228 261 0.40
2.36 567 236 E 0.38
2.70 656 268 - 0.41
3.04 752 292 = 0.39
3.18 849 290 : 0.34
3.38 812 308 ' = 0.38
3.72 916 324 348 0.35
3.99 1072 330 ; T2
4.40 1080 350 - 0.32
4.40 1173 340 : 0.29
5.08 1420 360 392 0.25
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APPENDIX H: BEARING COEFFICIENTS AND ROTOR MODEL

PROPERTIES

Table H1 lists the predicted direct and cross-coupled bearing force coefficients

at pressure ratio 5.08 for three operating speeds. These cocfficients are analytically

linked to the rotor model described in Table HZ. Rotor model material properties are

given in Table H3.

Table H1 Bearing force coefficients caleulated with finite clement model. Supply pressure

ratios are adjusted in the model to aceount for flow resistance through the orifices.

Pressure Ralio 5.08 al Rotor Speed 20000 rpm

Freq Ralio] Koo (N/m}H Ky (Nim) | Byx (Nfm) | Kyy (Wim) | Cxx (Nsfm) | Gxy [Nafm) | Cyx (Ns/m) | Cyy [Nsim)
0.20 1.72E+06 | B.O7E+04 | -1.03E+05| 1.BOE+DE Q4.4 7.1 7.8 89.0
0.35 1.72E+06 | 8.95E+04 | -1.02E+05| 1.81E+DB 88.5 -6.4 6.7 831
0.40 1.72E+06 | 8.94E+04 [-1.02E+05] 1.B1E+DG BG.7 -6.4 6.8 B3.2
0.50 1 72E+06 | 8.92E+04 | -1.02E+05| 1.81E+06 BOG 6.4 6.8 B3A
0.80 1.73E+06 | B.BTE+Q4 [-1.01E+05] 1.B1E+06 91.1 -6.5 7.0 84.1
1.00 1.73E+06 | 8.81E+04 | -1.01E+05| 1.62E+06 91.9 -6.6 72 85.7
1.50 1.75E+06 | 8.59E+04 | -2.82E+04| 1.B4E+06 82.2 -6.7 7.4 BE.6
2.00 1.7BE+06 | 8.30E+04 [-9.50E+04| 1.BEE+0H 91.4 -5.6 T3 85.0
5.00 1. 79E+06 | 5.409E+04 | -6 46E+04| 1.83E+06 85:8 -5.7 6.4 a1.5
10.0 2.0BE+06 | 5.45E+04 |-6.36E+04 | 2.12E+06 80.9 -5.2 5.8 76,7
100 4 21E+06 | -2, 73E+03| 7.60E+02 | 4. 19E+0H 2.0 0.0 0.0 20

Pressure Ratio 5.08 at Rolor Speed 40000 mpm

Fraq Ratiof Kxx (Nim) | Ky (Mim) | By (WN/m) | Ky (NIm) | Cxx (Msfm) | Cxy (Msfm) | Cyx (Nsfm) | Cyy (Ms/m)
.20 1.74E406 | 1.7BE+05 | -2.03E+05| 1.82E+06 L o -14.0 154 gr.6
.35 1.74E+06 | 1.77E+05 | -2.02E+05] 1.B2E+06 88.9 -12.8 13.7 83.5
.40 1.74E+06 | 1.77E+05 | -2.01E+05| 1.83IE+08 89.3 2.7 14.0 g2.5
0.50 1.75E+06 | 1.76E+05 |-2.00E+05( 1.83E+DS 90,4 -13.0 14.3 B4.4
(.80 1.77E+06 | 1.70E+05 | -1.04E+05| 1.B5E+08 S0.6 -13.2 14.5 85.3
1.00 1.79E+06 | 1.65E+05 {-1.88E+05] 1.87E+08 89.9 -13: 144 B4.8
1.50 1.87E+06 | 1.50E+05 | -1.T2E+05| 1.94E+08 87.4 -12.4 13.6 B2.6
2.00 1.96E+06 | 1.31E+05 | -1.51E+05 | 2.02E+06 B39 -11.4 12,5 79.5
5.00 267E+06 | 2. 21E+04 -3.06E+04 | 2.70E+DE 56,6 -5.0 5.5 540
10.0 FABE+06 | -2.39E+04 | 1.97E+04 | 3. 48E+D6 267 -1.4 1.2 25.8
100 4. 30E+06 | -3.53E+03 [ -5.73E+02| 4, 29E+06 0.6 0.0 0.0 0.6

Pressure Ratio 5.08 al Rolor Speed 100000 rpm

Freq Ratio] Kxx (MN/m) | Kxy (Nim) | Kyx (Nim) | Kyy (NIm} | Cx (Nsfm) | Cry (Nsfm) | Cyx (Nslm) | Cyy {MNs/m)

— 20 1.B5E+06 | 4.25E+05 | -4.7BE+05] 1.891E+06 £1.8 -32.3 35.0 TB.7
0.35 1.88E+06 | 4.089E+05 | 4.61E+05| 1.93E+06 BO.7 -30.9 33.4 774
0.40 1.B5E+06 | 4.02E+05 | -4 . 53E+058| 1.94E+06 B0.3 -30:.6 331 7.0
0.50 1.891E+06 | 3.86E+05 | -4.36E+05] 1.97E+06 789.5 -30.0 32.4 6.4
0.80 | 2.02E+06 | 3.24E+05 | -3.69E+05| 2.07E+06 761 =271 29.3 73.2
1.00 | 2.11E+0E | 2.7BE+05 | -3.16E+05| 2.16E+0G 731 -24.6 267 70.3
1.80 2.3BE+06 | 1.53E+05 | -1.84E+05| 2. 42E+06 64.1 -18.3 18.8 618
2.00 2.6BE+06 | 5.94E+04 | -8.28E+04 | 2.69E+08 54.4 -12.6 i3.B 52.5
5.00 3.65E+06 |-5.54E+04 | 4.58E+04 | 3.64E+06 19.2 -1.4 1.6 8.7
10.0 4.03E+06 | -2.83E+04| 1.83E+04 | 4.02E+0G 83 -(1.1 02 6.2
100 4 3TE+0G | -6.88E+03| -3.12E+03 | 4.36E+06 0.1 0.0 0.0 0.1




1449

Table H2 Rotor Model Physical Properties

Hotor Model:  Multiple Shafts, Elements, Sub-Elernents and Layers.
Shaft |(Element| Sub- Layer | Length Left gt Material
Elemeant On 1L} on [1E}

# # # # {m} {mj} (1) {mj {m} #
1 1 | 1 oooen | oms 0.000 0ms 0.000 1
1 1 1 2 00080 | 00239 | 0015 | 0029 | 0015 2
1 2 1 1 om0 | oos 0,000 0.015 0.000 1
1 2 1 2 ooz | ome 0015 omg 0.015 2
1 3 1 1 ooig1 | oois 0,000 0.015 0000 i
1 3 1 7 00141 0.029 i 0.029 0015 2
1 4 [ 1 00141 oms 0,000 0015 o.o0 1
i 4 1 2 0,014 0.023 0015 o028 o015 z

== "k 5 1 1 00141 oos 0.000 0.o1s 0.000 1|
i 5 1 2 00141 | o028 | o015 | o029 | oois 2
1 fi 1 1 0.0141 oms 0.000 oos 0000 1
1 B 1 2 00141 0.02g oO1s 0oz 0015 2
1 T 1 1 00008 | oms 0.000 oo1s 0000 1
1 g 1 1 00030 | oois 0,000 0.015 0.000 1
1 g 1 2 e 0.016 0.02d 0016 3
1 g 1 1 00090 | oS 0.000 0015 0.000 1
1 g 1 9 Dooeg | oozo 0015 0029 oS 4
1 10 1 1 oooed | ooms 0.000 .S 0.000 i
1 10 1 2 00090 | 0029 | 0015 0.029 ooms 4
1 i1 1 1 00090 | oS 0.000 0015 0.000 1
1 11 1 2 Doog9n | 0028 0.016 0029 2016 3
1 12 1 1 00005 | 0015 0000 | 0015 | 0.000 1

= T 13 1 1 00141 oS 0.000 0015 0.000 1
1 13 1 2 0.0141 0029 0015 0029 0015 2
1 14 1 1 0.0141 0.015 0.000 0os 0.000 1
i 14 1 2 0.0141 0029 0015 0029 0015 2
3 15 1 1 0.0141 0.015 | 0.000 oms | oooo | 1
1 15 1 2 0014 0029 o015 0029 oo1s 2
1 16 1 i 00141 oos 0.000 0015 0.000 1
1 16 1 2 0.0141 0029 ool 0029 ools 2
1 17 1 1 0mM20 | oms 0.000 o015 0.000 1
i 17 1 2 020 | ooy 0015 [EE] 0015 F
1 18 1 1 ooosd | oms 0.000 0015 0.000 =
1 18 1 2 pooas | ooz 005 o029 0015 3

Table H3 Rotor Model Material Properties

Material Properties

0 ity Elastic Shear
Material | Fodulus |Modulus
£ E G
B (ka/m™) | (Him) (Him?)
1 7833 | 206.8+9 | B27E+9
2 7833 f2 1E+3 | 24 8E+9
3 J200 10.3E+3 | 40E+9
4 3200 F1.0E+3 | 12.4F+9
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APPENDIX I: TRANSIENT RESPONSE OF COATED ROTOR
SUPPORTED ON THREE LOBE BEARINGS

Fig. 12 shows the transient displacement and transmitted load response of the
coated rotor supported on three lobe bearings. Note that the rotor lift off occurs sooner

(in time) than with the uncoeated rotor.
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Fig. 11 Transient displacement and load response of coated rotor supported on three lobe

bearings at pressure ratio equal to 5.08



Fig. 12 displays the corresponding waterfall contour plot, indicating the
rotor/bearing natural frequency at lifi-off. Assuming the same amplitude threshold
(assigning bright green colors to high levels of displacement amplitude), vibration

levels are consistently lower with the coated rotor than with the uncoated rotor.
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Fig. 12 Contour plot of transient waterfall displacement response for coated rotor
supparted on three lobe hearing at pressure ratio equal to 3.72. Spectral lines are given

for sample 20 (1.5 seconds) and 60 (.04 seconds). At sample 60: 1X = 172 Hz (10,320 rpm).



